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A. Hydrauiic Fundamenials

A. HYDRAULIC FUNDAMENTALS

A.1. Hydraulic principles of centrifugal pumps

Centrifugal pumps are hydrodynamic machines, in which a rotating impelier conti-
nually transmits mechanical work from the driving machine to the fiuid. The energy
process takes place in two successive stages. In the first stage, the rotational
motion of the impeller causes the growth of the kinetic energy of the fluid. In the
second stage, where the fluid passes through several channels of different cross-
section, the kinetic energy is converted into potential pressure energy. The flow
through the impeller is usually represented by velocity triangles (vector diagrams).
Fig.A.1. shows the flow through the impefier of a radial pumg, and Fig.A.2. the flow

through an axiat impelier.
rofation
T
, - i A aciuas (absolute)
reiative path of ! path of the fiuid
the fluid through
the flow channel

G e
- MT&E Uy Cnz [52
Coz .
entrance velocily triangte exit velocity triangle

Fig.A.1 Velocity diagrams for radial-flow impellers
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Fig.A.2 Velocity diagrams for axial- flow impellers

Th‘e hasic ec_;uatéon Wh}ch describes the relationship between the flow of an ideal
fluid (assuming no friction, and an incompressible fluid) and the external energy is

EuEer'g turbing equation. It can be written as Euler's momentum equation in the
following way.

Mﬁmﬂ = p ’ Qin;p ’ (Cuz ’ FZ - Cl.rl ‘?'])

tn the case of a pump, Minp is the blade torque transferred from the impelier to the

.ﬂuid‘ It the shaft rotates with an angular speed w, the increase of energy in the
impeller is:

1)””‘? = Mimp = p ’ Qimp ’ (%z ' I“:2 - Cz«l .ui)

Power t{gnsferred 1o the fluid by the impeller per unit mass flow is defined as use-
ful specific work done by the impeller:

irip

Y =
gy
P Q,‘mp

= Oy Tl

A. Hydraulic Fundamentals

Another way of expressing Euler’s equation is from the velocities:

1 . , i
Kmp = 5((6‘22 - Clz) + (”‘22 - “lh) + (W!_ Wy ))

where the first and the second parts represent the increase of kinetic energy, while
the third part represents the increase of pressure energy. Affer some trigonome-
fric work Euler's equation becomes:

Yfmp

= (“‘2 Oy T Hy Cul)

The energy transferred to the fluid by the pump impetler Yie can be divided into
useful pump specific work Y and hydraulic losses Yiss:
Yo =Y +Y,

imp ss

The hydraulic iosses are expressed as pump hydraulic efficiency by the ratio:
Y Y

"y Ve,

imp tosy
Hydrautic efficiency includes hydraulic losses in all pump elementis between the
suction and discharge flanges (intake, impeller, diffuser, outiet).

A2, Specific speed

Pump specific speed ng is a numeric value, which defines roughly the pump geo-
metry and the shape of the pump characteristics. It includes the pump flow rate,
head and rotational speed at the best efficiency point. it is not a dimensioniess
number and depends strongly on used units, There are many different definitions
of specific speed. The two most frequently used expressions are given here.

In Europe the most frequently used expression for pump specific speed is:

nq=:n‘V@% Q (m3/s), H (m), n {rpm)

}10.?5

In the USA the most frequently used expression is:

O
ns = n}{gﬁQ p Q (me)s H(f), n (rpm)
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The relationship betweesn both is:

e = _Lw * gy
1% 51 6s

I the case of a double suction impeller, a haif flow rate has fo be used in the for-
mula. H is the total head for one stage in the case of multi-stage pumps.

ng = 40

reg = 70 ng = 150

ng =25
Fig. A.3 Typical shapes of different specific speed pump impellers

The value is the same for geometrically similar types of pumps regardiess of the
pump’s size and speed. Considering the impeller meridional cross-section, the
ratio of the cutlet width to the outer diameter increases with nq. As the nq increa-
ses, the direction of the flow passing the impeller changes from a radial flow, where
the fluid is discharged radiaily to the pump axis, through a mixed-flow (semi-axial,
diagonal}, to an axial direction. Fig.A.3. shows the relationship between the impel-
ler geometry in meridional cross-section and the specific speed. The ranges are
approximate and cannot be strictly applied. Al some specific speeds two types of
pnmp can be designed. For example, at ng=80, radial or mixed-fiow pumps can be
designed, and at ng=180 mixed-flow or axia type pumps can be designed.

A.3. Total head of the pump (specific energy)

Tt‘we pump spegific energy is the useful total energy in the mass unit, which is sup-
piied to the fluid by the pump. It is measured between the discharge and suction
flanges. Usually the specific energy is expressed as the pump total head:

w=r
8

The pump total head is independent of the density i.e. of the kind of fluid pumped.
Theoretncg!iy a pump has the same total head, whether it pumps water, air or mer-
cury. But it does not have the same pressure rise, which does depend on density:

Ap=p-g-H

Pressure rise Dp is measured with manometers. In addition 10 the pressure diffe-
rences, alt powers and thrusts are also proportional 1o the density.

4
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- iz
z
- y z=0

e et o P m.m,.{m - ?
Ps @ﬁ o ’ -Z

Fig.A.4 Total head of a pump

The total head consists of a static head (p/p-g). a geodetic head {z}, and a dyna-
mic head {c#/2.q), The total head of the pump is the difference between the total
heads at the discharge and at the suction flanges and is expressed by the
Bernoully equation (Fig.A.4.):

H= Hd — HS - (_BE[__ + Z, + {Z!Lw} — (m‘?‘m + z, + AES) . _‘I::‘L'W"J»)' + .'?;f - :‘) + (Efm_(L
P lg pg 2g pg 2g

The first part of the equation represents the difference of the potential pressure
energies between the discharge and suction flanges, the second part is the diffe-
rence of the gecdetic potential energies between the two flanges and the third part
is the difference of the kinetic energies.

Usually the head is represented by the dimensionless head coefficient y. I is the
ratio between the head per stage H and the head due to the circumierential velo-
city Hua:

H 2-¢H

Fig.A.5. shows the range of the head coefficient y for the best efficiency point as
a function of specific speed. The curve decreases with ng due o the fact that with
the increase of ng the centrifugal part of the total head decreases (see Eulers
equation for velocities in section A.1.) and is zero in axial pumps. If the head cosl-
ficient fles near the upper lmit curve, the pump head characteristic is probably
unstable in the case of low specific speed pumps. For getling stable characteri-
stics, the head coefficient must lie near or even below the lower limit curve.

T



A, Hydraufic Fundamentals

1.4
1.2

iy,

0.8+ Yopt . %h% ,,,,,, A

0.6 : ?2
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O SR I 1 — .I
10 100 1060
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Fig.A.5 F’um;; head coefficient y for best efficiency point versus pump specific
spee

A.4. Power required by the pump

The effective energy given 1o the fluid by a pump in a unit of time is called fluld
power Pu {also pumping power, useful hydraulic power).

F=pY Q=pgHQ

The power required by the pump (purmp shaft power) P is higher, because in addi-
tion to the #Huid power it also covers all the losses in the pump. The ratio between
* fluid power and pump shaft power is pumgp efficiency (pump total efficiency):
p=p 8t Q
P
A.5. Losses in the pump

l.osses can be divided into external and internal losses.

External losses are mechanical losses Pm, which are generated by friction in

inearri‘ngs and shaft seals. They cause no direct-warming up of the pumped fluid.
echa

nical losses depend on mechanical efficiency.

- T

nlﬂ . P

A. Hydraulic Fundamentals

Internal losses have many sources. They cause the warming-up of the pumped
fluid.

Volumeiric losses Qv are the result of all leakage flows in the pump.  In addition
to the useful flow Q, the impeller pumps leakage Hows:

Oip =2+ 0,

Volumetric losses are:

+ Volumetric losses through the sealing ring at the impelier inlel - Qu

+ Yolumetric josses through the axial balancing device, if there is one (piston, disc,
impefler holes) - Qs

« in extreme cases, additional volumelric losses for auxiliary purposes such as
feeding hydrostatic bearings, cooling pump elements, flushing, quenching the
seal etc, - Qa

Volumetric losses can be expressed as volumetric efficiency:

n — Q — Mgmm.’ Q‘- o Q.s‘r + th + Q«
" Q. Q+0,

The power required to overcome all the volumeiric losses is:

RJ = ngrh .(er wimed +Qa)

in multi-stage pumps there are additional volumatric losses through the sealing
rings between the stages - Pzs. These volumelric losses do not go through the
impeller.

Hydraulic losses are the result of friction and flow irregularities in alf parts of the
pump flow duct, from the suction to the discharge flanges. They are expressed as
hydraulic efficiency: :

H Y

nﬁ peg— T e

H, Y

ini

Huw is the theoretical purnp head without hydraulic losses.,

The power required to overcome the hydraulic losses is:

Fo=p-g H-Q-(/n, -1
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Friction losses rise with the square of the flow rate. The losses caused by incor-

rect inflow (shock tosses) are zero at the best efficiency point, and rise to the left
and right of it.

Bisc trig’tigg ,,,,, losses Pa are also part of the hydraulic losses, and are induced by
the rotational movement of the impeller outer walls in the fluid against the casing
waills.

Similar frictional losses are generated by the rotation of the surfaces of the axial
thrust balancing devices - pistons and discs, Poa,

At part load, flow recirculation occurs and tecirculation losses Puec are genera-
ted (see section C.4.). If the impeller inlet Is designed correctly, the recirculation
losses are zero at the best efficiency point. At shut-off and at part load the recir-
culation losses are the biggest consumer of shaft power.

Pu
P Pi=pP.py

N Pogr
P
. PZs

P%’E{:

Fig.A.6 Centrifugal pump power balance

in pump operation a certain tevel of poise is induced depending on the circumfe-
rential speed, power input, pump type and fluid, and which aiso represents power
losses Pr. They are very small compared to others and can be ignored. However,
they are disturbing for the environment {see section G).

All the losses are presented graphically as the power batance in Fig.A8.

8
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The magnitudss of the different losses vary as a function of the flow rate. A typical
distribution of the latter in a radial pump is given in FIg.A7. It can be seen that
hydraulic and volumetric losses reduce the pump head curve, while other losses
affect directly only the pump power. Some losses (mechanical, disc friction, friction
losses in balancing devices, volumetric losses between two stages) are practically
independent of the flow rate. Recirculation losses appear only at part load.

recirculation
range

<

} friction | hydraulic
fosses
} shock

:
! O
5

Hioss : shock & friction
friction

Fig.A.7 Effects of losses on pump characteristics
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The magnitude of the different losses depends on the pump specific speed and
the pump type. For the best efficiency point, the influence of the various main os-
ses on the pump efficiency of radial volute pumps is shiown schematically in
Fig.AB.:

!OO‘E | mechanical losses
T
olumetric losses
g5 e et
disc friction //——-—‘"""“
90 losses
hydraulic losses in
impeflgr
85 | n
useful
anergy
10 30 50 70 90
ng

Fig.A.8 Approximate structure of losses in single-stage radial volute pump
versus specific speed

Sometimes, especially in model tests, the expression “internal efficiency” is used.
This is the ratio between fluid power and pump shaft power, reduced for mecha-
nicat losses.

p-gH-Q

TR

10
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A.6. Pump efficiency

Many efficiency charts have been piotted on the basis of the statistics of published
test results for actual centrifugal pumps of "good” designs. Some of them are very
general and involve all types of pumps with specific speeds ng from 10 to 300
Others are more or less specialised. The diagram in Fig.A.9. shows an efliciency
chart for radial pumps with specific speeds ng between appr. 5 and 60.

1 PR — S e - I ; . e e
T probable fimit 1 i ‘
0.9+ of economical - P s A —
applica}ion// 230 11/
a e W s 15 i
. V [ 70w
RO

—— " 45 M
e ——— S i

T
75 Taim

0.6

0.5
0.4

0.3

02t

0.1

0 .
4] 10 20 30 40 50 60

ng
Fig.A.@ Efficiency of radial pumps as a function of specific speed and flow rate

The total pump efficiency is a function of pump geometry {specific speed) and of
flow rate (Reynolds number}. it can be seen that there is a certain specific speed
at which the maximat efficiency can be reached: for radial pumps it is between
ng=40 and 50. Left from the maximum, the pump efficiency decreases because of
the rise of the proportion of losses, such as mechanical, disc friction, volumetric
and hydraulic (friction) losses. Right from optimum the efficiency decreases
because of the increase of hydraulic losses, influenced by fiow gregularities in
relatively wide flow channels.

The total pump efficiency increases with the flow rate, which is a function of pump
size (impeller diameter) and pump speed, i.e. of Reynolds number. The proportion
of friction, hydraulic and mechanical losses decreases with the increase of the flow
rate at the same specific speed and absolute roughness. From the diagram it can
be concluded that the efficiency of a small pump at high speed can be the same
as of a large pump at low speed, if both have the same specific speed and opti-
mal fiow rate.

11
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B. OPERATION OF CENTRIFUGAL PUMPS

B.1. Characteristics

B.1.1, Centrifugal pump characteristics

Characteristic curves showing on the vertical axis the pump total head H, power
consumption P, total pump efficiency v, cavitation parameter NPSHzx and on the
horizontal axis the flow rate Q, are called pump characteristics. These characteri-
stics indicate the behaviour of a pump under changing flow conditions and are
dependent on specific speed ng. For a comparison of characieristics, the dimen-
sionless form of diagrams is used where the value 1,0 is at the best efficiency point
(BEP). In Fig.B.1.1. the pump characteristics are shown for three different speci-
fic speeds. Curves 1 represent radial-flow pumps, curves 2 mixed-flow pumps and
curves 3 axial-flow pumps. The following differences can be noted:

Q-H chart: The slope of the pump characteristic increases with specific speed. At

higher specific speeds (axial-flow pumps) the pump characteristic becomes
unstable.

Q-P chart: In radial-flow pumps, power consumption increases with the flow rate.
Shut-oft power (at Q=0) increases with specific speed, and in pumps with ng 80-

100 the power consumption is practically independent of the flow rate. In axial-flow .

pumps the biggest power consumption is at shut-off, and decreases with the flow
rate.

Q-n chart: The region of high efficiency is wider in low specific speed pumps (in
radial-flow pumps),

Q-NPSH chart: The NPSH characteristics shown in diagram Fig B.1.1. are
NPSHsa% (at 3% head drop). More favourable characteristics from the operating
point of view are in pumps with a low specific speed, especially in the range of a
flow rate higher than the BEP.

When recalculating pump characteristics to different speeds and sizes, equations
called affinity law equations are used:

Q*/Q={(n*/n)-(D* /DY
H*[H =(n*n)-(D*/D)
P*[P=(n*/(n) -(D*/DY
NPSH* [NPSH = (n* [n)' -(D* /D)’

12
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These equations are valid when the total pump hydraulic geomelry is scaled-up in
the size ratio D*/D and geometrical similarity is fulfilled.

B
. =
D ng=20 &
2 ng= 100
@ ng=200
‘| A U,\f
0 @ @ ki
21 gf
. £
. T
e o @
bl T
1 o ™ ﬁ‘.‘& U) =
/-/ “‘,4. (2)
@
G
0 1

1
QQ g QQ 4

Fig.B.1.1 Pump characteristics in dimensionless form
B.1.2. System characteristics

The main task of the pump-motor unit is to transfer the energy to the fiuid flowing
through the pump. The total energy increase is presented as a sum of the static
and dynamic heads and is called the system characteristic:

Hsys = Hsl + den
The static head consists of the geodetic head and the static pressure difference
between the suction and delivery vessels:

Hsr = Hgm *(pd —pr)/pg

When the kinetic energies on the pump suction and delivery sides are identical,
the dyramic head consists of the pressure losses in the pipeline Hpip and the los-
ses in the control valve Hev:

2
Hy,=H,+H, =kQ

dyn
Pressure losses in the pipeline, Hpp, depend on the pipeline layout, the pipe length
and diameter, and the resistance of other elements installed in the system.

13



B, Operation of centrifugal pumps

The static part of the system characteristic is independent of fiow rate Q, and the
dynamic part of the system head increases with the square of flow rate Gi. The
resyiting curve of the static and dynamic paris is a system characteristic which
intersects the pump characteristic at the pump operating point. Three basic exam-
pies of a pumping system and Hs characteristics are shown in Figs.B.1.2. - B.1.4,

3 wj H
pump
Hgeo ~
—
-
system Hayn
Ij.vi = Hgm Hst
2
H dyn = k ’ Q .
Hy, =H, +H,, Q
Fig.B.1.2 Fluid transport betwesan fwo open reservoirs at different geodetic levels
H pump
1 4
¥
@ den
system
!f.ﬂ = Hg‘{’() = 0
d LY. , J
H, =H, =k a

Fig.B.1.3 Fluid circulation in a closed system with installed heat exchanger

system Hayn

H,=(p,-p)ip-g ‘
de” = k N Q2 Fst
H,, =H, +H,

'yn

Fig.B.1.4 Fluid transport befween two closed vessels
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B.1.3. Matching of pump and system characteristics

The pump operating point is represented as the intersection of the pump and
system characteristics. With time, some pump or system parameters can change,
and as a consequence the operating point is shifted along the pump Q-H curve. In
Fig.B.1.5. an example with a changed gecdetic head is shown. From the control-
labifity point of view the slopes of the characteristics are also important. A pump
with a flat Q-H characteristic causes a much bigger flow difference for the same
geodetic change as a pump with a steep characteristic. When the system charac-
teristic is nearly horizontal and the pump characteristic is flat great care is needed
because flow rate control is very difficult.

H

H(Q) steep

pupp
characteristics

H(Q) flat

AHst b

st

Fig.B.1.5 Operating points for flat and steep pump characteristics

Centrifugal purnp characteristics are stable when the Q-H curve rises steadily with
flow reduction. in low specific speed pumps with large impeller blade angles it can
happen that the pump total head at zero flow is not the maximal. The part of the
characteristic from Q=0 to Q (at Hmax) is called the unstable part of the pump cha-
racteristic. Another type of unstable pump characteristic can be cbserved in axial-
flow pumps thigh specific speed pumps). This type of unstable Q-H curve is cal-
led a “saddie type™ and can be seen in Fig.B.1.1. The characteristic is unstable at
part flows and becomes stable again near Q=0.

A typical unstable characteristic is shown in Fig.B.1.6. where the system characte-
ristic intersects the pump characteristic twice (operating peints Gh-1 and Ghz), It can
happen therefore that the pump flow rate fluctuates between both operating points,
which can aiso result in water hammer problems. In some extreme cases the left
operating point is 5o close to Q=0 that a danger exists of the pump overheating,
pecause the fotal energy transterred to the pump is converted into heat. Starting a
pump with an unstable pump characteristic is only possibie when Ha < Ho.

15




B. Operation of centrifugal pumps

B. Control possibilities

U{astabfq Q-H curves should be avoided when pumps are operating in systems
with a high proportion of static head and flat system curves. The same is valid

when more pumps are running in paraliel,

Hst, 1

Fig.B.1.6 Operating points for stable and unstable pump characteristics
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A - operating points without throtiling
B - operating points when applying throttiing

Fig.B.2.1 Throttling control: schemaltic system layout and characteristics

The partial closing of a throttling device installed in a detivery pipeline ¢changes the
system characteristics, and as a consequence the required reduced flow rate is
achisved. Throttling in a suction pipeline is not applicable due to excessive dete-
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B. Control possibilities

rioration of the NPSH available. Throtiling control is used in many applications,
especially in pumping systems with a lower installed powet, due to simple opera-
tion and low investment costs. When applying throtding, it is important to choose
the appropriate throttling device to avoid excessive vibration, noise and even cavi-
tation in the latter (in the case of low back-pressure in the delivery pipeline).

Two examples of a system layout and its characteristics are shown in Fig.B.2.1. In
throttling, the flow rate is reduced but, as a disadvantage of this control, energy
losses occur in the throttling device. How big the energy losses are depends on
the desired flow reduction, the siope of the Q-H curve and the ratio of the sta-
tic/dynamic heads in the system characteristic. It can be seen from the diagrams
in Fig.B.2.1. that lower losses occurs at a flat Q-H characteristic, a flat system cha-
racteristic and at a high percentage of static head in the total system head.
Logically, throtling is applied in systems where pumps with a low specific speed
are installed. The reason is because of the decrease in pump power when throti-
ling is applied.

B.2.2. By-pass control

in pumps with a high specific speed, where power consumption decreases with an
increased flow rate, by-pass control is more economical than throtiling control.
When a reduced flow rate is required in the system, one part of the flow is direc-
ted back {0 the pump suction side via a by-pass pipeline, which is installed paral-
lel with the pump. As can be observed from the diagrams in Fig.B.2.2., the opera-
ting peint on the pump characteristic is transferred from point A (without applying
by-pass) 1o the higher flow rates B {with by-pass) but the operating point on the
system characteristic is represenied by point C in this case:

Qi — flow rate in the system
Qe — flow rate in the pump
" (Qe-Qo) ~ How rate in the by-pass pipeline

The distance to the right of the best efficiency point at which a pump will still ope-
rate when using by-pass control depends on the required flow reduction and the
slope of the system characteristics (see diagrams in Fig.B.2.2.). In paricular in
systemns where the dynamic parnt of the total system head is dominant, a possible
danger of cavitation in the pump has to be taken into account.

The disadvantage of by-pass control is that it is a quite expensive and space- con-
suming installation, especially at higher flow rates.

One of the cases where by-pass control is also applied in pumps with a low spe-
cific speed, is to protect a pump with a closed delivery valve from overheating
{when the pump volums is small, and longer operation with a closed delivery valve

is expected). But in this case the by-pass pipeline leads to the suction reservoir
and not to the front of the pump.
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B. Control possibifities

B.2.3. inlet guide vane control

A controliable intet guide vane cascade can be installed in front of an impelier with
fixed blades (Fig.B.2.3.). Inlet guide vanes can have staticnary adjustment or be
movable during pump operation, in accordance with changing flow requirements.
The main function of the inlet guide vanes is to impose a peripheral velocity com-
ponent to the fluid entering the impelier. With pre-rotation {peripheral velocity com-
ponent in the same direction as impeller rotation) the pump totai head is reduced,
and with counter-rotation (peripheral velocity componert in opposite direction to
impsller rotation) the pump total head is increased (see diagram in Fig.B.2.5. and
velocity triangles in Fig.A.1. and Fig.A.2.). Control in counter-rotation is limited due
t0 an excessive impeller blade pressure loading and thus to a worsening of the
pump cavitation characteristic,

An inlet guide vane control has an optimal effect with mixed-flow and axial-flow
pumps (nq > 50}. it is applied mostly with bigger pumps and vertical wet pit instal-
iaiiqas. tn comparison with impeller blade control, a system with inlet guide vanes
15 simpier and cheaper. On the other hand the range of high efficiency and accep-
table cavitation characteristics is narrower than with impefler blade adjustment,

diffuser
N\-‘

|

[l
direction

impeiler of rotation

guide i
vanes ——gw %
LY

iniet guide
counter ‘;in? eset
fotation gea
@ >80°  pre-rotation
o < 80

FigB.2.3 Mixed flow pump with
inlet guide vanes layout — pre-rotation control
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Fig.B.2.4 Schematic pump cascade

HfHopt

}z/ limit of operaticn

tnlet guide vane set angle «

05 1 15
QIQ gpt

Fig.B.2.5 Pump characteristics with pre-rotation control

B.2.4. Impeller blade adjustment

In bigger mixed-flow and axial-flow pumps (rq 50-25(), when the flow rate requi-
rements vary within wider limits, impelter blade control is frequently applied
(Fig.B.2.8.). A pump construction is adopted which allows the pivoting of the impet-
ler blades in the pump hub at standstill or during operation. By changing the impel-
ler blade setting angle, the velocity triangies shown in the Fig.A.2. change, and as
a consequence the optimal flow rate is altered. Permanent operation is limited in
the area of higher efficiencies because at part Hlows the Q-H characteristics can
become unstable and the cavitation characteristics unfavourable (see diagram
Fig.B.1.1.). The area of high efficiency is wider than in pre-rotation control but the
mechanical operation of impeller blade control is more expensive. For a rough
estimate of the flow raie variation, the linear relationship between flow rate and
impeller blade angle setting can be applied.

Axial flow pumps with fixed impeller vanes are difficult to operate at low flows due

to unstable characteristics, but with impeller blade control this disadvantage is eli-
minated.
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B. Control possibilities

Fig.B.2.6. Axial flow pump with
impeller blade control
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Fig.B.2.8 Pump characteristics with impeller blade adjustment
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B.2.5. Speed control

With speed control, the main disadvantage of throttling control, energy losses, is
eliminated or at least reduced. Speed control can be effected by additional equip-
ment or a different drive motor. The most frequent applications are: variable speed
electric motors, variable speed gears, hydraulic couplings, internal combustion
engines, and steam or gas turbines. In smaill and middie size pumps the combi-
nation of a standard low-voltage squirrel cage motor and a frequency converter
represents an efficient and also economical solution. Although speed contrel is
accompanied by more expensive equipment and increased space requirements,
this is in most cases balanced by reduced energy consumption (see also the chap-
ter Life Cycle Cost - LCC).

The advantages of speed control are highest when the system characteristic is
composed completely of the dynamic head, and the operating point is in the region
of maximum efficiency (curve 1 in diagram Fig.B.2.9.).

Mo system
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Fig.B.2.9 Speed control: pump and system characteristics
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8. Control possibilities

The higher the static part of the system head, the lower is the energy saving.
Ancther disadvantage of a system characteristic with a high proportion of static
head (curve 2 in diagram Fig.B.2.9.) is due 1o the low slope of the system curve
at reduced flow. Flow control is difficult due 1o the flat intersection of the pump and
system characteristics. in the region of low operating speeds the possibility of flow
interruption and the danger of overheating have to be taken into account.

When varying pump speed, the pump characteristic can be calculated in accor-
dance with the following relationships:

QulQus=n 1y H [H, =(n,/n,,)
[::- /R!r's = (nx /ndﬂ )3 NPSHt /NPS}[JHJ = (nx /ndes )2

When increasing speed above the design speed, it is important to consider the
absorbed pump power and total head, because of pump elements stress limita-
tion, and the NPSH available, because of a possible danger of cavitation,

In addition 1o lowering energy consumption, speed control also has an important
advantage in the system operation behaviour. Due to soft start and stop procedu-
res the operation is gentle, water hammer problems are greatly reduced, there are

no throttling functions in the valves, and as a consequence the lifetime of all the
mechanical equipment increases.

B.2.6. Adjustment of impeller

Fig.B8.2.10 Impeller reduction variants
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Quite often pump characteristics are overestimated in the project phase of the
pumping systemn, and after putting the pumps into operation a need for a reduction
of pump characteristics appears. This can be achieved in a simple but effective
way: reduction of the impeller diameter. Different ways of doing this can be applied
(see Fig.B.2.10.):

- for spirat casing purnps: variant a.
- for diffuser pumps: variants b. and ¢,
- for double suction pumps: variant d.

The exact change in the pump charagterisiics achieved by reducing the impelier
diameter is established by testing, and is often given by pump manufacturers in
diagram form. Nevertheless, the change in pump characteristics can aiso be defi-
ned in the following way (see diagram in Fig.B.2.11.):

Ox zQ'(DzR/Dz)m
H, mH'(Dz.le/Dz)m
m=2-3

- exponent near 3: for small corrections of diameter and additional sharpening of
impelier blade outiet on pressure side
- exponent near 2: for corrections of diameter larger than 5%

When for exampie seasonal changes in pump flow rates are required, this demand
can be met by using alternately two impellers with different diameters.
Performance change is stepwise, and stopping time is needed for impelier disas-
sembly and reassembly.

H

=N A

Fig.B.2.11 Pump characteristics with impeller diameter reduction
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B. Control possibilities

B.2.7. Pumps working in series
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A - aperati‘n'g pojnts in pump characteristics: two pumps working in series
B — operating points in pump characteristics: single pump P1 in operation

Fig.88.2.12 Pumps working in series: schematic system layout and characteristics
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Pumps are installed in series when a high head variation is required or when head
requirements cannot be covered by a single pump. This type of control is simple
but stepwise. Sometimes the pumps are dispersed along a long-distance pipeline
to cover the total system losses more uniformly, and additionally the pipeline wall
thickness can be optimised (see Fig.B.2.13.). Another special application is when
a booster pump is installed in front of the main pump to increase the available
NPSH of the main pump {application: boiler feed pumps, injection pumps). Two
examples with the same pump but different system characteristics are shown in
Fig.B.2.12. An equal flow rate flows through both pumps connected in series, and
operating point A corresponds fo the best efficiency point. When a single pump is
runaing (operating point B), the operating point is shifted to the left of the best effi-
ciency point. In installations with low specific speed pumps the NPSH required and
the power consumption shift fowards lower values, which is not a problem. On the
other hand it has 1o be taken into account that the pump which is instailed as
second or third in a series has to be designed for higher system pressures (casing,
fianges, sealing systern).

one pum
H pump H
Q bgip
ol two pumps

I

Q ipip

Fig.B.2.13 Two examples of a long-distance pipeling; with one purnp, and with
two pumps in series

It can be concluded that the serial installation of pumps is mainly suitable for appii-
cations when a higher proportion of dynamic head occurs in the total system head.
Some general rules have to be taken into account: on starting, put pump P1 into
operation first, with pump P2 at a standstill.
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B.2.8. Pumps working in paralle!
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Fig.B.2.14 Pumps working in paraflel: schematic system layout arwl characteristics
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In systems where flow rate requirements vary greatly, or when the flow rate requi-
rements cannot be met by the installation of a single pump, a solution with two or
more pumps in parallet is applied. The controf method is simpie but the flow rate
variation is stepwise. A wrong assumption is that adding one pump of the same
size in parallel will double the flow rale. The flow difference belween a single pump
and two identical pumps running in paraliel depends on many factors, the most
significant being the static/dynamic head ratio in the system characteristics and
the slope of the pump Q-H characteristics. Two system exampies are shown in
Fig.B.2.14., where the pumps are chosen so as to run at the best efficiency point
in parallel operation {operating points A). In the case of single operation, the ope-
rating points B are always at higher flow rates, 1o the right of the best efficiency
point. Thus the increased NPSH value and increased power consumption have to
be considered in single pump operation.

From the diagrams shown in Fig.B.2.14. it can be concluded that parafiel pump
operation is mainly suitable for systems with a higher proportion of static head in
the total system head. The range of the total head variation shoutd be small, and
also the shut-off head of each individual pump should be approximately the same.
it not, it can happen that in parallel operation the pump with the lowes! shut-off
head will operate with a zero flow rate.
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B. Start-up and shut-down of centrifugal pumps

B.3. Start-up and shut-down of centrifugal pumps
B.3.1. Starting torque of centrifugal pumps

The first condition for the successful start-up of a centrifugal pump is that it is suf-
ficiently filled with the pumping liquid. Furthermore, an intersection must exist bet-
ween the pump and system characteristics,

The start-up of a centrifugal pump is a transitory period in which the pump and its
driver accelerate from zero speed to operating speed. The acceleration is possi-
ble only if the driving torque is higher than the pump torque at each speed
(Fig.B.3.1.). Both starting torque curves must be known. The starting torque curve
of the driving machine (Mu = f (n)) is obtained from its manufacturer,

The pump starling torque curve (Mr = f(n)} can be derived from the pump charac-
teristics:

M= 2_—7;—:;“/66 s M= f(Q)

on the basis of the affinity law:

M, Ry

Bgfqre the pump begins to turn, sufficient torque is needed 1o overcome the static
friction in bearings, seals and other sliding parts. The starting torque is between
10 and 15% of pump torgue at best efficiency point. Then it is assumed to decrea-

se finearly with speed to nearly zero when the speed reaches 15 to 20% of the
nominal.

The pump torque curve depends on its specific speed (see Fig.B.1.1.). Pumps with
a low specific speed (radiai) have rising Mp = f (Q) characteristics, while high spe-
cific speed pumps (axial) have falfing Mp = f(Q) characteristics. The pump torque
curve also depends on the starting procedure. Some starting procedures are
described in sections B.3.4 10 B.3.6.

When the driving machine is a steam, gas or water turbine, no problems at start-
up should be expected, because their torque curves are high and they accelerate
a centrifugal pump to its operating speed very quickly. if the pump is driven by an
internal combustion engine, the starter must be large enough 1o bring both engine
and pump up 10 operating speed, or else a cluich must be installed.

T}ae most commonly used driving machine is an electric motor. Depending on their
size and type, electric motors have different characteristics (Fig.B.3.1.). Electric
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motors can have a low stari-up curve, which can drop below the pump curve, In
such cases, acceleration stops and the motor absorbs a high current, and the risk
of overheating and destroying the windings is high. It is therefore pecessary to
investigate the start-up thoroughly, especially for cases where pumps have to be
started frequently.

i the distribution network conditions aflow, the electric motor cah be started
directly {Fig.B.3.1.). The starting current is then about 4,5 to 6 times the rated cur-
rent ix. Local electricity supply usually limits the direct on-line starting of asynch-
ronous motors above a certain rating, due to unaccepiable vollage drops. Different
methods are possible o reduce the starting current, such as star-della starters,
slip-ring rotor motors, or auto-transformers.

An exampie of the stari-up of an asynchronous squirrel cage motor with a star-
delta (Y-A) starter is shown in Fig.B.3.2. A star-delta starter is usually used for
smaller motors. After start-up, the motor accelerates at first along the Muy curve
and absorbs current Iv until the intersection with the pump torque curve {point A).
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Fig.B.3.1 Starting torque and current of Fig.B.3.2 Starting torque and current
pump and electric mofor of purnp and asynchronous
electric motor with star-delta
staner
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B. Start-up and shut-down of centrifugal pumps

At that moment the starter switches to the delta circuit — point B. It runs further
along the Mwms curve until the intersection with the pump torque curve at nominal
point N, It absorbs current la. In the present example the highest absorbed current
is at poini B and is about three times the nominal current, Cornpared 1o a direct
start, which is about five times the nominal current, the benefit is obvious. But

there are many cases where a star-delta starier does nof bring any benefit. Each
case must be studied separately.

A schematic presentation of the start-up of a slip-ring motor is given in Fig.B.3.3.
The starting rheostat {resistance) is switched into the electric motor rolor circuit,
via the slip rings, during the starting period, and is subsequently short-circuited in
stages. Slip-ring maotors provide a smooth start-up to full speed

An auto-transformer starter enables asynchronous motors with a squirrel cage
rotor to start smoothly at a reduced voitage.
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z
=

MM

1
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Fig.B.3.3 Starting curves for current and torque M of a slip-ring rotor motor

B.3.2. Start-up time of a centrifugal pump

Start-up time, from switching cn to the moment of reaching the nominal speed,
depends on the diference between the torque of the driving unit MM and the pump
torque Me. The difference is the torque needed for the acceleration of the load:
acceleration torque Ma (Fig.B.3.4). Acceleration torque varies with speed.

If the total mass moment of inertia J of ali unit rotating parts (pump rotor set inclu-
ding liquid, coupling, possible gears, rotor of driving machine) is known, the start-
up time can be calculated in the following way:
do
M,=J—;
dt

w .
where m(}_ is the angular acceleration of the drive shaft,
i
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instead of solving the integral, the sum of all the elements of the sequence must
be calculated.
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Fig.B.3.4 Calculation of start-up time

B.3.3. Run-out of centrifugal pump-motor system

After the motor has shut down, the driving torgue drops to zero. Usually the valve
on the discharge side is closed immediately, and the pump runs out adequately to
the total mass moment of inertia and break (run-out} torque. The same procedure
can be applied, as in section B.3.2., but instead of the accelerating torque Ma, thg
pump run-out torque must be taken into account. The pump run-out torque is
equal to the pump start-up torque Mp.
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B. Start-up and shut-down of centrifugal pumps

Run-out fime under stationary conditions is normally between 10 and 60 sec., and
can be shorter for smaller pumps. A typical run-out diagram is shown in Fig.B.3.5.
The pressure surge is disregarded. This procedure is not valid for other stopping
procedures, where the run-out time must be calculated differently.

In some systems, after the motor has shut down, the water is aliowed to flow from
the piping system back through the pump for a certain period, until the valve is clo-
sed (Fig.B.3.6.), The pump at first siows down, the fiow raie being still positive but
decreasing {(pump operation). Because of the mass moment of inertia the pump
still rotates in a positive direction, while the flow is already increasing in a negati-
ve direction {dissipation region). The pump speed decreases and reaches zero
speed and then the pump begins to rotate in a negative direction (turbine opera-
tion). The pump speed increases until it reaches the stationary run-away speed at
Mp=0. Then, according to the valve characteristics, the flow rate and pump speed
decrease 0 zero.
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Fig.B.3.5 Run-out ime of a centrifugal pump

The stationary run-away speed depends on the pump specitic speed and the geo-
detic head (Fig.B.3.7.). The pump-motor system must be designed in such cases
for continuous operation. Due to the water hammer effect, which depends very
much on the system, on the closing time of the valve and the inertia of rotating
parts, the momertary maximum run-away speed can be greater than the statio-

nary one. The motor also must be able to sustain such a short-period maximum
fun-away speed.
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Fig.B.3.6 Run-out of a centrifugal pump with permitted reverse running
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8. Start-up and shul-down of centrifugal pumps

B.2.4. Start-up against a closed valve

Low and medium specific speed pumps (radial and mixed-flow pumps with a spe-
cific speed ng[90) have a shaft power at shut-off lower than at the best efficiency
point. This type of pump usually starts against a closed discharge valve, because
the pump starting torque is Jowest at shut-off.

During start-up the head and torque rise proportionally to the square of the rota-
tional speed from point O (07} to point A (Fig.B.3.8.}. As soon as the pump reaches

the nominal speed (point A}, the valve will start to open, and the head and forque
move to nominat point N,

High head pumps are not allowed to run against a closed discharge valve (see
section B.4). The pump rotor set can warm up to an unacceptable degree with the
risk of it touching the stationary parts. In addition the liquid can evaporate inside
the pump. A minimum flow rate vaive which opens during pump start-up must be
instalied. The starting curve is G(0")-MM-N.

If a pump with a higher specific speed, which has a failling P=HQ) curve, must start
against a closed valve, it is recommended to open a by-pass valve during start-up.

QTmin
:MM
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o N
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Fig.B.3.8 Start-up against a closed valve
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B.3.5. Start-up against an open delivery vaive

1 QQn g 0.5 n/nw !

Fig.B.3.8 Start-up against an open defivery valve, no geodetic head

o

MMy

n/nN‘

Fig.B.3.10 Start-up against an ppen delivery valve, system emply
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B. Start-up and shut-down of centrifugal pumps

n systems without a stalic head, the system characteristics represent only the
dynamic part. Iif the system is filled with liquid and the pipeline is short, i.e. that the
time needed for accelerating the liquid column is the same as the pump start-up
time, the pump head and torque rise along a parabolic curve O(0')-N (Fig.B.3.9.}.

if the pipeline is long, the start-up curve is similar to Fig.B.3.8. The acceleration
time of the mass of liquid in the discharge pipeline is much longer than the pump
start-up time. The large mass of fluid standing still along the pipeline acts like a
closed discharge valve.

if the system is empty (Fig.B.3.10.), the pump runs at H=0 far to the right of the
nominal point in a region with strong cavitation (point A). After the system fills with
liquid the operating point moves along the pump characteristic to point N. This
method of start-up is usually used in high specific speed mixed-flow and axial
pumps with a falling P={{Q)) curve. The counter-pregsure must be established as
soon as possible to prevent the pump running in a region with strong cavitation
and vibration, it necessary using throttling. The maximai flow rate at H=0 (paint A)
can be reduced 1o smaller vaiues depending on NPSHawi. In addition the time
needed for filling up the system depends on NPSHavar.

B.3.6, Start-up against a ¢closed non-return (check) vaive

Hays (2 pumps)
Hagye {1 pump}
ﬂ/ﬂmm 1

1 G 0.5 1
QI'Q N nlr“N

Fig.B.3.11 Start-up aganist a closed check valve, control valve open
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The delivery valve is open. After switching on, the pump runs at Q=0 until it over-
comes the static pressure on the other side of the check valve (Fig.B.3.11.. point
A), when the check valve opens. Then the operating point moves along the system
curve 1o nominal point N. ¥ there is another identical pump instalied in the same
system, and it has to start up when the first purmp is already running, the pressu-
re on the check valve corresponds to the pressure at point N. The second pump
runs at Q=0 untit it overcomes pressure Hw (point Az). Then both pumps move to
point Nz,
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B. Qperating range of centrifugal purnps

B.4. Operating range of centrifugal pumps

With regards to the system, the pump must be selected in such a way that it ope-
rates as often as possible near the best sfficiency point. This is best in relation to
the energy and maintenance costs. Usually it is not possible te run the pump all
the time at the best efficiency point. The diagram in Fig.B.4.1. shows the guideli-
nes for permitted permanent, short-period and prohibited operating ranges as a
function of nq. The permitted permanent operating range is the range of flow rates,
where the pump can operate continuously without any mechanical damage to the
pump pants. The limits are not strict and depend on the application, pump size
(power concentration), type, energy costs (drive capacity), stability of the head
characteristics, onset of recirculation etc. Boiler feed pumps are in many cases
required to be capable of operating permanently at flow rates in the range shown
in the diagram in Fig.B.4.1. as the short-period operating range, and correspon-
dingly the limit of the short-period operating range shifts to lower flow rates.

For determining the minimum flow rate, the foltowing criteria can be decisive:

* increase in fluid temperature at the pump exit and its balancing system due to

m?emaf energy losses in the pump and balancing system

* increase in cavitation

* increase in shafl vibration, caused by an increase in static and dynarmic radial
thrusts and by recirculation

* increase in pressure pulsation at part-icad

* increase in axial thrust (static and dynamic) at part-load

+ slability of head characteristics

* power required by zero flow

» physical properties of fluid

Qurex Qo short-peripd
G 0

Q[ Q o

0 50 100 150 200

Fig.B.4.1 Recommended operating range of centrifugal pumps
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The criteria for limiting the maximum flow rates are in most cases shaft vibration
and cavitation.

B.4.1. Power required by zero flow as a function of the specific speed of the pump

The pump power characieristic depends on its specific speed (section B.1.). The
power required at zero flow defines the pump starling process. i can also limit the
pump minimum flow so as nol to overload the drive. The ratic between power
required at zero flow and power at best efficiency point versus specific speed is in
Fig.B.4.2. It can be seen that pumps with specific speeds higher than 80 can be
problematic, where the shut-off power is greater than the power at best efficiency
point.

2
%
.
=~ 15
é
.
1
0.5
0
0 20 40 60 80 100 120
ng

Fig.B.4.2 Power required by zero flow versus specific speed

B.4.2. Poor hydraulic behaviour in the part-load range

A pump impeller is usually designed so that at the best efficiency point the geo-
metrical and flow angles at the impelter inlet are practically the same, and the flow
is smooth. At part flow and overtlow, the inflow angle does not coincide with the
blade angie any more. It causes an irregular flow at the impeller intet, and flow
separation and recirculation, which are the scurces of many effecis:

« Efficiency drop: for big pumps with a stage power over 500 kW, the efficiency
must not be less than about 70 to 80% of the best efficiency.

» Cavitation: during the planning of the pump system (controling NPSHa), it is
imporiant {0 investigate the cavitation over the whoie operating range, and not
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B. Operaling range of centrifugal pumps

only af the best efficiency point, and to check the safety margin against a 3%
head drop due to cavitation, or other NPSH criteria (see section C).

* Vibration: a result of recirculation, cavitation, pressure and radial thrust pulsation
{ses section M)

« Unstable characteristics: a result of recirculation {see section B.1.)

* Also the radial and axial thrusts increase when changing from the best efficiency
point to part-load (see section F).

The forces at part-load caused by flow recirculation at the impeiler inlet can resuit
in excessive vibration in the pump and system, especially when the impeller inlet
geometry is not optimaily designed. This phenomenon is more important in pumps
with a higher power concentration and with higher specific and suction specific
speeds.

.4.3. Minimum flow determination by admissibie temperature rise

Only a part of the total shaft power is used as pump useful hydraulic power. Cther
parts are external (mechanicai) and internal tosses. A schematic representation of
useful hydraulic power, and internal and external losses is given in Fig.B.4.3.

H, P,y

‘\\
external {(mechanical)
losses P

useful hydraulic power

Q
Fig.B.4.3 Useful hydraulic power and losses in a centrifugal pump

External losses are small and do not affect the heating of the fluid in the pump,
Internal losses are the result of friction and flow separation, and cause the heating
of the fluid as it flows from pump inlet to outlet. They depend strongly on the flow
rate. The lower the flow rate, the lower the efficiency, and the grealer the propor-
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ton of energy which is converted info heat and causes a temperature rise.
Additionally, part of the temperature rise is caused by isentropic compression of
the fluid in a pump (Fig.B.4.4.).

50 e —
< i -
1 N

l
e 30

20

10

0 é

0 500 100¢ 1500 2000 2500 3000

H {m)

Fig.B.4.4 Temperature rise as a function of pressure and minimum flow rate,
(valid only for water}

Because of energy converted into heat, the fluid temperature at the discharge
flange is higher than at the suction flange. Temperature rise in the permanent ope-
rating range plays a negligible role.

For high-pressure pumps with heads over about 2000 m, the temperature rise at
part-load can be high. The determining of the minimum How, influenced only by the
temperature rise, has to be studied carefully. As part of the temperature rise is
influenced by the compressibility of the fluid, the physical properties of the latter
have to be taken into account. This is especially important for process pumps,
which operate near the fluid evaporation pressure.

The most critical points in a pump are the balancing discs or pistons {or labyrinth
seals in multi-stage pumps), where the pressure drop occurs, and this can lead to
local evaporation of fiuid and damage o pump parts. in order to avoid the pump
heating above permitted limits, and to avold the evaporation of fluid in the pump,
a minimum flow through the pump must be ensured. The temperature rise in the
pump and additionally in the axial thrust batancing system, due to additional thrott-
ling effect in the gaps, is the criterion for determining the minimal flow rate. The
temperature rises exponentially with the diminishing of the flow rate {Fig.B.4.5.).
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Fig.B.4.5 Exampie of waler temperaiure rise in a high head 20 MV pump and
permitted minimurm flow rate
k3

The ten_apefature rige in a pump is the difference between the fluid temperatures
at the discharge and suction flanges.
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AT, =T, T = AT, + AT,

ATiwss is the temperalure rise due to internal losses
AT is the ternperature rise due 1o isentropic compression

P I
g

a5s

lass .
i c P

cp is the specific heat of the pumped fluid

isentropic compression is calcuiated by means of an enthalpy-entropy diagram. A
rough estimate for water is given by the following formula;

I H
AT, = 0.7 =% -

ref H ref

Where Ts is the fuid temperature at the suction flange, Tret = 100 °C, Heer = 1000 m.

Additionally & certain temperature rise occurs in the axial thrust balancing device
{disc or piston), which is defined by the formula:

A’];d med_Td :.....m; ......

[

Where Teba is the temperature of the fluid at the exit of the balancing system.

The pressure behind the balancing system must be sufficiently far from the vapour
pressure corresponding to the calculated temperature Toba.

The iotal temperature rise is:

AT = AT, + AT,

Based on experience, the suggesied permitted temperature rise is 20°C and is
independent of the fluid.

The minimum flow rate can be determined with following formula:

P
Qmin =
p-c, AT

The minimum flow rate depends basically on the pump power and the type of fluid.
Additionally it depends also on the pump volume (power conceniration), the ope-
rating speed and the type of leak-off valve.
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Fig.B.4.6 Flow through the balancing piston as a function of specific speed and

pump head
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Fig.B.4.7 Time of temperature rise as a function of pump fiuid volume and power
rating

Er? relat.ively small multi-stage pumps the balancing flow through the batancing
piston is often adequate as a minimum flow, and no special additional arrange-
ments are needed. In Fig.B.4.6. the relative flow through the balancing piston ver-
sus specific speed and pump head is given.
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in larger high head and high power rating pumps, the fluid temperature at the
pump exit can even rise several degrees per second if the pump operates against
a closed valve. During the stari-up procedure, evaporation would occur before the
main control vaive could open and the pump would be damaged. To prevent this,
such pumps must be equipped with a minimum-flow bypass 10 the suction tank
with an additional leak-off valve, which automatically open when the discharge
valve is closed, A very fas! temperature rise is a result of a high ratio between
power rating and pump fiuid mass (Fig.B.4.7.).
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. Cavitafion in & pump

C. CAVITATION IN A PUMP

C.1. Physical principles

in hydrodynamics, the expression “cavitation” refers to the conditions where a par-
tial evaporation of the fiuid in a hydraulic system occurs. When the static pressu-
re drops 1o the fluid vapour pressure, a bubble filled with vapour is formed, due to
the velocity increase in a given flow area. Part of the fluid evaporates, and in the
given area of the flow field a two-phase flow takes place. As the vapour bubble
moves 1o the region where stafic pressure is higher than fluid vapour pressure, the
vapour bubble condenses {collapses) immediately.

Cavitation bubbles are only formed when nuclei are present in the Huid . Nuclei are
groups of gas or vapour molecules which are present in the form of microscopic
bubbles, 108 - 10" mm in size, in practically all technical processes with different

types of fluids, a sufficient amount of the nuciei needed for cavitation formation is
present.

With the enlargement of the cavitating zone, the effects on the characteristics of

the machine or device can be noticed: noise and vibration increase, and cavitation
damage can take place,

cavitation cloud {case lf}
i c2. A
i cavitation cloud (case HI)

paa(case [ and )
P (case ) T pza(Case )
Pup st {case I}

pvp 4 (case_liA

Fig.C. 1.1 Pressure disiribution in a nozzle

in.Fig.CJ .1_. thp static pressure distribution inside a nozzle is shown. The conditions
without cavitation are represented by the curve “case I”, and static pressure in the
smallest nozzle cross-section can be calculated using the following relationship:
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po,sf o pl,st(ﬂc) = p/2 ' (ﬂ"f - ((3)

Pressure recuperation in the exit part of the nozzle (in the diffuser) is not comple-
te due to pressure losses, thus pzst < posi. When fluid vapour pressure pp is lower
than pt.sing), NO cavitation takes place in the nozzle. With an increased fluid tem-
perature the vapour pressure also increases. Three characteristic flow conditions
are described in Table C.1.1.:

Pressure conditions . Dascription

Dup.| < P1,skine) No cavitation

Pyl > Prsic) Fluid vapour pressure is reached and cavita-
tion takes place in the smallesi nozzie cross-
section. Cavitation region is small and does
not influence the pressure recuperation in the
QUGB e
Cavitation region extends deep into the diffu-
ser. Due to changed velocity distripution, addi-
tional pressure losses lake piace and pressu-
re recuperation in the diffuser is lower than in
the case of a non-cavitating flow,

Hi Pyp.lii >> P1.siae)

Table C.1.1 Description of characteristic flow conditions in & nozzle

As the cavitation (vapour) bubble flows into a region where the static pressure is
higher than the fluid vapour pressure, the equilibrium of the vapour bubble is ter-
minated and as a consequence the vapour bubble condenses (implodes) imme-
diately. When the spherical form of a bubble (see Fig.C.1.2.) impiodes, al the end
of the impiosion process the implosion pressure reaches the value:

=B (23 p-((R/RY — 1)

p — fluid pressure

pi ~ implosion pressure

Ro — bubble radius at beginning of impiosion
Re ~ bubble radius at end of implosion

B1 - compressibility coefficient

o~ T o .
\ I / “RafBef-) ~ - (bar)
. R - 3} 1.800
. 10 3 900
T ) 20 11100
U 30 20.300
# L
/ I / />/
Fig.C.1.2 Spherical bubbie Table C.1.2 Implosion pressures for spherical
form bubble
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C. Cavitation in a pump

The relationship shown above is valid for ideal conditions but the model itself can
be used for understanding the important influencing parameters in an implosion,
implosion pressure increases with the increase of initial vapour bubble volume and
fluid pressure, and on the other hand it decreases with the vapour bubble size at
the end of the implosion. To get an idea of how big implosion pressures can be,
Table C.1.2. shows the values in the case of a spherical vapour bubble in cold

water, for fluid pressure {(p = 1 bar} and for different ratios of initial and final vapour
bubble diameters.

In practice, vapour bubbles implode asymmetrically, and at the end of this process
a fiuid micro-jet is formed {see Fig.C.1.3.). When the vapour bubble implodes insi-
de the flow channel, the micro-jet is directed towards the area of lower pressure
{against flow direction). In most cases this type of implosion has no consequences
for the equipment. This type of cavitation is also called “supercavitation”.

When the implosion process takes place near the wall of the flow channel, the
micro-iet is directed towards the wall of the flow channel. High implosion pressu-
res and fluid jets act on the wall, and as a consequence material damage can be
expected. It has to be stated also that an important influence on the implosion
pressure is the Huid compressibility in the vicinity of the implosion area.

)

imptosion inside flow channet

s FHESSIAE [5G

implosion near the wall

. N

L\ F N/ £ \@

Fig.C.1.3 Bubble implosion process

wall

When describing cavitation behaviour in hydraulic machines, a distinction must be
made between different expressions:

= cavitation: localised evaporation, two-phase fiow

» cavitation intensity: sum of implosion energies of all bubbles

* cavitation resistance: material property (strength) against bubble implosion
* cavitation erosion: material damage due to implosion of vapour bubbles
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C.2. Cavitation at the impeller inlet

Cavitation zones at the impeller blade leading edge are formed in a similar way to
those at the rnozzle, as described in the previous section. In Fig.C.2.1. the pres-
sure distributions at the inlet of the impetler blade are shown for cases without and
with cavitation.

™ cavitation cloud

PWy,
iy

» 1 s P e o

Pressure distributions:

Q) blade suction side, without cavation

{8)  blade suction side, with cavation
@) blade pressure side

Fig.C.2.1 Pressureg distribution on an impeller blade

At the pump suction flange the static pressure has a value ps and the absciute
velocity is cs. Due o hydraulic iosses in the pump suction branch and fiow acce-
leration in this area, the static pressure in front of the impeller blade p1 is lower
than ps. Flow angle f1 is smalier than blade angle Pis, so the fluid approaches the
blade with an angle of incidence Bu. When the fluid flows around the profile, the
pressure drops near the blade leading edge due to local fluid acceleration.
Pressure drop can be defined by the following relationship:

Ap=1/2-p- A, w
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C. Cavitation in a pump

The pressure drop coefficient Aw; depends mainly on the angle of incidence f« and
on the shape of the blade profile. When the static pressure at the blade inlet is
lower than the fluid vapour pressure, cavitation bubbles are formed. The size of
the cavitation cloud depends on the level of vapour pressure pw. Under the con-
ditions (pw = pmn) the first bubbles are observed visually, and so-called “cavitation
inception” takes place. As the cavitation cloud becomes larger and thicker, the
more significant is its influence on the flow inside the impelier, and on the pressu-
re distribution around the blade. The effect on pump characteristics can be seen
by a drop in efficiency, head and flow rate.

With an increased pump flow rate, the flow angle B also increases. When the
angle of incidence B becomes negative (flow angie B+ greater than blade angle
Bs8), vapour bubbies form on the blade pressure side.

C.3. NPSH characteristics

,.l\ccon‘diﬂg to Standard 1ISO 3555 (Class B) the NPSH {Net Positive Suction Head)
is defined as the total inlet head Hs, plus the head corresponding to the atmo-
spheric pressure {pu/p-g), minus the head corresponding to the vapour pressure
{pve/p-g):

NPSH =H, +p,/p-g~p,/p-g
Hi=z+p/p-g+vi/p-g

Eor determining NPSH and Hs, the reference level shown in Fig.C.3.1. for different
impeller types and installations has to be taken into account.

jeference
level

Fig.C.3.1 Definition of reference ievel
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NPSH required: The NPSHrq describes by how much the total head shouid be
above the fluid vapour pressure, so that the pump can operate without unaccep-
table or dangerous consequences. The NPSHrweq depends mainly on the impelier
inlet geometry, speed of rotation, fluid properties and pump flow rate. It can very
often be seen that two different pumps with the same flow rate, head, and speed
of rotation have very different NPSHey characteristics. It is evident that NP SHreq is
the characteristic which is defined by the pump.

T}; T GDS(

Fig.C.3.2 Influence of the infet head on pump total head and efficiency

Cavitation criteria; Different criteria can be used for determining the extent of
cavitation, This is represented by an example in Fig.C.3.2., shewing pump cha-
ractetistics at a constant speed and flow rate, but with different infet heads Ha,

The diagram in Fig C.3.2. iz obtained by measurement. The inlet head Hs is redu-
ced in steps at a constant flow rate Q. The pump total head H is measured and
cavitation phenomena are visually observed. Four characteristic points are identj-
fied and described in Table C.3.1.
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C. Cavitation in a pump

Point Criteria Description e e g R

1 onset of cavitation At this inlet head the first bubbles can
{cavitation inciplent) be observed on the impelier blade.

2 0% head drop At this inlet head the pump tolal head

starts to drop (difficult to determine),

At this intet head the pump total head

drops by 3%. This is a widely used

cavitation criterion because dstermi-

ning is clear.

i has to be noted that Standard {80

3555 defines the criteria (3 + K/2)%,

where the K is type number:

K=2-m-n-@ (g )"

n (s}, Q {m¥s), g (m/s2), H {m)

At a certain inlet head the pump tolal

head starts to fall very steeply.

3 3% head drop

4 full cavitation

Table C.3.1. Description of different cavitation criteria

Some other criteria are ajso sometimes used in special cases: efficiency drop,
increase in noise or vibration, material damage, etc.
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Fig.C.3.3 Determination of NPSH = f{Q) for different cavitation criteria

Measurement of NPSH: For determining the characteristic NPSH = {Q) (see
example in Fig.C.3.3.) a series of tests should be carried out at different pump flow
rates. The pump suction conditions are changed step by step from cavitation-free
operation 1o full cavitation. As described in Standard SO 3555, thete are other
possible ways of measuring NPSH, but the most frequent are the following:
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« open system: changing the suction head by adjusting the fiuid level in the suc-
tion reservoir of by throttling in the suction pipe
» closed system: changing the pressure in the suclion vesse!

NPSH available: The NPSHay is a value of the plant and is independent of the
pump itself. It is defined as the total head in the pump suction nozzle. NPSHu is
dependent on the pump installation, submergence, losses in the suiction pipeline,
and fluid properties. Pump flow rate is not an important influencing parameter on
the NPSHsv. It influences only the hydraulic losses in the suction pipeline.

V1 .{e_f‘_ NPSqu
3 fevel T -
2 e
'{""‘TW@ Hs Z
)
= ()

H :m"z.s'H iG55 8 H wosss Fr ,
p} pr) y 1".}1 [ o
NPSH =H, +wﬁgg - mﬁig NPSH :I;g S ¢ o

Fig.C.3.4 Pumping from suclion reservoir

Three different pump installations are shown as examples for delermining
NPSHav. Fig.C.3.4. represents pumping from a suction reservoir situated below
the pump. Infet pressure H: depends on the water level In the suction reservoir zs,
and on the hydrauiic Iosses in the suction pipeline Hioss s, As can be seen from the
equations and the related diagram, the NPSHa is greatly dependent on the water
tevel in the suction reservoir. The value NPSHav falls slightly with an increase in
flow rate, due to the effect of hydraulic losses in the suction pipeline.

in Fig.C.3.5. an example with a submersible pump is shown. The pump and motor
are submerged and there is no suction pipeline, and Muwsss = 0. From the related
equations and diagram it can be seen that the NPSHav is independent of the pump
flow rate but depends greatly on the water level in the weil.
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€. Cavilation in a pump

NPSH
~Z
i,
0
s

Zg

P P,
H=-z; NPSH =H, . NPSH_ = P
T P g pe P g % P
Fig.C.3.5. Pumping from well with submersible pump
water lemperaire:
..... NPSH g
(0 T=a0°C s
4 @ Taroec %
1 . s %
i T=100°C = N
*“Z*% 3 NPSH,
i el
Y ~ vl o
Q
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+,O g P NP&H 7z - Z Hm 5@

Fig.C.3.6 Pumping of hot water
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An example of pumping hot water from a suction reservoir located above the pump
axis is shown in Fig.C.3.6. The values for NPSHa are strongly dependent on the
temperature of the water, as fluid vapour pressure is & function of fluid temperatu-
re: pw = {(T). With increasing water temperature the NPSHw decreases, as is
shown in related equations and diagrams. In the case of pumping boiling water,
vapour pressure and atmospheric pressure have the same values.

C.4. Types of cavitation

Different types or forms of cavitation can develop in different parts of the pump,
2.g. in the pump suction chambey, the diffuser, the exit of the axial thrust balancing
system, etc. The most frequent appearance of cavitation is in the inle! part of the
impeller. The most frequent types of cavitation, with their causes and consequen-
ces, are described below,

1. Cavitation on the suction side of the blade

At reduced pump flow rates or at a large blade inlet angle b1, the flow approaches
the blade with an angle of incidence P A cavitation cloud is formed on the blade
suction side near the blade inlet edge (see also Fig.C.2.1). This type of cavitation
is also called “sheet cavitation”. Cavitation damage can be observed in the areas
of bubble implosion.

2. Cavitation on the pressure side of the blade

A similar cavitation behaviour to that described under item 1, but on the blade
pressure side, develops at an increased pump flow rate or at a small blade angle.
A negative angle of incidence (-f1) occurs, and a cavitation cloud forms on the
blade pressure side near the blade inlet edge. The cavitation intensity is much
higher than that described under item 1,

3. Cavitation due to impeiler inlet recirculation

At part-load operation, impeller inlet recirculation takes place (see also seciion
C.5.}. In the outer part of the impelier channel (in the meridional cross-section) a
recirculating flow pattern forms, while the inner part of the channel is still under
“normal” flow conditions, Due to unfavourable flow conditions near the mixing zone
between the “recircuation flow” and “normal flow”, and 1o tow pressure in the core
of the recirculation vortex, cavitation damage takes place on the pressure side of
the bilade.
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P . em e - - S
Type ositio ‘2}::“9 eridional Position on the blade Local flow pattern
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Fig.C.4.1 Types of cavitation
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4. Cavitation in the corners between the impeller blade and hub/shroud

Due to unfavourable local Hiow conditions, vortexes form in the comers of the
impelier channel (even at the optimal pump operating regime). This is due to the
thicker blade profile in the transition zone between the blade and hub/shroud. In
cases when, due to the action of centrifugal forces in the vorlex core, static pres-
sure drops to the value of the fluid vapour pressure, cavitation bubbles form.
Cavitation damage can be increased because of hidden casting irregularities in
the area of the impeller blade and hub/shroud connection.

5. Gap cavitation between impeller blade and casing, with open impellers

Gap cavitation takes place in open impeller types in the gap beiween the impalier
blade and the stationary casing wall, Due to the pressure difference between the
Dlade pressure and the suction side, a fluid jet forms in the gap, The fluid jet exils
the gap 1o the blade suction side and creates vortexes. As a consequence, espe-
cially in the area near the impeller entry, the local static pressure drops 1o the level
of the vapour pressure. Cavitation damage often takes place on the blade iip (suc-
tion side} and on the impeller casing wall on the entire periphery.

C.5. Recirculation at the pump inlet

When a pump is operating at part-load, a *forced” flow pattern builds up at the
impeller inlet. At the outer part of the impeller eye the flow exits from the impefier
channels back into the suction pipe, and at the inner part of the impelier eye the
flow re-enters the impeller channet (see Fig.C.5.1). The recirculation zone chokes
1he outer part of the impeller eye, while the inner part still operates "normally”. The
flow exiting from the impeller to the suction pipe has an essential peripheral velo-
city component due to impelier rotation. This rotational motion is transferred 1o the
entire fluid guantity in the suction pipe, and it rotates in the same direction as the
impeller itself. In cases where there are no stationary ribs in the suction pipe, the
fluid rotation can be observed a long way from the impeller.

radial
pump

{)1 : Dc
Fig.C.5.1 Typical recirculation flow patterns
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The flow conditions described above have been confirmed by many different expe-
riments on radial, mixed-flow and axial-flow impellers. Certainly, a clear qualitative
difference exists between different impellers regarding the start of recirculation
and recirculation intensity. Although there has been a lot of work in this field in the
past, untit now no general method has been developed for determining the start of

racirculation.
acceleration
/
Wa

~{4

deceleration =

Wo"

Fig.C.5.2 Velocity conditions at impeller infet

The onset of impeller intet recirculation can be explained with the help of the velo-
city conditions at the impelier inlet, as shown in Fig.C.5.2. This diagram defines
tr}e relative velocity wo at the impeller leading edge, and the impelier throat velo-
F:ity wo” (velocity at the smallest cross-section between the blades at the impeller
inlet). Without taking into consideration flow recirculation, the relative velocity
ec_;uals the impeller eye velocity ur at Q=0. When the flow approaches the blade
without rotation, wo increases slightly with an increasing flow rate. The impeller
throat velocity wo*, as defined in Fig.C.5.2., increases proportionally to the flow
rate. Above a particular flow rate Qp the flow accelerates from the ieading edge to
the throat, and below Qp the flow decelerates. When the deceleration becomes

exc_essivg, for example below a ratio of wo*/wo, flow separation and subsequent
recirculation must be expected
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Basically three physical mechanisms are thought to contribute to triggering fiow
recirculation at the impeller inlet during part-icad:

« Deceieration ot the relative velocity upstream of the impeller wo to the velocity in
the impeller throat wo*

= Pressure gradients perpendicular 1o the direction of main through-flow

« Excessive angle of incidence b1i at the impeiler vane leading edge

Any flow recirculation ieads to zones with a high shear flow creating strong vorte-
xes, which entail the following conseguences:

= In the vortex core the pressure falls with respect to the surrcunding butk flow, due
to centrifugal forces. If the local pressure in the centre of the vortex falls below
the vapour pressure, a steam cavity is formed which implodes violently when the
vortex is swept into zones of higher pressure. Cavitation erosion at the impeiler
or even at the diffuser vanes, or volute cut-water can be the consequence.

* Vortexes creale large-scale wrbuience and fiuctuating 1ift forces on either impel-
ler or diffuser vanes, and are thus a source of unsteady forces which can cause
structural vibration in the pump rotor, bearing housings, bedplate or paris of the
piping.

* The wake flowing off the impelier vane frailing edge becomes broader and more
unsteady, which leads to increased pressure pulsation when the wake impinges
on the volute cut-waters or on the diffuser vane leading edyges.

It must be stated that recirculation develops in ali pumps at part-load operating
conditions. Only measurement of the excitation forces, pressure pulsation or cavi-
tation noise, or operational experience can give the final answer as to whether the
above-mentioned effects of part-load recirculation will reach damaging levels, or
can be sustained without damage by the particular design of the pump in question.
It should be clearly noted that the limit of damaging recircutation Is by no means a
universal quantity, but depends to a large extent on the particular pump design.

C.6. Suction specific speed

To describe the suction ability of a pump or the quality of the suction impellers, a
non-dimensional parameter named "Suction Specific Speed ~ nss” is used. The
parameter is defined for best efficiency point BEP and can also be used to com-
pare the suction characteristics of different pumps:

nss=n-Q% / NPSH.”

To calculate the nss in double entry pumps, the flow of one impeiler side has to be
considered {(or half of the pump fiow rate). The suction specific speed nss is cal-
culated in an analogous way to pump specific speed na.
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C. Cavitation in a pump

normal impeller with axial inlet 160 - Eéb

1

2 suction impeller with axial infet 220 - 280
3 suction impeller for double suction pumps and mulfi-stage pumps 180 —~ 240
4 inducer for process pumps 400 - 700

Table C.6.1. Typical values of suction specific speed

in “i_”ab&e c.s‘.a. the values of suction specific speeds for different pump basic
designs and impeller types are shown. The values given are valid for impeller exe-

cutions into which an extensive knowledge of cavitation behaviour has been intro-
duced.

»
»5 100 07 06 050350
]
= 80 A
s Du/D
- 1
8§ o]
56
:“§ SE 70 4
:{E 60 - vatlid for ng 10 + 50
o
2 .
s 50

T T
100 260 300
nss
Dz
typical Do/D+
0.35 = 0.5 - double entry pumps ?
0.5 + 0.7 - multi-stage pumps D Din
D+

Do
Fig.C.6.1 Relationship between nss and infet recirculation

Relationship between nss and inlet recirculation: The main geometrical para-
meters which have an impact on impeller inlet recirculation are:

« Impeller throat area

+ Angle of approaching flow

* Impeiler inlet vane angles

+ Ratio of impeller eye diameter to hub diameter - D+/Do

* Ratio of diameters at vane tip and hub - Da/Du

* impelier shroud curvature - R

* Position of impeller vane leading edge (in plane view and meridional section)
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Practically all the above-stated parameters also affect the NPSHs% and thus the
pump suction specific speed. H is obvious that a clear relationship exists between
nss and impeller inlet recirculation. The diagram shown in Fig.©.6.1. is well known,
and represents the onset of suction recireulation versus suction specific speed,

" and for different diameter ratios Do/D1. For a better understanding of the conse-

quences when increasing nss, the following explanations can be helpful:

Increase in impeller eye diameter, With an increased impeller eye diametar D1
higher values of nss can be reached. Due to the {arger ratio of blade tip/hub dia-
meter Dha/Dy, the recirculation phenomenon increases (higher pressure gradients
along the impeller channel at inlet).

Increase in inlet blade angle: The flow rate, which adapis to the impalier inlet angle
of incidence Bu=0, shifts to higher flow rates. At BEP the cavitation characteristic
is normally improved due to an “increased capability of vapour bubble transport
through the impeller channels”. On the other hand the recirculation intensity
increases due to the increased impetler throat area, and thus fiow deceleration
wo*/wa increases.

Limitation of suction specific speed: As a result of past experience, different
recommendations for limiting suction specific speed have been proposed. These
are based on statistical data which show that much more damage was detected in
pumps with suction specific speeds higher than 220, The explanation for this fact
is the following: 10 reach higher nss values, an impeiler with a larger inlet eye dia-
meter and greater inlet blade angles has 1o be desighed. Such changes are on the
other hand connected with higher recircutation intensity, which can cause increa-
sed cavitation erosion (depending on the material of the impeller), vibration and
pressure pulsation. This conclusion is only partly correct because other parame-
ters beside impeller eye diameter and inlet blade angle are also of great impor-
tance for the intensity and dangerous consequences of recirculation. A lot of
pumps have already been installed in different types of appiication, and which
have run for a long time trouble-free and without material damage, despite having
an nss higher than 220.

C.7. Cavitation erosion

Description of cavitation damage mechanisms: A simplified anaiysis of bubble
implosion leads to the conclusion that extremely high Jocai pressures are crealed
by an imploding bubble (see Table C.1.1.). if these pressure pulses exceed the
sirength of the material on which the implosions occur, material erosion is likely to
result,

The details of the erosion process have been the subject of a great number of fun-
damenta! investigations carried 0 a high degree of sophistication. It now appears
that the most probable damage mechanism is the formation of & microjet of very
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high velocity, caused by the bubble impiosion. This microjet is thought to be crea-
ted by asymmetries of the fiow around the imploding bubble, caused by its proxi-
mity to a solid wall (see Fig.C.1.3.). The pressure pulses are damaging if the pres-
sure created exceeds the strength of the maiterial.

Microscopically, the erosion rate depends on and increases with the ratio of cavi-
tation intensity 1o cavitation resistance. Al low cavitation intensity, the failure
mechanism may be fatigue. At higher interisities it may be plastic deformation and
finally rupture, if the tensite strength is exceeded. This statement coingides with

tha refationship between the different cavitation paramsters, shown in diagram
Fig.C.7.1.

tcay
A -
cavitation bubble lenght Lea
total head drop A
3% ¢
H

k N
T ®ee ®

CNL avitation noise levet CNL
En /::rosiorz rate, low cavitation resistance Es,.

wrosion rate, higher cavitation resistance En n

® @ ® @ sy

onset of cavitation noise
onset of visual cavitation
beginnig cavitation erosion, low resistance material

beginnig cavitation erosion, higher resistance material
% head drop

maximal erosion rate
3% head drop
full cavitation

EeeeEE®

Fig.C.7.1 Typical pump cavitation parameters
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When pump inlet pressure decreases, at a certain NPSH level a moderate cavita-
tion noise can be detected, and then the first cavitation bubbles are observed.
With further decreasing, the cavitation cloud grows and the cavilation intensity,
represented by cavitation noise level (CNL), also increases. Only after a certain
level of cavitation intensily is reached, can materiat damage be observed, Material
damage can take place even before the pump head starts to drop, depending on
material cavitation resistance. At very low NPSH values in fully developed cavita-
tion, the materiai damage decreases again due mainly to the compressibility effect
of the fluid under those conditions (see chapter C.1.).

idaterial properties: The material of the pump elements has a strong effect on
cavitation erosion via the following parameters:

= Tensile strength, hardness, ultimate resilience, heat treatment

« Good corrosion resistance in the liquid being pumped is a prerequisite for good
cavitation resistance.

« Metatlographic structure, in particular near the surface.

Despite many attempts, there is no general correlation to quantify the influence of
these parameters on resistance 10 cavitation erosion. There are many comparati-
ve data available, showing the cavitation resistance ratio of the different materials
which are commonly used in pump applications. One of them is shown in
Fig.C.7.2. This exampie is valid for cold water and for a defined NSPH value and
cavity length. Although the ratics shown should only be used for information pur-
poses, they could be very helpful in choosing the correct impeller material,

Stellite 6 1§ { P
17Cr8CoBMn valid for water 20°C
Dupiex F |
13CrdNi !
CuAl10Ni 1
18Cr10Ni } ; '
Gs-C25 ! !
3G-25 /z/‘_JW/ i R E e, é,q E

0 2 4 6 8 i 12

Fig.CC.7.2 Comparison of cavitation erosion for different materials

There is no unigue material property appropriaie for correlating and fully descri-
bing the cavitation resistance of different materials. Another reason is that it is dif-
ficult 1o simulate and undersiand the reaction of a material to a highly localised,
non-stationary impact oading. The metaliographic structure of the material must
play an important role in this reaction. When analysing the materials with regard
to cavitation resistance, the influence of the parameters shown in Fig.C.7.3. has
to be taken into account.
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C. Cavitation in a pump

A very cqmpressed recommendation for material with an optimal cavitation resi-
stapce might be: a combination of hardness with good toughness and corrosion
resistance (especially when corrosive fluid is pumped).

A & iow damage
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Fig.C.7.3 Effects of different parameters on the cavitation behaviour of metallic
. materials

C.8. Cavitation safety values

As shown in diagram Fig.C.7.1., enlarged fields of cavitation clouds are formed
long before the pump total head drops by 3%. In order to avoid the dangerous
effects of noise, vibration and cavitation erosion, the pump inlet pressure {defined
by NPSHay should be reasonably higher than NPSHs« (NPSH at 3% head drop).

The foliowing relationship has to be fulfiiled across the whole pump operating
range:

NPSHa 2 NPSHiq

The most important parameters influencing the level of NPSHeweq, which will allow
long-term trouble-iree operation, are the following:
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« circumierential velocity at impeller iniet

» material properties of the impeller

+ propertias of the fluid being pumped

= required operating range {min. and max. flow rates}

« the quality of pump hydraulic design, especially suction chamber and first stage
impelier

In order to determine the acceptable level of NPSHav on the basis of NPSHax, a
safety margin or safety factor has been introduced, which is dependent o the
parameters described above. These safety marging or factors express how much
higher NPSHav has 1o be in comparison to NPSHax, so that no dangerous conse-
quences of cavitation can be noticed during permanent pump operation. The
safety margins and factors most commonly used are given below:

definitio “fimitation_ . . .. area of application

NPSHay > NPSHaw + 05 m

ut < 10 mis small size pumps
(b) ‘;i%“;vzi SA . NPSHsx% ul < 20 mis medium size pumps
NPSHav = SA . NPSHa% general criteria for
© SA (see Fig.C.8.1) ul < 60m/s industrial pump application
NPSHsv determined on the .
; . ut > 60 m/s pumps of high power
() .?_Zzg Cg gcéuattons from H {(stage) > 600 m concentration

Table C.8.1 Criteria and cavitation salely values

» When the criteria under (a) and (b) are applied, no deterioration in the pump cha-
racteristic (head, flow rate) can be expected during pump operation. The para-
meters for the impeller material are not included in the criteria, so their applica-
tion is limited fo pumps with a low cavitation intensity (iow wi}.

« The criteria under (c) are much improved. They take info account the material
properties of the impeller (the borderlines in Fig.C.8.1. represent two classical
materials for impellers). On the other hand Sa is dependent on NPSHsw@sep),
which is in close correlation with implosion pressure (see section C.1.).

* When the criteria under (¢) are applied, it is necessary to know the cavitation
bubble length. This can be observed visually during modet testing through plexi
windows, or determined by paint erosion procedures (for details see Ref. EPRI).
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The criteria under (d) take into account impeller material properties, pumped
fluid properties, static pressure at impeller suction side and cavitation bubble
lengti. These are parameters which are in correlation with the cavitation inten-
sity as well as cavitation resistance. When applying the criteria under {(d}, an
acceptabie erosion rate has o be defined, Very often the following prescription
is used: after 40 000 hours of operation the cavitation erosion (depth of cavita-
tion damage) should not be deeper than 1/3 of the impeller blade thickness.

* it is common practice that most of the criteria described above are checked when
defining NPSHav and the highest value is taken as final.

Sa

Cavitation resistance of
o 4 impeller material low
{cast steely

1.5 1

N,

A
Cavitation resistance of
impeller material high
{13/4 Cr-gteel)

1 v 1 : .
¢ 10 20 30 40 50

NPSHag (st aem

Fig.C.8.1 Cavitation salety values SA as a function of NPSHas {at BEP)
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Table C.8.2 (continuation on pages 69-70)

* Blade suction side erosion rate
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+  Erosionin mm
E=36-10°E, T (mm

T — operation time in hours

* Meridional velocity at impelier inlet

4.0 (per impeller eye) [ m }
S (75 R
Q — flow rate [m3/s}

D1 — eye diameter {m]
{o — hub diameter [m]

« Impaller inlet pressure, NPSH available

.2 ’
(po - Py)=p {g -NPSH,, %m}[WNQJ

m

po - static pressure at impeller inlet (N/m?]
pvp — fluid vapour pressure [N/m?)

p' ~ density of pumping fluid [kp/m?)

g - aceeleration due to gravity [m/s¢]
NPSHav — NPSH available [m]

* Fluid properties

.36 . .44
(g_&) FEL PJ&W & 1 for cold water
o ap ) L p

* Reference values

Length of cavitation cloud: L, » = 10 mm

Gas content: O =24 ppm
Sound velocity: @x = 1490 m/s

Density of saturated steam: Px = 0.0173 kg/m?

Table C.8.2 (continuation on page 70}
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» Material properties
Material factor Fma and corrosion factor Feor

C. Cavitation in a pump

maierial Fraat B Fcﬁr L

feedwater, fresh water sea water
ferritic steels 1.0 1.0 1.5
austenitic steels 1.7 1.0 1.3
material composition {%Y: : 108 Rm {N/m?).
DIN ASTM Cr Ni Mo other range average
GS-C25 AZ16GIWCA - - - - 440-580 515
G-X10CrNi131 A743GICA-1BM 13 1 04 - 640-740 680
G-XECINI134 A743GICA-BNM 13 4 0.7 - 760-960 860
G-X7CNIMoND15 5 | A747CB7Cu-1 17 7 1 NB0.34 840-1140 990
G-X15CrCoMo13 10 - 13 - - - - 975

Table C.8.2 Estimation of cavitation erosion rate from cavity length

C.9. Methods for improving the pump system cavitation
performance

When cavitation damage, unacceptable noise or vibration, or deterioration of the
pump characieristic are observed during pump operation, improvements in the
pump system cavitation performance are necessary. After checking and analysing
the consequences of unsatisfactory cavitation conditions, and when based on

- ti?ese consequences the causes for the problems can be defined, possible reme-
dial measures should be focused on the following items:

;nqreasing N?SRav:.By increasing the NPSH available, the pump inlet pressure
is increased, aqd with this the pump cavitation conditions are improved. The
NPSHav can be increased by the following measures:

sin “wet‘énsiai%ations" {see Fig.C.3.5.), by deeper submergence of the pump,

*in “dry instaltations” (see Fig.C.3.4. and Fig.C.3.8.), by increasing the water level
in the suction basin, by increasing the pressure in the suction tank, and by
ciezgr@aséng the hydraudic Josses in the suction pipe,

* by installing a "booster pump” in front of the main pump.

Decreasing NPSHreq: When the pump cavitation characteristic is improved, then
with an unchanged NPSHa the negative effects of cavitation are eliminated or
reduced. The NPSHreq can be decreased by the following measures:
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» by reducing the pump rotation speed (the changed Q-H operating paoint has to be
taken into account, or a possible cotrection applied to the outlet section of the
impelter blades},

« when a pump is running permanently at part-toad or at overload, correction of the
impeller intet geometry is needed in order t¢ adapt the impelier inlet geometry to
the actual pump flow rate data,

« in cases when the pump suction specific speed nss is considerably tower than
that shown in Table C.6.1., an improvement in the impeiler suction geometry is
necessary by changing ong or more parameters: plade angle, impeller eye dia-
meter, number of blades, inlet blade profile,

« improvement in the impeller inlet conditions, in order t0 reach as far as possible
a uniform vetocity dgistribution around the entire impeller inlet periphery {espe-
cially in pump designs with a radial inflow).

Improved cavitation resistance: The impeller has to be replaced with another
one made of material with a higher cavitation resislance (see Fig.C.7.2. and
Fig.C.7.3.). The lengthening of the impelier lifetime can be estimated by the
method shown in Table C.8.2. K has to be stated that with improved impeller cavi-
tation resistance, all other initial negative effects of cavitation, such as noise, vibra-
tion, and deterioration in the pump characteristic, remain unchanged.

in many cases the application of one of the above-mentioned improvements does

not lead to a satisfactory improvement in the pump system cavitation conditions
and a combination of two or more improvements has to be applied.
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0. Basic pump design D. Basic pumg design

D.2. Mechanical design (pump types according to APl 610/8)

D.2.1. Centrifugal pump types — Overhung

D. BASIC PUMP DESIGN

Overhung
D.1. Designs of hydraulic elements { i i
. Flexibly Rigidty Close
impellor
radial mixed-flow axial Coutpled Coupled Coupled
Herizontal Vertical Vertical
__[m I Vertical
) ) , ! . High Speed
Gasing/ spiral casing (volute) diffuser In-Line integral Gear
diffuser: Foot Bearing
Mounted Frame
Centerline ) In-Line
_P Mounted In-Line
inflow: )
o singie entry double entry
OH3
CH2 OH4 QHB
i
Stages: ]
singie stage multi-stage !
- I
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D.2.2. Centrifugal pump types - Between Bearings

1&1

Between Bearings

Stage

Axially
split

BB1

74

Radially
Split

BBz

Mutti-stage

Axially
sphit

BB3

Radially

Spiit

Single casing
(Stage casing)

8BB4

Pouble casing
{Barret)

BBG

0. Basic pump design

D.2.3. Centrifugal pump types — Vertically Suspended

Vertically Suspended

]

-

Single Casing
Dishcharge Separate
Through Discharge
Column (Sump)
Line Cantilever
Shaft
Diffuser Axial-
Volute Flow
VS V82 V83 VG4 VS5

Doubie
{Can

Diffuser

Casing
type)

Volute

s
mml
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D.3. Main application areas

D.3.1, Water
. -Bub-area b Basic desion lypes o0
Water transport OH1 OH3 o
B81 BB3 BB4 BBS
. V81 V&3
trrigation, Drainage OH1 OH3
BBt
V81 VS3
Sewage OH1 OH3 OHS5
— V81 VSs3 V54
Desalination BB BB4 BB5

Va2 V&3 V&6 V57
D.3.2. Power generation

E. Mechanical components of 8 centrifugal pump

E. MECHANICAL COMPONENTS
OF A CENTRIFUGAL PUMP

E.1. Bearings

The bearings in a centrifugal pump have the function of positioning the shaft cor-
rectly against the stationary pump parts, according 1o the static and dynamic radial
and axial forces, which can have different origins {see section F). The selection of
the bearing type is based on a combination of load, rotational speed, and econo-
mic factors. Many types of bearing have been used in centrifugal pumps. Today
roller contact and hydrodynamic bearings are used in most pumps for supporting
radial as well as axial forces.

A basic classification regarding speed and loading is shown in table E.1.1. More

D.3.4. Industry

Mining

Boller-feed ' 'BBf ) QB%?N
Condensate V52 VS8
Cooling water
V53
Auxiliary OH2 OH3
BB4
V54 V85
D.3.3. Qil and gas
Oil and Gas transport gBﬁ?m
Water injection
Refinery
" Auxiliary OH3
BB4
V54 VS5

Flue gas desulphurisation Ot
V81 V5S4 V85
Paper OrH1 OH3 OH4
BB1 BB4
V81 V83 VsS4
Sugar OH1 OHg2 OH3
BBt
V81
76

detailed bearing characteristics are given in sections E.1.1. and E.1.2..

d . Lubrication system. Speed” < .Loading®’
g grease-sealed bearings moderaie light to moderate
@ oi-bath or mist moderate to high  moderate
® grease-sealed bearings moderate moderate
2 oit-bath or mist moderate to high  moderale

grease-shaft driven grease pump  moderate moderate
S oitforced lubrication high high
& water or Pmc—iuct pumped moderate light

seff iubrification
‘g oil-forced iubrication moderate high

" limits acc. to Standard AP1 610/8 are given below
Tabie £.1.1 Basic classification of bearings

Generally hydrodynamic bearings are used where loads exceed the capacity of rol-
ler contact bearings. The limits are sometimes prescribed, for example in Standard
API 810/8, where it is stated that rolling contact bearings can be used, if:

« the rolling element speed factor defined as n-dm does not exceed 500.000
{n (rpm) — speed of rotation, dm (mm) — mean bearing diameter)
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£. Mechanical components of a centrifugal pump

« the rolling element bearing life, defined as Lon (180 281) is at least 25.000 h at

rated conditions and 16.000 h at maximum radial and axial foads and rated
speed (usually at shut-off)

* the energy density, defined as Pn, is lower than 4 million
(P (kW) - power, n (rpm) - rated speed).

In alt other cases oil-lubricated hydrodynamic bearings should be used.

E.1.1. Rolling contact bearings

Rolling contact bearings are the most convenient for the majority of standard
pumps. Their major advantages over hydrodynamic bearings are: lower price,

lower friction fosses, and the capability of operating in both directions of rotation.
They are alsc called anti-friction bearings.

Some types of rolling contact bearings which are used most often in pumps, are

shown in Fig.E.1.1. The most popular are deep groove ball bearings, which carry
radial and axial thrusts.

The bearing size is selected based on its required lifetime, which should be higher
than the rated bearing lifetime. For bearings operating at a constant speed, the
basic rated lifetime equation (acc. to ISO 281) is:

10° c)f’
L = e §
60 ( P

where: Lo rated bearing lifetime (milliens of hours)
n speed of rotation (rpm)
C rated dynamic load for selected bearing (from bearing supplier
catalogue, N)
p equivalent dynamic bearing load (N)
p exponent of the Jife equation, dependent on type of bearing
(from bearing supplier catalogue)

Fig.E. 1.2 gives the method of determining the equivatent dynamic bearing load, a
combination of axial and radial forces, fora bearing arrangement for a single-stage
end suction centrifugal pump. In addition to the hydraulic loads, the forces resul-
ting from couplings or belt drives should also be taken into account.

The rated dynamic bearing ioad G is strongly affected by bearing temperature and
decreases considerably with temperature rise. For calculating the bearing lifetime,

the dynamic bearing foad has to be multiplied by the temperature factor from Table
E12
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Appraximate relative Joad, speed and misalignment capabilities

Radial load | Axiai load Speed  |Misalignment

Single row
deep groove + + RS -
bail bearing

ggh-gg Double row

. angular contact S+ + I +
balt bearing

Singie row - . S &
angutar contact
ball bearing pair
Cylindricat
f - Arb +

rolier bearing it
Spherical A + ++ ++++
rofler bearing

Taper roller

begsing set | tHHE bt A "

- no capacity 4 high

+ fow ++++  very high

++ moderate

Fig.E.1.1 Rofling contact bearings for centrifugal pumps — design and characteristics
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Fy=F,-F,

P =F, Po=X-F,+Y-F,

Fig.£.1.2  Determination of bearing reactions Fa and Fie and equivalernt
dynarnic bearing loads Pa and Ps for a single-stage end suctio
centrifugal pump
(Fa and Fr calculated or measured, XY from bearing catalogue)

Bearing operating temperature  50°C_ 200°C_ 250°C__ 300°C
Temperature factor - o 1 09 075 06

Table £.1.2 Temperature factor for calculation of bearing lifetime

For satisffaciory operation, the roller bearing should be loaded with a certain mini-
"mum radial or axial load, depending on bearing type. A minimum axial load for
angular contact ball bearings is defined by the following equation (SKF catafogue):;

b4
‘Uamm = A ’ (“Mﬁm“j
1600

where:  Famn minimum required axial load (N)
A minimum load factor (see SKF catalogue, Kg.m)
n rotational speed (rpm)

Atincreased speeds, unloaded balls coutd begin to slide instead of rolling. Sliding
qamages the raceways, balls and cage, and increases friction. The temperature
increases very rapidly, the effectiveness of the lubricant is reduced and as a result
of this the lifetime drops, or the bearing is sven destroyed.

in ac{dition to Eubriqation, the lubricant (cil or grease) also provides cooling of the
bearing and corrosion protection. Rolling contact bearings can be grease-lubrica-
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ted at the normal speeds of the majority of pumps, which means simple and cheap
maintenance, Special attention should be given to bearings with shields or seals
on both sides (Fig.E.1.3.), these are lubricated for life and are maintenance-free.
If the pump is not in operation for a long period, the shaft should be turned occa-
sionally, s0 as to maintain the lubricant film coating of the balls.

Fig.E. 1.3 Deep groove ball bearings with shieids and seals on both sides

For higher rotational speeds and Dearing dimensions, as well as for more severe
applications, oil lubrication should be used. The most common methods are oil
baths, oil rings and ofl mist. To maintain a constant oil tevel, g vessel which reple-
nishes oit lost is sometimes mounted on the bearing casing. The generally recom-
mended iubricating oil viscosity grades for bearings used in centrifugal pumps, if
they operate between 50 and 100% of rated speed (from catalogue), are shown in
Table E.1.3.

:.Qtaﬁt.{ﬂiiﬁlf; : :
‘hearings . 50

70°C 180 VG 46 ISO VG 68
80°C 180 VG 68 IS0 VG 100
80°C 180 VG 100 180 VG 150

Table £.1.3 Qil viscosily grades

At lower speeds, oils with higher viscosity grades should be considered, and al
nigher speeds oils with lower viscosity grades.

An oil bath can be used in horizontat and vertical pumg arrangements, for fow to
moderate peripheral velocities. in horizontal applications the oil bath level is sef at
the centre of the beating’s lowest rolling element (Fig.E.1.4.a). The housing must
have a bypass beneath the bearings, to allow the oil to flow into both sides of the
bearing. The cross-sectional area should be big enough.

For vertical applications, the oil level is set slightly above the centre of the upper
surface of the bearing (Fig.E.1.4.b). Vertical oil bath fubrication produces high ven-
tilation losses if bearings are fully submerged. in order to reduce high ventilation
josses and 1o avoid creating an oil/alr mixture, oil mist lubrication can be used in
more severe applications.
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a} horizontal application b) veﬁidai application

Fig. E.1.4 Oil bath lubrication of roller bearings

Oil ring lubrication is used for horizontal arrangements only. It is shown schemati-
cally in Fig.£.1.5.a. The rotation of the shaft and oif ring throws oif from the bath
?nto the bearings and housing channels, An oil ring is made of brass or steel. lis
inher diameter is generally 1,6 to 2,0 times the diameter of the shaft, and its sub-
mergence should be 3 to 5 mm above the lower edge of the bore of the oil ring.
Oil ring lubrication reduces the oil volume brought to the bearing and therefore the
bearing friction. Because of the lower friction and better cooling, higher shaft
speeds and lower viscosity oils are possible with oil ring fubrication. According to
experience, shaft peripheral speed is limited to about 20 m/s.

Oil mist lubrication provides droplets of clean and cool oil to the bearings (Fig.

£.1.5.b). The mist, produced by a mist generator, is conveyed to the bearing house
by compressed air.

/

N7

"
T ¥ 7
o

a) oil ring lubrication b} oil mist lubrication

Fig. £.1.5 Oil ring and oif mist {ubrication of roller bearings
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E.1.2. Hydrodynamic radial bearings

The function of & hydrodynamic radial bearing is to take over the radial loads at
the allowed temperature of the bearing material. The surfaces of the rotating shaft
{journal) and the stationary parts of the bearing are separated by an ait film. The
rotating shaft pumps the oil into the bearing gap and causes the development of
an oil film with a well-defined pressure distribution. An exampte for a cylindrical
bearing with oif pressure distribution around the shaft in radial and axial directions
is in Fig.E.1.6. Due fo the radial lpading of the shaft, the latter moves into an
eccentric position by eccentricity €. The position of the shaft is given by the equi-
fibrium between the radial force and the reaction force created by the integral of
the oil pressure distribution around the shaft. Oil is used most frequently as the
lubricating and also cooling fluid, bearing

b

Fig.E.1.6 Schematic drawing of a radial cylindrical hydrodynamic bearing

During pump slarting, operating and stopping, three different types of friction ocour
in hydrodynamic bearings: dry, mixed and fluid friction. They are shown in a
Stribeck curve in Fig.E.1.7. When the pump is at standslili (0 = 0} there is no gap
between the shaft and the bearing shell. At this point, the dry friction of solid bodies
is valid, and depends on the characteristics of the materials of the shaft and bea-
ring shell which are in contact. At start-up, dry friction is immediately (after & few
turns of the shaft} converied into mixed friction. As the sliding speed increases, the
amount of dry friction decreases and that of fluid friction increases. Finally at a
speed of _tr, the transition point is reached where the sliding surfaces separate
from each other, and pure fluid friction prevails, with a minimum of friction losses.
As the sliding speed increases further, the thickness of the lubricating film increa-
ses, but also the friction losses increase slowly again. Curve (8) represents the
friction at a constant beating temperature, i.e. at constant oil viscosity. In practice
the temperature in a bearing rises from the start-up and causes a decrease in oil
viscosity and a more constant shape in the friction curve, curve (b). The bearing
operating point should always be in the region of fiuid friction, otherwise mixed fric-
tion occurs, producing a tise in temperature and excessive wear.
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- dry friction

fo F, = const.

mixgd friction  fluid friction
£l

\\
operating point

T = const.

=y

FigE 1.7 Schematic representation of a Stribeck curve, T — oif termperaiure,
f— friction coefficient, w - anguiar velocily

The most imporiant parameter for the fay-out of a radial bearing is the Sommerfeld

number, a dimensionless representation of the carrying capacity, according to the
definition (see atso Fig.E.1.6.):

o= ¥

m-w
5= F

B-D

W= g_m%-’ﬁ {based on experience w ~ 1.2 10 1.4 %o}
I3 mean pressure on bearing surface
y relative gap
n oil dynamic viscosity (at operating conditions)
® angular velocity

For each radial bearing type and each bearing size D/B, there is a well-defined

relationship between relative eccentricity ¢ and the Sommerfeld number So.
Relative eccentricity is defined as:
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Fig.E.1.8 Sommerfeld number So and friction coefficient #w for radial hydrodynamic
bearings as a function of geomeatry D/B and relative eccentricity «

Different types of stationary parts are possible in radial bearings, and each one
has its advaniages and disadvantages. Two types which are most often used in
centrifugal pumps are shown in Fig.E.1.9.

When tangential movement of the shaft occurs under certain loadings, a potential
danger of self-excitation and bearing instability exists. Different geometries of radial
bearing behave differently, and especially if the specific loading is low (low So num-
ber) the consequence can be an unstable behaviour with a danger of oil whip. Good
stability against oil whip is particulady important in low-foad radial bearings.
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Four-lobe radial bearings have the best stability against ol whip, because they
ensure the smallest possible tangential movement.

The bearing material, togather with the material of the shaft and the lubricant,
should create good sliding conditions. The bearing material should bind the lubri-
cant effectively to the sliding surfaces, and this is especially important during start-
up and slowdown, when mixed friction occurs and contact exists between the

materials. With a shaft made of steel the foliowing materials are used for the bea-
ring shell:

* white metal on lead basis,
+ whita metal on tin basis,

* lead bronzes,

» tin bronzes,

* gpecial brasses.

An imporiant characteristic of the bearing material is also that it should aliow the
pump to oparate for a short time during a failure of the jubrication system, without
excesslve damage. This Is especially important with thrust bearings in vertical
pumps, Wnen a pump remains at standstilt for a long time, the lubricating property
of the remaining oil film is reduced. This fact can tead to damage to the bearing, if
the specific loading is too high.

bearing type stability  carrying stiffiness damping acceptance

against oil capacity " of rotating
whip “load
cylindrical with
ptain bore and two
axial grooves
+ Rt 8 ++ ++ i
+++ ++ +b e et
+ tow +++ high
++ moderate +HH++ excelent

Fig.£.1.9 Advantages and disadvantages of two types of radial hydrodynamic oil
bearings
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E.1.3. Hydrodynamic thrust bearings

Thrust bearings take over the hydraulic axial forces of centrifugal pumps. For a
vertical shaft position the weight of the pump rotor should be laken additionally by
an axiat thrust bearing. In the designing of a bearing, speciat attention should be
paid 1o the stariing of vertical pumps. Reverse rotation of the pump during full load
rejection, resulting in run-away, must also be considered in the designing.

Titing pad bearings are usually used as thrust bearings. There are two basic

designs of tilling pad thrust bearings (Fig.E.1.10.):

« for & single direction of rotation, the pads are eccentrically supported. If the bea-
ring operates in the reverse direction, the temperature increases considerably.

« for both directions of rotation, the pads are centrally supported; however, the
bearing carrying capacity is lower

direction of
cuter diameter  collar rotation
. S , e trailing edge
leading edge e
4 5‘ eccentrical position
ghentry V11 of pad support

- {only one direction
of rotation)

. centyical position of
pad support {both
directions of rotation)

inner diameter

Fig.£.1.10 Schematic drawing of a segment of an axial tifting pad bearing

The basic pressure and velocity distributions in a bearing are in Fig.E.1.11. The
size of the thrusi bearing depends on the pump shaft size, permitted pressure loa-
ding of the pads, permilted temperature rise in the bearing {ihe recommended
temperature rise is between 30 and 40°C), peripheral veiocity and method of
cooling.

The conventional method of lubricating tiling pad thrust bearings is fully flooded
lubrication (Fig.£.1.12.a). A housing over-pressure of 0.7 t0 1.0 bar is usual, and
seal rings are required. Flooded lubrication is simple, but af higher peripheral col-
lar speeds the losses are refatively high. Where speed exceads 50 n/s directed
tubrication is introduced (Fig.E.1.12.b). Qil is injecied directly between the pads. It
reduces ca. 50% of the power losses due o ventilation, and if also reduces bea-
ring temperature, and therefore the amount of oil required. The preferred oil supply
over-pressure in directed lubtication is ca. 1.4 bar,
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oil film, acting simitar

as shown on Fig E.1.6. fuid pressure in the film

-

directicn of rotation

/4"'"”'“““"""'—---.-.. r{jtat) ng CQ“a]’
by

position of pad support
{eccentrical)
- pressure isolines

ait flowdines

Fig.E.1.11 Pressure distribution in an eccentrically supported pad of a thrust bearing

direction of
main thrust

inket

Fig.£.1.12.a Tifting pad thrust bearing - flooded lubrication
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oil supply

./ pads

Fig.E.1.12.b Tilting pad thrust bearing - directed lubrication

The supply of lubricating ol is executed by an external pressurised lubricating oil
system. Usually the system includes a shaft-driven oif pump, oil reservoir, heat
exchanger, filter, flow-, pressure- and temperature indicaters, safety low-pressure
switches, and various valves and piping. In order to improve the redundancy of
this important auxiliary system and consequently aiso the availabiiity of the pump
system, a motor-driven auxiliary oil pump is added to the system. One central
system is often used for several pumps.

for horizontal pumps with a moderate power concentration (PC < 5 MW/m2) one
option with a safe auxiliary oif system is a self-contained bearing system. A sche-
matic drawing showing such a system according to Glacier Co. isin Fig.E.1.13. it
conhtains two main parts:

» a central unit is posilioned on one side of a pump shaft, and includes thrust and
radial bearings, and produces the necessary ol flow for all the pump bearings

* a remote unit with a radial bearing is mounted on the other side.

Forced lubrication is autonomous, being provided by a pumping system driven
directly by the shaft. No priming is necessary because the pump inlets are always
submerged. The pump and bearings are designed for both directions of rotation.
This pump generates sufficient pressure and flow to ensure an oil supply 10 sepa-
rate remote radial bearings as well. The system efiminates the need for an exter-
nal fubrication system. Self-contained bearing systems accommodate thrust loads
up to ca. 200 kN, shaft gizes up to ca. 200 mm and speeds up to ca. 10000 rpm.
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remote unit with central unit with
radial beanng thrust pearing,
. radial bearing
) and oil supply

B S

Fig.£.1.13 Seif-cortained bearing systern

E.1.4. Product-iubricated hydrodynamic bearings

Hydrodynamic bearsings are usually lubricated with oil, but in some arrangements
hydrodynamic bearings lubricated with the pumped fluid are also used. The most
common applications are radial bearings in boreholes and well pumps al water
works, where no oil or grease contamination of the water is allowed. Another field
where product-lubricated radial and axial bearings have already been introduced is
single- and multi-stage hemmetic pumps, which pump toxic or flammabie fluids.
Product-lubricated bearings often operate, unlike oil-lubricated bearings, in a region
of mixed friction, and thersfore contact between both surfaces is frequent. Especially
during the start-up of very long single- or multi-stage pumps (Fig.£.1.14.), which also
have multi-radial bearing support to the shaft, it can happen that the product-lubri-
cated bearings have to run for a short time in a dry condition. Product-lubricated bea-
rings are very much dependent on the pump execution: single- or multi-stage pump,
verlical or horizontal arrangement. The right choice of combination of materials and
ihe qualily of machined surfaces are decisive for the high availabifity and long life
expectation of product-iubricated hydrodynamic bearings.
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Fig.E.1.14 Pump arrangements with product-lubricated bearings
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The most frequent executions of pumps with product-lubricated radial bearings are
vertical single- or multi-stage pumps. The following materials are used for the pro-
duct-lubricated bearings of such pumps:

* pumped fluid is abrasive:
shaft — with protective steel sleeve
bearing — SiC
shaft — with protective steel sleeve with SIC coaling
bearing — hard rubbe

» pumped fluid is clean:
shaft - steel

bearing —  hard rubber, tin bronze, different combinations of graphite,
PTFE, SiC

When an abrasive fluid (a fluid loaded with solids) is being pumped, the hardness
of the solid particles should be known, if possible. In addition, the corrosion and
abrasion resistance as well as the swelling properties of the material used for the
product-lubricated bearing should be known. For an execution with a shaft sleeve
of steel and a rubber bearing, special attention should be given to the difference
in hardness between both elements, if the product-lubricated bearing is rmade from
SiC, the surface should have the highest possible surface finish. Pumps for pum-
ping abrasive media are often equipped with a filtering system. The filtering of lar-

ger particles can be arranged by a simple self-cleaning filtsr, shown schematically
in Fig.E.1.14.b,

The' lubrication of a product-lubricated bearing is different from the classical oil-
iubricated bearing. It is caused by the axial pressure difference between the inlet
and cutlet of the bearing Ap (Fig.E.1.14.a). The temperature rise in a bearing with

-fongitudinal grooves is about 1 to 3°C, and the radial clearance _ should be bet-

ween 1 and 3%o.

The loading of radial bearings in vertical pumps is low. The exception is the first
stage of a muiti-stage pump, where in addition to the mechanical and hydraulic
unbalances, there are also static and dynamic radial thrusts caused by asyrmme-
tricat infet conditions acting on the bearings, especially in higher specific speed
pumps. In the case of plain bearings without any lubrication grooves (similar to
cylindrical bearings), the total radial loading must be determined. Usually it is low,
and with a low Sommerield number. Thus unstable behaviour can be expected in
the bearing. Because of the low load of the radial bearings, the calculation of
rotordynamics is also difficult. To reduce instability in the case of rubber radial bea-
rings, longitudinal grooves are introduced. The different types of rubber bearing
executions are shown in Fig.E.1.15. A tangential-type bearing with a well-gefined
geometry in the fransition region between the groove and the cylindrical part of the
bearing guarantees safe operation.
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The span between the bearings depends on the maximum operating speed and
shaft diameter. It has to be chosen under the assumption that itis a rigid bearing,
and the first critical speed should be above the design speed. Suggestions for bet-
ween-bearing spans are given in Standard API 610/8. In order to avoid unaccep-
table vibration in vertical pumps, in addition to the shaft vibration, the vibration in
the couplings and rising pipe should alsc be considered in detail.

Dry running of the bearings is quite commen during pump start-up. To reduce pro-
blems, non-metallic elastomeric bearings can be used in water, and also in mild
acid or caustic solutions. They have a relatively Jow friction coefficient. Their limi-
tation is their temperature range: the operating temperatune should be less than
60°C. Dry running Is limited to ca. 10 to 15 seconds. Some fypes of elastomeric
radial bearings allow dry start-up operation for up to 1 to 2 minutes. For detailed
information, the bearing manufacturer's instructions should be obeyed.

¢} longitudinal
tangential grooves

a) polygonal b} longitudinal

grooves grooves

Fig. E.1.15 Three types of rubber bearing

E.1.5. Hydrostatic and combined bearings

Hydrostatic bearings represent a different type of bearing. The oil pressure is
generated outside the bearing and then brought into the separate pressure cham-
bers of the bearing surface. The advantage of the hydrostatic over the hydrody-
namic bearing is that pure fluid friction is present all the time and at all operating
conditions, including start-up and stopping, and therefore no danger of wear
exists. For the same carrying capacity they have smaller dimensions and lower
frictional losses than hydrodynamic bearings. However, they are more expensive,
because a special pump for generating the hydrostatic pressure of the lubricant is
required, meaning higher investment and operating Costs.

in some cases, both types of bearing are combined, If the pump has to be star-
tad against a high static thrust, the hydrostatic pressure device is used only during
start-up and stopping. During steady-state operation, the bhearings operate
hydrodynamically, and the auxiliary lubricant feed is shut off. This execution is
usuaily used in the thrust bearings of vertical pumps, but also in radial bearings in
cases of extremely heavy rotors (high Sommerfeid number).

93



£. Mechanical components of a centrifugal pump

E.2. Seals

The function of the seals used in pumps is to separate two spaces with differeni
Qressures_and temperatures at alt stationary and non-statichary cperating condi-
tions, S‘tatu: seals separate two spaces without any teakage, and in dynamic seals
a certain minimal controlled leakage occurs. Depending on the application, seals
should be thermally, chemically and pressure resistant, and they should seal toxic,
fiammable or explosive fluids at high or very low temperatures against the sur-
roundings or against other fuids. Pump availability depends sirongiy on the seals.

Seals must be selected carefully in order to ensure the highest possible pump
availability.

E.2.1. Static seals

A st'atic seal is built between two surfaces with a minimal relative movement
against each other (e.g. flanges). It must be capable of compensating geometric
and 'volumetric changes arising from an alternating pressure and/or temperaiure
loading. A static seal should have a certain degree of deformability in order to
compensate for the roughness of the contact surfaces, but it should also have

enough s?rength to seal the fluld pressure and 1o bear the forces of any required
prestressing.

E.2.1.1. Flat gaskets

Fla't gaskets are discs, rings or frames that adapt fo the sealing surface across
their entire width. They consist either of a uniform material or are made of several
materials. Examples of the installation of a gasket made from a uniform material
and of one made of several materials, a spiral-wound gasket, are in Fig.E.2.1,

N ZN\&
a) Flat gasket of uniform material

Frremt

b) Spiral-wound flat gasket
Fig.E.2.1 Fiat gaskets

Flat gasketg are mainly used in flange joints. For the successful functioning of a
flat gasket it is important to treat carefully the whole flange joint consisting of the
tvyo flanges, the gasket and the screws (Fig.E.2.2). The parameters shown in
Fig.E.2.2. are needed for correct dimensioning. Safe operation is only ensured in
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the case of the oplimal interaction of all elements, There are several slandards
and recommendations for determining flange joints, e.g. DIN 2505, DIN 2508,
ASME section VHI, VD1 2230.

Ay -

Fs force in screw Py sufface pressure on the gasket
My tightening torgque A, sealing surface

Fig.E.2.2 Flange joint with a flat gasket

There are several possibilities for mounting flat gaskets (Fig.E.2.3.}. Intypes Aand
B the gasket has 1o support all the forces between the two flanges and to ensure
sealing. In type C, the functions of supporting the forces between the flanges and
of sealing are separated, and the gasket takes over only the function of sealing.
Sealing surfaces do not move after plastic deformation of the gasket, and this
represents an advantage, especially when the pump is often working under trans-
ient conditions (cold/hot start conditions). Spiral-wound gaskets are usually instal-
led for type C. Spiral-wound gaskets can be of different types, according 1o the
application; however, special attention must be paid to the dimensioning of the
flanges and screws.

The minimum thickness of a flat gasket depends on:

» roughness of the flange surface,

* compressibitity of the gasket material,

= surface pressure on the gasket.

Gaskets with a thickness smaller than 0.5 mm are applied in joints with ground
surfaces, and pressures over 16 bar. For reasons of strength, the width of the
gasket shouid be at least 5 limes greater than its thickness.

The material for flat gaskets depends on the application. For flat gaskets of uni-
form material, the following basic materials and their combinations are used: ara-
mid, synthetic, mineral and carbon fibres, PTFE, with or without metal reinforce-
ment, As blend and cover materials, NBR and SBR elastomers, graphite coatings
and resins are used. The limits of their normal operating range are about 150 bar
and 500°C. The maximum permitted pressure is also limited by the execution of
the flange joint.
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IS

s

v

Fig.E.2.3 Possibiliies of flat gasket installation - distribution of the sealing forces

In spiral-wound gaskets, different types of stainless steel are used for the metal
s}rip, while the filler strip can be PTFE, ceramic or graphite. Their normal opera-
ting range limits are about 550°C and 400 bar. For special applications they can
be enlarged via special designs for a pressure up to about 1000 bar, and, depen-

ding on the environment (reducing or inert atmosphere), they can operate at tem-
peratures up to about 3000°C,

E.2.1.2. O-rings and C-rings

O-ripgs and C-rings are static seals that require relatively low prestressing. The
sealing force is generated automatically by inner pressure, which is why they are
‘atso‘ .calif.«}d self-energising gaskets. The small tightening forces needed have a
positive mfiuence on the dimensions of the flanges and screws. Joints with O-rings
are of a simple design, and O-rings dimensions are standardised and need litle
space. The danger of sudden failure is very smalfl. Rubber, elastomer and metal
rings are possible (Fig.£.2.4.). Almost all rubber and elastomer O-rings can be reu-
sed 'afier disassembly. This is not the case with plastically deformed metal O- and
C- rings and flat gaskels. The disadvantage of rubber and elastomer O-rings is
that applications are limited by a temperature of about 200°C. The limits are cau-
sed by the material used as well as by extrusion, which is dependent on pressu-

re, m'ateréal hardness and the clearance between the two flanges under operating
conditions.

Metallic O-rings and C-rings are capable of sealing extreme pressures (from high
vacuum up to a few 1000 bar) and extreme terperatures {-260°C to 1100°C).

Ti?ey can be used only once, because at the first compression metal rings are pla-
stically deformed,
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R
a) rubber or elastomer b} metal O-ring ¢} metal C-nng
O-ring

Fig.E.2.4 Different instaliations of O- and C-rings

E.2.2. Dynamic seals — shaft seals

The point where the pump shaff passes through the casing wall from the inner,
liquid-filled part of the pump, to the atmosphere, represents one of the most criti-
cal pump zones, and therefore determines the total availabitity of the pump
system. The function of the shaft seal is the separation, with a certain minimal lea-
kage, of these two spaces with different pressures and temperatures. i is instal-
jed between one static part, the casing, and one rotating surface, the shaft.
Different types of shaft seal are available, according to the operating conditions
{stationary, transient, breakdown; pressure, temperature), fluid characieristics,
required degree of leakage losses, as well as safe operation. The two most com-
monly used types are stuffing box packings and mechanical seals.

E.2.2.1 Stuffing box packings

Stuffing box packings are contact shaft seals that are widely used in the pump
industry, because they are of a simple design. Basically the siuffing box packing
is a pressure reduction device, The packing rings, which must have a certain sia-
sticity, are axially compressed by the gland in order to give the desired radial fit o
the shaft. The leakage around the shatt is controlled by tightening or logsening the
gland studs {Fig.E.2.5.). The leakage has the funclion of tubricating and cooling.
The packing must absorb the energy generated by friction. When high temperatu-
re fluid is being pumped, additional cooling has to be introduced (Fig.E.2.5.b.}
When a liquid is pumped near its vaporising temperature, the cooling must be suf-
ficient to prevent any vaporisation at the outlet of the stuffing box.

Packing rings are easy to fit, they can be changed without disassembling the
pump, and maintenance is simple. The likelihood of a sudden failure is very small.
Their major weakness is that the operating range is relatively timited regarding
shaft circumferential velocity, sealing pressure, and temperature, and in some
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cases w'hen pumping certain hydrocarbons, due to relatively low lubrication cha-
ractegzgixcs. Simple stuffing box arrangements are limited to shaft circumferential
velocities of about 18 m/s and pressures of about 25 bar. Arrangements with

cooling can operate up to circumferential velocities of about 25 m/s and pressures
of about 30 bar.

Stuﬁ}ng‘ b‘ox packing is shown schematically in Fig.E.2.5. When pumping abrasive
media, it is important that the entrance of abrasive particles under the sliding sur-
face is prevented. This would cause damage (o the seal and to the shaft surface.

To prevent this, clean fluid with an overpressure of between 1 and 2 bars should
be injected into the lantem ring (Fig.E.2.5.b.).

buffer or cooling fluid

!

3 4 1

&) simple arrangement

b} arrangement with:
- bulfer fluid (abrasive media)
- cooling fiuld (high temperature media)

E| casing den  shaft diameter

2 packing rings PDsx  shuffing box diameter
3 gland s stuffing ring width

4 studs L stuffing box length

5 washer ring

8 shaft

7 lantern ring

Fig.£.2.5 Schematic drawing of a stuffing box

To determine the thickness of the packing and the number of packing rings, the
manufacturer’s recommendations should be followed. The largest amount of pres-
sure reduction in the stuffing box is taken by the last ring. The number of rings
shouid be limited to about 6 in order to reduce friction losses.
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Fig.E.2.6 Guidelines for selecting the packing width and number of rings
(acc. Burgmann Co.)}

A wide range of packing materials makes them convenient for sealing the majority
of fluids. The base materials are chiefly chosen irom the viewpoint of chemical
resistance and the temperature of the pumped fluid, and can be the following: cot-
ton, glass, PTFE, graphite, etc. Other criteria are circumferential speed, friction
coefficient against the shaft material and mechanical ioads. Impregnations irnpro-
ve chemical stability, cross-sectional density and sliding properties. At the same
time they act as a lubricant to prevent the seizure of the packing in dry running at
pump start-up. Commonly used impregnation materials are greases, oils, graphi-
te, rubber, PTFE and their combinations. For a long lifetime, it is preferable that
shaft sliding surfaces are hardened; the recommended hardness is 40 to 60 HRC,
and with low roughness values (Ra < 1.6 um) in order to reduce friction losses.
However, for seals for a specific pumped fluid, the optimal material selection has
1o follow the recommendations of the packing ring manufacturers.

E.2.2.2. Mechanical seals

A mechanicat seal is a contact shaft seal, where two faces slide on each other. In
principle it is similar fo a stuffing box, but the sealing surfaces are perpendicular to
the axis of rotation. The sealing surfaces are highly polished and much smaller in
comparison with the surfaces of a stuffing box, permitting higher circumferential
speeds. They are pressed together with different axial forces. Between the sliding
surfaces there is a liquid lubricating film which also ensures the necessary cooling.
The direction of the leakage flow is from the outside diameter of the mechanical
seal, towards the inner diameter, Leakage josses depend on the quality of the sii-
ding surfaces, the flatness of the faces, distortion caused by pressure and tempe-
rature lpading, vibration of the shaft, mode of operation and fluid properties. The
basic elements of a mechanical seal are in Fig.E£.2.7.
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product side

atmosphere side

rotating seal face

stationary counter ring

one or more springs or bellows

secondary seal between shaft and seal face
secondary seal between casing and counter ring

O B0 N -

Fig.E.2.7 Basic elemerts of a mechanical seal

The axial sealing force Fast is a result of all the forces acting on a mechanical seal
(Fig.E.2.8.).

product side
T

atmosphere side

Fig.E.2.8 Forces acting on a mechanical seal
F.s’f = Er + [f.\f - F;e * 1;{;

a.

2

Fn hydraufic loading force  F, = A,.p = ZE(DZ — d,,").p
Fst  spring force 4

Fsy  hydraulic force of the sealing gap, caused by pressure distribution in the gap
Fi  frictional force of the secondary seal {can be ighored)

An hydraulic loaded area

A sliding surface

d  nternal sliding surface diameter

D external sliding surface diameter

dn  hydraulic diameter

p pressure acting on the hydraulic loaded area Ah
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The ratio of the hydraulic loaded area An 10 the sliding surface A is detined as the
hydraulic foad factor k (balance ratio of the seal).

2 2
p=h D —d
A D=4
With k=1, a mechanical seal is said to be loaded {unbalanced), and with k < 1 #tis
said to be baianced. Fig.E.2.9. shows the hydraulically loaded area. L.oad factors
usually lie in the range between 0,6 and 2. As the value for K increases, the sea-
ling face load rises, the sealing gap becomes narrower, leakage decreases and
wear increases. As the value for k decreases, the sealing face foad decreases.
This is why balanced mechanical seals are used for applications in the high pres-
sure and high speed range, high power concentration pumps. A decreasing value
for k improves the formation of a lubricating film, but it also produces greater lea-
kage, Too low a value for K can cause the opening of the sliding faces and endan-
gers the safe operation of the pump. In order to obtain a high availability of the
mechanical seal, strict requirements in the seai face material (low weat, corrosion
resistance, fow friction, good heat transfer as well as high stiffness) are of vital
importance.
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b} balanced, k <1

Fig.E.2.9 Lvaded and balanced mechanical seals
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Mechanical seal arrangement

More than 90% of all mechanical seals are used as singlte mechanical seals
{Fig.E.2.10.). The lubricating film between the sliding faces is formed by the
medium 10 be sealed. Their approximate operational limits are:

* sliding velocities up to 70 m/s (balanced seals) and 20 mv/s (loaded seals)

+ differential pressures up to 150 bar

« temperatures up to 300°C (cooling of a mechanical seal is obligatory)

atmosphere side

product side

atmosphere side

Fig.E.2.11 Double-acting mechanical seal in a back-to-back arrangement
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Double mechanical seals in a back-to-back arrangement (Fig.E.2.11.) are used
where no leakage of the pumped media can be allowed to emerge rom a pump
handling explosive, toxic, aggressive or highly inflamimable media thal cannot be
allowed to escape inlo the atmosphere. In addition, mechanical seals in a back-to-
back arrangement are instailed where media with poor lubricating propedies are
pumped. An external buffer fluid serves o separate the product from the atmo-
sphere. Buffer fluid pressure iles at around 2 to 3 bar or 10% above the pressure
of the product. One part of the buffer fluid is mixed with the product, and the mix-
fure must be compatible with the pumping system.

A double mechanical seal in a tandem arrangemeni is another term for two single
mechanical seals installed in series and acting in the same direction {Fig. E.2.12.).
This kind of seal is installed where the mixing of product and butfer fluids is prohi-
bited. The purpose of the mechanical seal on the almosphere side of a tandem
arrangement is either {o enable two-stage pressure reduction or else to seal in the
guenching medium and to monitor the primary mechanical seal on the product
side. It ensures that no product teakage escapes, and shouid be applied for cor-
rosion aggressive media or for mixtures consisting of fluid and solids.

product side
atmosphere side

quenching medium

Fig.E.2.12 Double-acting mechanical seal int & fandem arrangement

Depending on the application, the following materials are used for seal faces and
stationary rings:

» synthetic carbons (carbon graphite or electrographite with diferent impregnations)
» metals (CrMo steel, CrNiMo steel, Hastelloy B or C)

» metal carbides (tungsten or silicon carbide with different binders or sintered)

» metal oxides (aluminium oxides)

*» plastics (PTFE, fibre or carbon reinforced;)

The limits of the application of the material combinations are widely influenced by
the fluid viscosity and content of solids.
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The right choice of mechanical seals in pumps in thermal power plants and in
petrochemical plants is decisive 1o the availability of the whole plant, and is often
problematical. The fluid must be cooled before it enters the sealing gap, in order
to prevent evaporation due to heating caused by friction. From experience, the
temperature of the fluid entering the gap should be about 15°C lower than its eva-
poration temperature. If this condition is fulfilied for all operational cases, evapo-
ralion does not occur and therefore there is no danger of cavitation at the outlet of
the seal faces. Cavitation would cause the erosion of the sealing surfaces and
would damage the mechanical seal in a very shor time.

Standards AP] 610/8 and AP! 682 suggest different plans for auxifiary piping
systems to maintain the appropriate operating conditions for mechanical seals, in
respect of cooling of the seal chamber, keeping the seal chamber clean without
harmful deposits, evacuation of vapours or gases that may collect in the seal
chamber, using quenching to prevent solids from building up on the atmosphere

side of the seal, and installations for buffer fluids in double-acting mechanical
seals.

E.2.2.3. Hydrodynamic seals

This type of contact-free seal is used mainly for pumps that pump fluids loaded
with solids (e.g. paper industry) and whose operating point is constant. The pump
operates without any leakage and seal wear, and there is no need for additional
cooling, quenching or buffer fluids, and therefore the pump availability is high. The
working principles of one possible execution of a hydrodynamic seal can be seen
in Fig.E.2.13. The sealing is executed by the liquid ring. The sealing fluid is purn-
ped from the sealing chamber by an auxiliary impelier, and it prevents the escape
of the product fluid. When the pump is at standstill, the sealing fluid COMPresses
the elastic disc which produces the seal, Immediately after start-up a certain pres-
sure is generated in the sealing chamber, and deforms the disc in such a way that

no contact occurs. The fluid temperature should be lower than the evaporation
temperature. :

i auxiliary impedler

elastic disc

! __pumped liquid

Fig.E.2.13 Hydrodynamic seal
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E.2.3. Canned motor pumps

The chemical industry, medicine, reactor engineering and space technoiogy on the
one hand, and on the other hand a growing awareness of the need for environ-
mental protection, demand fully leak-free pumps, Only canned moior pumps and
magnetic coupled pumps ailow the realisation of the demand for leak-free pumps,
as siuffing box packings and mechanical seals require an unavoidable minimum
leakage flow needed for cooling and lubricating the seal. Magnetic couplings are
discussed in section £.3.4.

Single- and muiti-stage canned motor pumps are mainly installed in the process
industry, in chemical and petrochemical plants. A schematic drawing of a canned
motor pump is in Fig.E.2.14. The decisive patt of the machine is the can, a thin
tubular casing of non-magnetic and product-resistant high-grade stainless steel or
nickel alioy. A magnetic drive torque is transmitted from the motor stator windings,
through the can to the rotor. The can shouid take over the whole pressure diffe-
rence between the product pressure and the atmosphere. As in magnetic
couplings, the radial and axial bearings in canned motor pumps are product-iubri-
cated and must be designed to withstand the conditions imposed by the fluid,
mainly viscosity and lemperature. The bearings are normally designed as plain
bearings, although in a few cases they consist of roller bearings. A partial flow
taken from the pump pressure side provides a cooling flow through the rotor-sta-
tor can gap and is then returned to the main flow.

Fig.E.2.14 Canned motor pumy
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E.3. Couplings

A coupling is used whenever it is necessary 1o connect two shafts and to transfer
torque from one shaft (drive} to ancther shaft (pump). The drive can be an electric
motor, diesel engine, or steam or gas turbine.

The method of operation is decisive for the correct choice of the type of coupling.
The following parameters have 1o be considered:

« lpad factor (continuous or intermittent operation)

« relative axial displacement of the shaft ends (fransients, axial loading)

* relative radiat displacement of the shaft centre

* changes in the shaft centre angles

« probable magnitude of the pump shaft vibration

» transient conditions

= weight and length of the coupling

* possibility to be dynamically balanced

The required torque transmission is decisive for the correct choice of coupling size.

The couplings used in the centrifugal pump industry can be classified in the follo-
wing way:
* rigid couplings
Hange-rigid couplings
spiit rigid couplings
+ floxible couplings
= permanent elastic couplings
- elastomer couplings
- al-metat couplings
+ torsional stiff self-aligning couplings
- gear couplings
- membrane (diaphragm) couplings

Besides these, hydrodynamic couplings are used for some applications, and
nowadays magnetic couplings are also used in the process industry.

£.3.1. Rigid couplings

Rigid couplings are used where two shafls have to be maintained in precise align-
ment. The precise alignment of the pump and drive bearings is of exireme impor-
tance because rigid couplings do not accommodate misalignments between two
shafts. In addition, an extreme accuracy in the manufacturing of the flanges is very

important. Two types are commonly used (Fig.E.3.1.); flange couplings and split
couplings.
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Flange couplings are used in vertical pumps which do not have their own thrust
bearing. The common axial thrust bearing is generaily located in the electric motor.
The coupling flange bolts have to transmit the total hydraulic axial thrust together
with the weight of pump rotating parts. A ring can be built betwaen two flanges,
{adjustable flanged rigid coupling). The ring allows the posilioning of the pump
shaft axially with respect to the drive, or to adjust the gap between the impeller and
the casing wall when an open impeller is used.

Split couplings are used in vertical pumps with long shafts, which are assembled
from many paris.

m:w‘ -

a) adjustable flange
rgid coupling

b} split rigid coupling

Fig.E.3.1 Flange and spiit rigid couplings

E.3.2. Flexible couplings

= EH

a) angular misalignment
..] ST

Fig.E.3.2 Angular, lateral and axial shaft misalignment

Besides their primary purpose, to transmit torque from drive to pump, flexible
couplings are capable of compensating for certain unavoidable shaft misalign-
ments - angular, lateral and axial (Fig.E.3.2.) — in order to minimise their influen-
ce on the vibration and rotordynamic behaviour of the pump. For a good dynamic
behaviour of the pump, i is important that the misalignments are as small as pos-
sible: however, the instructions of the coupling manufacturer should be respected.
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There are two main types of {flexible couplings: permanent elastic couplings and

torsional stiff self-afigning couplings. Both types can be instalied as spacer
couplings (see section E.3.2.2.2).

E.3.2.1 Permanent elastic couplings

Elastic couplings are the most commen and widely used couplings in the pump
industry. They are used for standard pumps with a low or medium power con-
sumption (up to about 300 kW) and operating speeds up to 3600 rpm. Some addi-
tionat advantages of elastic couplings are that they can reduce and damp torsio-
nal shock loads caused by the drive {for example a diesel engine), and they aiso
allow small axial, radial and angular bearing deflections. There are many types of

elastic couplings. Some of them are shown in Fig.E.3.3. (elastomer couplings) and
E.3.4. (all-metal coupling).

¢) between-rings coupling d) rubber jaw coupling

Fig.E.3.3 Elastic coupiings — elastomer couplings
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a:d

= |

spring-grid coupling
Fig.£.3.4 Elastic couplings - afl-metal coupling

E.3.2.2 Torsional-stiff flexible couplings

For more severe applications, torsional-stiff self-aligning flexible couplings are
used. Gear and membrane couplings belong to this group. Both are metal
couplings and can be used in pumps according to Standard API 610/8.

E.3.2.2.1 Gear couplings

a) simple gear coupling

b) spacer type gear coupling

Fig.£.3.5 Gear couplings

Sometimes these are also calied mechanicai flexible couplings. Gear couplings
{(Fig.£.2.5.) are used for high-speed pumps up to 5000 rpm with torque ransmis-
sion up to 7000 kNm. They have some disadvantages. There is a metal contact
and relative sliding movement between two teeth due {o the possible thermal
expansion of both shafts, which means that gear couplings are exposed to wear
and must be lubricated. They can be filled with fubricant, and grease is used for
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speeds up to 3000 rpm. Another option for higher speeds is continuously suppl-
ying the coupling with 0il. A critical point is the sealing at the shaft, where certain
volumelric losses occur. The balancing of a gear coupling set is very difficult, as
only the hub part can be dynamically balanced. The advantages of gear couplings
are that their natural frequency is independent of axial shaft movements, and their
torsional stiffness can be altered with the thickness of the sleeve. Due to frictional
forces in the teeth, an axial thrust is generated, which has to be considered when
dimensioning the pump axial thrust bearing.

E.3.2.2.2 Membrane (diaphragm) couplings

This type of coupling relies on the Hexing of the coupling elements in order to com-
pensate for misalignment. They are also called flexible material couplings. The
eternents must have a sufficient materal resistance to fatigue failure. A high
degree of manufacturing tolerances is required.

They do not need any lubrication, which represents a great advantage compared
1o gear couplings. In addition they are not exposed to any matenial wear. However,
the alignment of the coupling must be maintained within the required timits given
by manufacturer, and they are defined by the fatigue fimits of the membranes
{discs). High-speed multi-slage pumps require a minimum coupling weight and
minimum length between coupling flanges, These two parameters are important,
because they influence the shaft deflection at the driving end, and therefore the
general critical speed and rotordynamics of the whole system. They can be fitted
to high-speed pumps up to 10000 rpm and torque transmission up to 3000 kKNm.
The axial thrust generated by a membrane coupling is between 10 and 20% that
of a gear coupling, and it has to be taken into account when dimensioning the
pump axial thrust bearing. The disadvantages of membrane couplings are that
they require high quality assembly and disassembly, as mechanical damage to the
‘membranes can cause dangerous cracks. Their natural frequency depends on the
compression of the membranes, and a certain axial prestressing is required.
Severai executions of membrane couplings are possible: couplings with one or
more membranes (Fig.E.3.6.}, and couplings with membranes of constant or
variable thickness. In a disc coupling a single element is fitted instead of a num-

ber of membranes. It has a hyperbolic contour in order to produce a uniform stress
distribution in the membrane.

Spacer couplings (Fig.E.3.6., Fig.E.3.7.) are commoniy used with end-suction pro-
cess pumps. Their advantage is that when they are dismounted, the pump bearing
bracket with the impeller and seal can be removed while the pump casing and
drive remain in place. Another application of spacer couplings is when angular or
lateral shaft misalignments are high and exceed the limits of the usual coupling.
Gear or membrane couplings should be used especially when the drive tempera-

ture during start-up is different to the pump shaft temperature (different thermal
gradients).
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Fig.E3.7 Single-stage end-suction pump wilft a membrane spacer coupling

£.3.2.2.3 Flexible drive shafts

Flexible drive shafts are a form of spacer coupling {Fig.E.3.8.), usually used in ver-
tical, but also horizontal arrangements. The flexible couplings an both ends are
replaced by universal joints. Such a coupling arrangement is suitabte for the follo-
wing cases: ' ' _
» large angular and lateral misalignments of the pump and drive centrelines, eli-
minating the need for perfect alignment _

» large distances between drive and pump {(only in tha case of vertical pumps).

A flexible drive shaft cannot take over any axial or radiat forces, and this must be
taken into account in the design of the radial and axial bearings on the drive and
pump sides; sometimes additional bearings must be planned. Special attention
should be paid to vibration in a flexible drive shaft, and the naturat frequency must
be a long way from the operating speed. They are not suitabie for high-speed
pumps.
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SR

Fig.E.3.8 Flexiblg drive shaft arrangement

E.3.3. Hydrodynamic couplings

A hydrodynamic coupling is a converter that transfers energy directly through a
working fluid, from the driving machine {e.g. electric motor} to the working machi-
ne {e.g. pump). Hydrodynamic couplings are used where high energy has to be
transferred in a limited space (high energy concentration), with possible additional
requirements for working machine speed control (example: boiler feed pumps).
The main parts of a hydrodynamic coupling are two rotaling cascades (Fig.£.3.9.):
the pump wheel (primary) and turbine wheel (secondary). The working fluid is
acceterated by the pump wheet and decelerates in the turbine wheel, As a result
of the power transfer process, the oil temperature rises because of energy losses,
and therefore a cooling system is necessary. The turbine wheel has a 1.5 -~ 3%
slip against the pump wheel, which represenis energy losses in the coupling.
Speed control in the turbine wheel is achieved by a variable fluid filling in the
coupling, as shown schematically in Fig.E.3.9.b. Hydrodynamic couplings enable:
» smooth acceleration of heavy loads with optimally designed drives,

* no drive overload when the working maching is overloaded,

* no need for oversized drives,

* separation of vibration sources and damping of vibration,

* speed control of the turbine whee! {variable fiuid filling coupling).
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a) constant fluid filling p) vanable fluid filing

Fig.E.3.9 Hydrodynamic couplings

E.3.4. Magnetic couplings

Environmentai protection requirements are higher every day. A pump arrgngemen{
with a magnetic coupling in combination witha staﬂdarc_i etectric motor (Fig E.3.?O)
eliminates leakage losses to the atmosphere, and this is important when pumping
toxic, flammable or other harmful media. They are applied more and more fre-
quently, due to the improvements in magnetic materials a(md p{f)dggt-tubflcateci
axial and radial hydrodynamic bearings. The designing of high:-?ehabiilfy axsgl and
radial bearings requires a full knowledge of the radial and axial forces acting on
the pump impelier. The influence of the product viscosity must be carfefu}ly consi-
dered. Together with canned motor pumps (section E.2.3.}, magnetic couplings
belong to the group of leak-free pumps.

Fig.E.3.10 Magnetic coupled pump
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F. HYDRAULIC THRUSTS

F.1. Axial thrust

F.1.1. Origins of axial thrust

The static pressure at the impeller exit also represents the initial static pressure at
the outer periphery of both impeller side chambers. Due to the effect of fluid rota-
tion in the side chambers, static pressure is reduced in the radial direction fowards
the impetler axis, The basic static pressure distribution and the components of the
hydraudic axial thrust are shown in Fig.F.1.1. The main part of the axial thrust repre-
sents the thrust components acting on the impeller front Fis and back shrouds Fos,
resuiting from the pressure distribution on the related shroud area. The lesser part
represents the impulse thrust Fi resulting from the inlet axial velocity component,
and the resultant force due to the diference in static pressure distribution on the
hub and shroud streamtines Fon, Force For can reach higher values in impellers with
higher specific speeds and in operating conditions a long way from BEP.

impeller side chambers

impelier front shroud
impeller back shroud

Pass = (1) &

v

fs Caa

FA = Fpg R 1 "'"'"Fm

g

Fig.F 1.1 Simpilified static pressure distribution for a single-stage pump

The parameters that influence the hydraulic axial thrust are: initial pressures at the
impeller outlet, fluid rotation in the impeller side chambers, axial velocity compo-
nent at the impeller infet, and static pressure distribution on the hub and shroud
streamlines. On the other hand, the fluid rotation in the impeiler side chambers is
influenced by the leakage flow rate {wear ring clearance), geometry of the side
chamber, impeller axial position towards the diffuser or spiral casing, and the
effectiveness of separation of the side chamber flow from the main impeller flow.
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F.1.2. Calculation of the hydraulic axial thrust

A schematic representation of the pressure distribution on the impeller front and
back shrouds and the position of the axial thrust components is shown in Fig.
F.1.1. The hydraulic axial thrust Fa is defined as follows:

FAzFbx“Ffst;-F:'h

The axial thrust components can be caiculated as shown below.

Thrust on the impelter back shroud:
F =1 (“1.22 - rj?) -(pa'lbs _O!S ' p w2 : k!n ’ (r’)2 - 0’5 : (ff +

]

b 2 sl

Thrust on the impetler front shroud:;

22 2 .2 .2 2 ‘ R
F:fs =n (rZ - '}wr) ' (pdE,j:s- - 035 : p w kf\ ' ("2 o 0?5 ' (]2 + ‘fwr ))) + pa T ’h'ﬁ‘
impulse thrust
E=0p-c,
Resuttant force due to the difference in static pressure distribution on the front and
back shroud streamiines;

Fen— detined through numerical flow analysis (NFA), in radial purmps it is small and
can be ignored,

The first main parameter for caiculating the axial thrust is the initial pressures at
the impeller outer periphery pazes and paass. The correct way 10 detine these pres-
sures is o use results measured from a pump of the same or very similar hydrau-
fic geometry. When such data are not available, the following expression can be
used for rough estimation (valid near BEP):

pt!Z,bs = pd?,fs = pd - 0’25 ) Apmt

Apror — pump total pressure difference
pa — discharge pressure

in the procedure shown above for calculating the axial thrust components, the
values for the pressures ps, pa, pazss and pazes should be taken as over-pressures
(pressures above the atmospheric pressure). In the case of under-pressure at the
pump suction side, the suction pressure ps is negative.

The second main parameter for calculating the axial thrust is the coefficients of
fivid rotation kfs and kbs in both impeller side chambers {fs — at front shroud, bs
at back shroud).

kﬁ:ﬁﬁ/w
kbs :ﬁbs/a}
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p - fiuid angular speed
w - impetier shroud anguiar speed

The coefficient of fluld rotation is very much dependent on the type of hydraulic
slemant at the impslier exit (spiral casing or diffuser) and on the leakage flow
direction and amount in the impeller side chambers. When no experimental values
for the same hydraulic geometry are availabie, the values from Fig. F.1.2 can be
used for estimating the fluid rotation coefficients.

diffuser
spiral casing

g
%
o
2 + 4
crﬁﬁ 2 diffuser
ER
i diffuser Q.7
0.6 0.8 /
05 0.5
R NN .o I '
04 2N 0.4
0,3 0.3 T
02 spiral casing 0.2 spiral casing
a1 at back shroud 0.1 1at front shroud ' o
b 0,5 T Qo 0 0.5 T Qi

Fig. F 1.2 Coefficients of fluid rotation in impeller side charnbers

As shown above, for an accurate calculation of the axial thrust components expe-
rimental data are needed, and these are not always available. In such cases the
refationships from table F.1.1 can be used for a rough estimation of the hydraulic
axial thrust of different pump types.
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Badial-low pumps oo

£,=(07-09) b, (7] - 13)

F, =(ng /2200 Ap,, -1 (1] =13}

)(?,28

Fy = (200/nq)"™ - Ap,, -7 (i ~13)

FA M":(l . ]71)'Apm 'ﬂ'(f'; mrf)

Table 1.1 Rough estimation of hydraulic axial thrusts for different pump types
F.1.3. Design possibilities for reducing axial thrust

Single-stage pumps: The simplest solution for smalier pump sizes with jow rota-
tional speeds, is that the total axial trust is transferred from the rotor 0 the pump
casing through an axial thrust bearing. When the size of the bearing becomes
uneconomically large, or the expected bearing fifetime too shori, the thrust com-
ponent acting on the back shroud Fus has to be reduced. When pumping clean
fluid without solid particles, a solution with an additional wear ring and bores in the
impelier back shroud is applied {see Fig.F.1.3.}). The pressure in the chamber bel-
ween the back shroud wear ring and the impeller hub s reduced practically to the
level of the impelfer inlet pressure, and thus hydraulic axial thrust is largely balan-
ced. 1t Is recommended 10 execute one bore per impelier channel, and the area of
all the bores should be 4-5 times bigger than the total flow area in the wear ring
gap. The negative aspects of this solution are additional leakage losses and flow

117



F. Hydraulic thrusts

disturbance at the impeller inlet due to flow jets at the bore exit, thus worsening
the pump cavitation characteristic.

When the pumping fluid is also loaded with selid particles, a solution with additio-
nal ribs on the impeller back shroud is usually applied (see Fig.F.1.4.). in the side
chamber area where the ribs are installed, the pressure is reduced due 0 an “auxi-
liary simpiified impelier”, which reduces the axial thrust on the back shroud Fus.
This execution is simpler and cheaper than the solution using additional wear

rings, but the negative side is the additional power losses due to the mixing effect
of the ribs,

ribs on impeller
back shroud

bores in
impeler
back shroud

back shroud
wear rng

area of reduced
pressure

Fig. F.1.3 Solution with wear ring Fig. F.1.4 Solution with ribs on the
on the impeller back impeiler back shroud

Double eniry impellers {see Fig.F.1.5.), have axial thrust balancing established
through a symmetrical impeller design (Fis1 = Fisr). Nevertheless, the unbalanced
thrust can be essential when a non-symmetrical inflow takes place to both impal-
ter sides, when the impeller position is not in the casing centreline, when the impel-
ter side chamber geometry and wear ring diameter on both sides are not equal,
and when a difference exists in the leakage flows on both impeller sides.

Two-stage pumps: Two-stage process pumps (see Fig.F.1.6.), have the main part
of the axial thrust balanced through a “back-to-back” impelier arrangement. The
residual axial thrust resulting from the differing pressure distribution in both impei-
ter back side chambers (due 1o the opposite leakage flow direction), has to be
taken by relatively small axiat thrust bearings. Impellers are inserted axially into

the c_:asirsg. The fabrication of the casing is complicated from the moulding and
casting point of view.
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Fig. 1.5 Double entry impelier

Fig. F.1.6 Two-stage pump in &
“back-tc back” impeller
arrangermertt

Multi-stage pumps: Due to the higher pump total head, produced by more impel-
lers within the same casing, the axial thrust balancing in multi-stage pumps is
more demanding and sensilive than in single-stage purmps. An extensive kno-
wledge of the origins of hydraulic axial thrust and of the influences of different geo-
metrical parameters on axial thrust is needed in order 10 design a&n axial thrust
balancing device correctly, and to size the axial thrust bearing economically. Due
o the relatively complex calculation of axial thrust from the pressure distribution
on the impellers shrouds, frequently in practice the measured values of thrust from
the testing of the model pump serve as a basis for sizing the axial thrust balancing
device and thrust bearing.

In multi-stage pumps with a *hack-to-back” arrangement (see Fig.F.1.7.), the
casing is axially split. The connecting channel between the first and second pac-
kage of impellers is executed inside the casing parts, which are complicated trom
the fabrication point of view. The piston which is placed between both impeller pac-
kages has an additional positive effect on the pump rotordynamic behaviour.
Nevertheless, some residual axial thrust remains that must be taken by a relatively
small axiat thrust bearing.

A simpler casing design is in multi-stage pumps with all the impeliers in series {see
Fig.F.1.8.). The consequence is a high axial thrust, which has to be compensated
by one of the foliowing axial thrust balancing devices: disc, piston or combination
disc/piston. In all the above-mentioned executions, a pipe connection is necessary
from the exit of the balancing device to the suction side of the pump .
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Fig. F1.7 Mulli-stage pumnp in
back-to-back impelfer impelflers in series
arrangemant

Fig. F.1.8 Multi-stage pump with all

An execution with a balancing disc {see Fig.F.1.9.), normally has no need for an
axial thrust bearing. The axial thrust on the disc Fau acts in the opposite direction
to the axial thrust on the impellers Faimg, and is self-adjusting by changing the axial
clearance between the disc and the stationary counter piece. An execution with a
disc has relatively low leakage losses Qg The disadvantage of this solution is a
possible evaporation of the fluid in the disc gap during start/stop regimes, which
can lead to contact between the metals of the rotating and stationary parts of the
disc. In the case of daily star-up/shut-down operations, metal contact can cause
premature wear of the disk. In order to avoid this inconvenience, a fift-off device
can be provided, focated in the bearing casing.

connection o pump
suction side

il

C)L‘d

last stage batancing
irmpeller disc

Fig.F 1.9 Execution with a balancing disc

In an execution with a balancing piston (Fig.F.1.10.), the pump rotor is fixed in the
axial direction by an axial thrust bearing. The major part of the impeller hydrauiic
axial thrust Faimp is balanced by the axial thrust of the piston Fap, which is produ-
ced by a high pressure difference between both sides of the piston, and acts in the
opposite direction. With a non-compensated thrust the axial bearing is loaded. The
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advantage of a pump design with a piston is robust execution with high pump reh‘g-
bility, but the disadvantages are relatively high piston leakage losses Qup and fric

tion tosses of the piston. connection te pump

suction side

last stage batancing
___impeller  piston

Fig.F.1.10 Execution with a balancing piston

An execution with a combination disc/piston (Fig.F.1.11.} is intendeq to combing
the advantages and reduce the disadvantages of both separate designs.

It has to be pointed out that the axial thrust batancing principles shown in FEQ_.F. 1.3,
and normally used in single-stage pumps, can also be implemented in multi-stage

pumps. connecton to pump

‘ suction side
outlet piston /

last stage intet piston
impeller

Fig.F.1.11 Execution with a combination disc/piston
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F.1.4. Axial thrust in pump start regimes

puring pump starl regimes, an axial thrust can result which is much higher or even
in the opposite direction to that in steady-state operation. It has to be considered
that it takes several seconds before the fluid rotation in the impeller side chambers
reaches steady-state conditions. Due to this, during the starting period, the pres-
sure distributions on both impeller shrouds, and consequently the axial thrust, are
changing. Additionally, during pump start regimes with an open discharge valve,
the impulse force on the impeller is higher than at the duty point. All the facts
described above can lead to the result that during the starting procedure of verti-
cal pumps, the resultant axial thrust can act in the opposite direction and [ifi the

rotor temporarily. The design of an axial thrust bearing has to withstand such
transient conditions.

Additional cars regarding the problem of axial thrust has to be taken in multi-stage
pumps when pumping fluids with a higher temperature. The consequences of ther-
maf fransients in “hot/cold” starting procedures are temporary changes in the
;’e_xdkal clearances in the impeiler wear rings and shifiing of the impellers in an axial
direction due to shalt thermal deformation. These temporary changes affect con-

siderably the pressure distribution in the impefler side chambers and with this, the
hydraulic axial thrust.
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F.2. Radial thrust

F.2.1, Origins of radial thrust

Radia! thrust on the impelier results from a non-symmetrical pressure distribution
on the impeller outer periphery, Non-symmetricat pressure distribution can result
from the geometrical form of the pump casing (spiral casing, concentric casing,
vaneless or vaned diffuser), from a non-symmetrical impeller inflow or from the
pump operating regime. This physical mechanism is the main cause of a non-
symmetrical pressure distribution at the impelier outer periphery, and can be
explained by the exampie of the single spiral casing in Fig.F2. 1.

At the design flow raie of the casing {Q = Qoesc), the flow pattern is selled, and
the flow angle ue at the impeiler exit matches the angle of the spiral casing ton-
gue. The static pressure distribution psu= f{) is practically uniform atong the whole
impeller periphery.

At reduced flow rates {Q << Ques), the spiral casing cross-section is tea big, and
the flow in the spiral casing decelerates (g < c2). The inflow (o the tongue is at
too small an angie ue, and an area of reduced pressure builds up at the inner part
of the casing tongue (see area of flow separation, Fig.F2.1.b.).

Atincreased flow rates {Q > Quesc), the spiral casing cross-section is 100 small and
the flow in the spiral accelerates (cat > c2). The flow approaches the tongue at 100
big an angle oz, and an area of reduced pressure buiids at the outer part of the
casing tongue {see area of flow separation, Fig.F2.1.c.).

From the flow field and static pressure distribution at the impelier outlet described
above, it can be concluded that the radial thrust Fr has its minimum at the flow
rates for which the spiral casing was designed - Quesc. The direction of the radial
thrust Fr changes with the pump flow rate, and can be explained by a changed
stafic pressure distribution around the impeiler periphery (see Fig.F2.1). Onthe
other hand the magnitude and direction of Fr also depend on the shape of the spi-
ral casing and the pump specific speed, as well as on the fiow conditions at the
impeller inlet.

F.2.2. Reduction of radial thrust

Radial thrust is an important parameter when designing a pump’s mechanical ele-

ments, especially shafts and bearings. The requirements for radial thrust fimitation

are mainly connected with the following problems:

- excessive bending of the shaft at the impelier wear rings, and consequently pos-
sible metal contact between rotating and stationary elements,

- stresses too high in the shaft, danger of cracks,

- overloading of the radial bearings,

- danger of damage to the mechanical seals, due fo the shaft pending at the seals:
the limit of shaft bending according to AP 610/8 is 50 um.
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a) flow regime Q= Qups,z
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Fig.F2.1 S'chemat{c flow and pressure distributions at the impeller exit for a
single spiral casing and different flow regimes
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The most frequently applied designs for radial thrust reduction are double spiral
casings (double volutes) in single-stage pumps, or vaned diffusers in multi-stage
pumps. Sometimes a concentric casing can be an acceptable and simple solution
in pumps with a low specific speed, to be operated only in the range O < Quesc .
To obtain a radial thrust characteristic without any major irregularities or instabili-
ties in the whole pump operating regime, it is important to separate efficiently the
main fiow at the impeiter exit from the flow in the impeller side chambers. The
same recommendation is aiso valid for axial thrust (see chapter F1.}.

single spirat casing double spiral casing

casing
pressure fib
distribution

concentric casing vaned diffuser

diffuser
vanes

Fig.F.2.2 Schematic static pressure distribution af the impeller outiet for different
casing geometries and flow regimes Q << Qdesc

Double spiral casing: With the introduction of double spiral casings, the pressure
distribution on the impeller periphery becomes practically symmetrical; partial for-
ces act against each other, and both casing halves compensate each other. A
schematic comparison of the pressure distribution at the impeller outlet is shown
in Fig.F.2.2. for different casing geometries and flow regimes Q << Quesc.

Vaned diffuser: The effect of a vaned diffuser on pressure distribution at the impel-
ler exit is similar to a double volute, but in a vaned diffuser the number of chan-
nels is higher and the gap between the impeller and diffuser blades is smaller. For
this reason the geometrical tolerances on the diffuser have an impaortant impact on
the symmetry of the pressure distribution.
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Concgzntric casing: At the flow regimes Q < Quess, the flow in a concentric casing
can circulate without any obstacle (such as the tongue in a spiral casing), and due
to this effect the pressure distribution at the impelier outlet is practically symmetri-
cal, and the radial thrust is low. At flow rates Q > Ques., the velocity and pressure
distribution are disturbed and the radial thrust increases.

A coxpparison of radial thrust in a dimensioniess form for one radial pump with a
spec:ftc speed nq19, and tested with different casing variants, is shown in
Fig.F.2.3. The results match logically the above-stated explanations of flow and
pressure distribution in different casing geometries.

A complete elimination of radial thrust should be avoided because the conse-
quence for an unloaded radial bearing can be unstable operation.

1.8

1.2 4 single spiral casing — -

1 -

kel kR{} {single spiral casing)

<
08
06 © vaned
di
04 | Juser |\
[+ -
P ."-..._. e
o double spiral casing "™
0 0.5 1 1.5

QfQuos.c

Fig.F.2.3 Radial thrust in a dimensioniess form for different casing variants, pump
specific speed ng19

F.2.3. Determination of radial thrust

The flow at the impeler exit is hon-stationary, mainly due to the effect of a non-uni-
§orf’n pressure distribution between two blades at the exit of the impeller channel.
This pressure field rotates with the frequency (f = n*zz), and the consequence s
that rad‘:ai thrust is also time-dependent. The time average value gives the so-cal-
fed sta‘itc radial thrust, which is dominant. The dynamic component is called the
dynamic radial thrust, and is smatfer and time-dependent.
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The radial thrust in pumps can be experimentally defined by the following
methods:

- integration of the static pressures on the impeller periphery,

- measurement of the reaction forces on the bearings,

- measurement of the shaft deflection,

- measurement of the stresses in the shafl.

in the technical practice of pump design, the method for estimating the radial
thrust from the pump geometrical parameters and characteristics is also welf
known. This determining of thrust is based on the statistics of much experimental
daia and is valid with a high degree of certainty for flow regimes near Quesc and
for regimes Q = 0 + Quasc. At How rates Q »>> Quesc, the radial thrust determination
is more delicate and can change drastically. The method shown for determining
radial thrust is helpful when no radial thrust measurements are available.

The static radial thrust Fr is in a linear relationship with the pump total head H and
the projection of the impeiter outlet area {dz . Bz). The dimensionless radiat thrust
coefficient kr is defined according to the relationships in F.2.1.

Fe=ky-p-g-H-d, B,

‘vasinglype’s. . radial thrust coefficient ka
ke = (kg — 0.05) - (1= 05, ) +0.05

hew ¢

ko see Fig F.2 4.

single spiral casing

double spiral casing ky =003 kg,

ot sgrral Casiag)

vaned diffuser k,=0.05-0.10

Table F.2.1 Radial thrust coefficient kr for different casing geomelries

0.5 - Note: for double suction
Kao -
0.4 pumps total Q has
a to be taken for
0.3 - calcuation of ng
8.2 4,
0.1 -
G gl v T T T

10 20 30 40 580 80 70 B8O 90 100

Fig.F.2.4 Hadial thrust coefficient for a single spiral casing as a function of
specific speed, flow conditions Q=0
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G. NOISE EMISSION FROM
CENTRIFUGAL PUMPS

G.1. Basic acoustic terminology

Sound: cyclical variations of ambient pressure (sound waves) at frequencies
which are detectable to the human ear (normally between 30 Hz and 17 kHz)
Noise: the general term for undesirable and unwanted sound

Soungd_power; power emitted, transferred or received as sound waves, P (W).

It can be measured either by sound pressure or by sound intensity.

Sound intensity: sound power through a surface normal to the direction of propa-
gation, divided by the area of the surface, | (W/mg)

noise emission and the static pressure which would exist in the absence of sound
waves

The relationship between sound intensity and sound pressure (rms) is:
2

I=p (p-c)

p - air density (kg-/m3}

¢ ~ sound velocity in air {m/s}

The E}umgn ear does not have a linear acoustic response, but its perceplions are
!ogaraihrpscaily proportional to the actual sound pressure. Logarithms are used in
expressing the magnitude (level) of sound.

Sound pressure level (SPL);
LP =20-1g(p/ p“) .. [dB], where po = 20.106 Pa -~ reference sound pressure

Soung power level:

Lw =10- lg(P/F) ...{dB}, where Po = 1012 W — reference sound power

Sound intensity level:
L,=10-1g(1/1,) - {dB}, where lo = 10-7 W/m2 ~ reference sound intensity

Ergauency spectrum:
A visual representation of sound level as a function of frequency

Octave band:.
Alerm used 10 express ranges of frequencies of sound, One octave is the range
of sounds from a frequency f1 (Hz) up to a frequency 2.f1 (Hz). Octaves are units
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which are used for dividing sound frequencies into frequency bands. In noige treat-
ment, octave bands are normally used with centre frequencies of 63, 125, 250,
500 Hz, 1, 2, 4 and B kHz. Sometimes a 1/3-octave band spectrumis used, where
sach octave is divided into three parts (three third-oclaves per octave).

A-weighted sound pressure level

The perception of the human ear is maximal at a frequency of about 4 kHz and
decreases rapidly at lower frequencies. In order to adapt sound pressure leveis
measured by a sound level meter fo the perception characteristics of the human
ear, different weighting filters (A, B or C) have been used. Most often an A-weigh-
ted sound pressure level is used as a measure of the perceptual magnitude of
sound. it takes into account the sensitivity of the human ear.

G.2. Origin of noise in pumps

Pump naise is generated by liguid motion in pumps and systems, and by mechart-
cal motion of the pump components. Pressure fluctuations caused by the interac-
tion between impetler and diffuser (or volute tongue) make the flow ina centrifugat
pump non-staticnary. The result is hydrautic forces, which cause shaft vibration and
non-stationary loading on the pump parts. The vibrations which are transterred to
the baseplate propagate to the building walls, and produce structure- (sokd) bome
sound. The pressure fluctuations alsc propagate in piping syslems &s fuid-bome
sound. Pressure fluctuations can cause pump casing vibration and propagale as
airborne sound. A simplified sketch of sound propagation routes is in Fig.G.2.1.

]

| YR A |

e GFDOINE SOUTHI
e - glructure-borne sound
e fiutid-borne sound
Fig.G..2.1 Schematic representation of the sound propagation foutes in a purnping plant
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The pump noise level increases with pump head, impelier circumferential speed
(:m‘peiier diameter Dz and rotational speed n), and with pump shaft power. The A-
weighted sound pressure leve! for different types of centrifugal pumps working at

best efficiency point for “pump alone” can be estimated according to the following
equation;

Ly=a+b-lg(P/P)+3-lg(n/n) ..1dBA]

where Pr= 1 kW - reference shaft power
nr= 1 rpm — reference rotational speed

G. Noise emission from Centrifugal pumps

e Singlg-stage with yolute 43
e MIS1AQ R with diffuser 55
- 0ouble entry with volute 40

e DX flOw 52

Table G.2.1 Table of coefficients for estimating SPL
G.2.1. Liquid (hydraulic) noise sources

Tbe fona\_wing sources are responsibie for hydraulic noise:
* interaction between the impelier blades and diffuser vanes (or volute tongue),
* turbulent flow in the pump passages,

* pump operation at part-load (recirculation) or in the region of cavitation.

interac?ion between the impeller blades and diffuser vanes (or volute tongue) crea-
tes pefiodic excitation and induces so-called rotary noise. The velocity distribution
at the impeller outlet is highly non-uniform (Fig.G.2.2.) and the velocity decreases
‘in the \fvaka of each impeller blade, where Karman vortexes occur. The rotating
non-uniform flow pattem creates pressure fluctuations at the diffuser vanes. The
diffuser vanes themselves influence flow in the impslier, making it non-stationary.
Thgse phenomena cause periodic pressure fluctuations, impelier vibration and
noise. They are minimai at the point of maximum hydraulic efficiency, where the
velocity distribution at the impelier outlet is the most uniform. Excitation frequen-

;:ies are multiples of blade passage frequencies (n.z2, n.zs, n.z2.z3) and are as fol-
ows:

Jo=n-zk (impeller-excited frequencies)
Jo=n-2z,-% (diffuser-excited frequencies)
Jo=noz, 0k (interference frequencies of impeller and diffuser)
where: excitation frequency
n rotationat speed
zz number of impetler blades
z3 number of diffuser vanes or volutes

kK= 1,2,3, ... 1%, 2n4, 3w, ... harmonic
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Every disturbance in the axi-symmetrical flow af the pump inlet causes a non-sta-
tionary flow around the impelier and diffuser blades, resulting in pressure fiuciua-
tions, rotor vibration and noise. Such disturbances are bends, ribs and infet sug-
tion voriexes in vertical pumps with free water surfaces. Changes in flow direction,
secondary flows, flow separations and vortexes create a highly non-uniform flow
distribution in the impeller, as is also the case In the diffuser (or volute). The spec-
trum of this noise shows a wide range of frequencies — a broadband frequency

spectrum. it
P velocity distribution

wake
, diffuser vane

impeller blade

Fig.G.2.2 Non-uniform flow at an impeller outlet

When a purnp operates at part-flow or at overflow, it generates more noise, becau-
se the geometrical vane angles (guide vanes, impeiler and diffuser or volute) are
incorrect for the actual Alow angles. Another major source connected with part flow
is recirculation (see section C.4). The magnitude and frequency of this hydraulic
noise depends on the specific pump design and varies from pump to pump.

It a pump cavitates, it generates cavitation noise at high frequencies due 10 the
implosion of the vapour bubbles. Apart from the noise, cavitalion can cause seve-
re material damage. For details see section C.8.

G.2.2. Mechanical noise sources

Mechanical noise has two components. One results from vibration caused by an
unbalance of impellers {mechanical and hydraulic), shaft and coupling. The
second is generated by the rotation of the bearings and shalt seals. Roliing con-
tact bearings with grease lubrication generate higher noise levels than bearings
with oil fubrication; however, the lowesl noise levet is achieved by hydrodynamic
bearings.
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High qgatiiy in the manufacturing of rotating parts, and in their assembly and mainte-
nance is also important from the point of view of noise, because rubbing in the bea-
fings, seals or impellers induces noise, as can 100 great a coupling misalignment.

Pump drivers, hydraulic couplings and mechanical gears are also important noise
sources. Their noise level is many times higher than that generated by the pump
itself. Reference limiting vaiues of the sound pressure level {SPL) for air-cooled
electric motors, according to VDE 0530, are in Fig.G.2.3. Usually the SPL. of stan-
dard AC electric motors lies under the limiting curves.

100 T
13000 rpm g st iR U
oaolb i FNEE
3 L2
g X . 1500
o BO iy S K g -
5 i 1 d
70 “-1'“"‘..’ 1. v".k
At S S 1000 rpm[™
A
50
1 10 100 1000
P (kW)

Fig.G.2.3 Reference values of SPL for AC electric motors

G.3. Measuring noise

Pump noise is measured basically for two pUrposes:

* to verify if the pump noise (logether with the baseplate, suction and delivery
part; of the piping) meets applicable environmental criteria;

* {o diagnose possible faulty operation of the pump or pump pars.

Varioqs standards and recommendations have been developed to specify airbor-

ne noise emission measurement methods and procedures that must be used for

the test. At each specified location the noise emission charagteristics include both

the sound pressure leve! and the sound power levet,

The following standards are often used for measuring the airborne noise emission

of liquid pumps and pump units:

* EN 12639 (2000) Liquid pumps and pump units — Noise test code -~
Grade 2 and Grade 3 of accuracy

« ANSI/HI 9.1-9,5-1004 Pumps — General Guidelines for Types, Definitions,
Application and Sound Measurement
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G.3.1. Standard EN 12683

According to this standard, Grade 2 means engineering methoed {(higher grade)
and Grade 3 means survey method (lower grade}. The standard provides two pos-
sibilities for measurement: either pump atone or pump unil. in these two cases the
pumps can be installed:

* on site

* on a shop test stand

« in a specific facility intended for acoustic measurement

Usually the end-user is interested in the overall noise level of the pump unit, To
select the basic standard for determining the scund power levef of a pump unit,
Table G.3.1. should be used. The preferred method is written without brackets,
and should be used where practical. If it is not practical, one of the other basic
standards {in brackets) should be used. A table for “pump alene® is also available
in EN 12693,

je.| .. .. Driver rated power, P (kW)
1 05< P15 15<P<T5 | 75<P<300| P> 300
9614
(3744) | o
3746 9614
(9614) (3746)
3744 3744 9614 9614
(3746-1, 9614) (9614) (3744)
3746 a614
(9614) (3746)
3744 3744 a614
(3746-1, 5614) (9614) {3744}

Table G.3.1 Selection of standards for determining sound power level for a pump
unit — afl standards in the table are EN 180 (3744 means EN IS0 3744)

Fig.G.3.1  Shows the typical microphone positions for Grade 2 sound pressure
leve! measurement of g pump unit. For detafls, Standard EN 12639 arrd
other related standards should be used.
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microphone position

_Upper measurement

median measurement “ifacs

/ surface
® . - & @
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| / s
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U e -
1m \ refiecting plane L im 1m tm

Fig.G.3.1 Typical measurement surfaces and planes for sound pressure level
measurement for a pump unit - Grade 2

G.3.2. Examples of S8PL measurement resulls

Two exampies of the resuits of scund pressure level measurement are presenied
in Fig.G.3.2. and Fig.G.3.3. Fig.(.3.2. shows the 1/3-octave band frequency spec-
trum of the sound pressure level measurements on a vertical volute mixed-flow
pump and its driving electric motor, operating near to best efficiency point. The
pump itself is underground, while the motor in on the floor above. The only noise
on the upper floor is from the motor, A comparison of the noise spectra shows clear
differences between noise near the motor and noise near the pump.

G. Noise emission from centrifugat pumps

100 noise at distanc\e of im from pump
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Fig.G.3.2 Frequency spectrum of sound pressure level measured on a vertical
volute mixed-flow pump
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Fig.(3.3.3. shows how the sound pressure level (dB A) of a radial pump depends
on its operating point. The shape of the diagram is also similar for shaft vibration.
The lowes! noise values are in the near vicinity of the best efficiency point.
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Fig. G.3.3 Sound pressure level as a function of the operating point of a radial pump

G.4. Ways of abating noise

Several ways exist for abating noise and some of them are always heipful, while
others can be helpful in one case, but not in another. The guidelines are arranged
in two groups:

« primary approaches - noise reduction at source {see G.4.1)

» secondary approaches — interruption of noise fransmission (see G 4.2)

G.4.1. Noise reduction at source

« increase of the clearance hetween impeller and diffuser vanes (or volule casing
tongue), Da/De2

The following recommendations should be followed:
difuser: ng <40, D,/ D, > 1.01+0.75-107% -(H_ /100 - 1)
(D, /D, 21.04 for He 2500 mj
ng <40, D,/ D, 21.04+1.01- (ng - 40)
volute: D,/ D, 21.03+0.1-(ng/40)+0.07-(H, /1000)
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* selection of the correct number of impelier and difuser vanes
The selection should be done according to the following recommendation:

M=V 2y —=Vy-Z,

m number of diametrical nodes defining pressure pattern
2z, 73 number of impefier (z2) and diffuser (23) vanes
ve,va = 1,2, 3, ... order numbers of impeller and diffuser periodicities

The number of impetler and diffuser vanes should be selected in such a way that
number mis notequalto Oor 1 forva, va=1,2and 3 (itcan be equalfo D or 1 at
vz, and vi as big as possible),

For pumps with a head per stage higher than 100 m, it is recommended that:
z2z 5
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Fig.G.4.1 Reduction of noise with various impelfer blage outiet geomeiry modifi-
cations for singla-stage volute pump
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» modification of impeller blade geometry at outlet acc. Fig.G.4.1.

= modification of volute casing tongue by slanting acc. Fig.G.4.2.

« impeller of double suction pump with blades not in phase acc. Fig.G.4.3.

» profilation of trailing edge of ribs mounted in suction ducts and of diffuser vanes
acc. Fig.G.4.4.

* increase in the quality of balancing of the rotating elements

+ minimai misalignment of coupling

+ selection of drive (motor, gears, coupling} with a fower noise level, for example,
water-cooled electric motors are less noisy than air-cooled

« use of lubricating oil with higher viscosity

A
modified —E diameter D
section

diameter [J;

41— modified
sechon

in-phase impeller not in-phase impeller

Fig.G.4.3 Designs for impellers of double suction pumps in relation o pressure
pulsations
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IEI D D B

bad acceptable recommended

Fig.G.4.4 Recornmendations for profifation of trailing edge of ribs and outlet of diffuser
vares

Improvement in pump - sysiem interaction

+ increase NP SHav {0 avoid cavitation

» inject smali quantity of air into the suction part of the pump to reduce cavitation
noise

+ selection of pump which operates near the best efficiency point in order to mini-
mise recirculation, cavitation and vibration problems

« selection of pump with different rotational speed 1o avoid system resonances

improvement in piping system

* selection of Jow velocities in pipelines

» use of low-noise control valves

* avoidance of instantaneous changes of cross-sectional areas
« use of large-radius elbows

» avoidance of acoustic resonance

G.4.2. Interruption of noise transmission

- » use of vibration isolators between pump baseplale and foundation

» use of compensators between pump flanges and pipelines

« use of vibration-isolating supports for pipelines

* use of acoustic filters (silencers) or other control equipment on the pipelines
upstream and downstream of the pump

* use of noise-damping walls around the pump

« use of noise-isolated pipelines

* ensure that the structure-borne noise created by the pump unit is radiated as [itl-
le as possible by adjacent elements
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H. VIBRATION IN CENTRIFUGAL PUMPS

H.1 Introduction

Different kinds of vibration are usuaily the principal cause of cperational difficulties
chserved during pump operation. In order 1o solve such operational disturbances,
the interaction between mechanical vibration and excitation forces has to be
understood. The foliowing are three major types of vibration:

Natural {free) vibration: Each mechanical system combined of rass, stiffness and
damping possesses natural (free) vibration which occurs at natural frequencies.

Forced vibration: Such vibration occurs if a system, combined of mass, spring
and damping, is excited by a pericdic force. If the natural frequency coincides with
the forced vibration frequency, the result is the resonance of the whole system:
when the rotating speed of a pump coincides with the natural frequency of the
rotor, that speed is referred 1o as the critical speed of the rotor. The amplitude of
vibration is strongly dependent on the damping value of the rotor,

Seif-exciting vibration: This type of vibration cccurs when a mutual eflect exists
between the vibration of a mechanical system and the exciting phenomenon. In
such cases, the vibration is self-exciting. 1f the damping of the rotor is not sufficient,
the vibration amplitude can be extremeiy high and can tead o the destruction of
the pump in a very short space of time.

Based on the types of vibration described above, the following typical pump of
pump element vibrations can be categorised:

Lateral shaft vibration: This vibration is perpendicular to the pump shaft centre
line and always appears as forced vibration at a certain magnitude, due to-una-
voidable residual hydraulic and mechanical unbalances. Excessive shatt vibration
can lead to wear of the impefler labyrinths, shaft seal failures and other structural
damage.

Bearing housing vibration; As a result of reaction to lateral shaft vibration, bea-

ring housing vibration occurs. This vibration can be easily monitored by acceiero-
meters fitted on the bearing housing.

Vibration in the system pump-baseplate: This vibration is caused by shaft vibra-
tion and pressure puisation originating in the pump. As the baseplate has six vibra-
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tion modes, the systemn pump-baseplate has to be investigated in detail in con-
junction with the possible dangers of the resonance.

Vibration In vertical pumps: In this case not only the shaft vibration, but also the
vibration of the rising pipe, as well as the shaft coupling, have to be analysed. In

addition, the vibration of the system electromotor support has to be carefully
cbserved.

In order to {find the real cause of the vibration, a separation of the problems must
bs made, as originating either from the system or from the pump itself.

System-related problems:

= excitation from the drive,

» excitation from the coupling,

= excitation from the components of the piping system,

« unfavourable pump inlet conditions (NPSH, intet vortexes),

+ unfavourable dynamic behaviour of the foundations, or pump pedestal resonance,
= torsional natural frequency excited by the pump drive,

« excessive piping loads acting on the pump casing.

Problems related to the pump:

« mechanical unbalance of all rotating parts,

* hydraulic unbalance due to imperfection or fault in the impeller casting,

= hydraulic excitation when the pump is working outside the admissible operating
range,

« inadequate NPSH producing cavitation in the impeller, =

» acoustic resonance,

+ increased radial clearance in the annular seals or in the journal bearings.

'H.2 Forces acting on the pump rotor

in every pump, static and dynamic forces are present; therefore a certain amount
of vibration of the pump and the pump system has to be accepted. A schematic
representation of the forces acting on a pump impeller is shown in Fig. H.2.1.

H.2.1 Steady forces

Steady (stationary or static) forces, such as the weight of the rotor and the static
radial thrust on the impellers, produce reaction forces in the bearings, and with this
they infiuence the stifiness and damping effects of the bearings. An example of
measured static radial forces on a pump impeller is shown in Fig. H.2.2 in the form

of a polar plot. The direction and the magnitude of the force change with the pump
operating regime,
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sieady and
excitation forces

!
p
O O

interaction forces : (1"0)
Steady forces: | Interaction forces in:
1 — rotor weight 6 - journal beaﬂriags
2 - static radial thrust 7 - thrust bearing o

8 - annular seals {seaiing rings)

Excitation forces: 9 baiancingp;stonz (
3 — mechanical unbalance 10 ~ impeler/diffuser interaction

4 — hydraulic unbaiance
5 - coupling force

Fig. M.2.1 Forces acting on a pump rotor

y 1,25 = Q/Oupl

Fig. H.2.2 Measured static radial force for a radial pump with diffuser
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H.2.2 Excitation forces

These forges are always present if the rotor is turning, independently of whether
the shaft is deflected or not. The rotordynamic hehaviour (especially for multi-
stage pumps with a high power concentration and high head per stage) is deter-

mined mainly by unbalanced forces. The unbalanced forces with well-defined fre-
quencies are;

Hydraulic unbalance of the pump impelier: This excitation is caused by impel-
ter imperfections and is dependent o

* outlet width variation {casting imperfection),

* outlet vane angle, deviating from blade to blade of the impeller,

» blade pitch variation,

* eccentricity between the centre of the hydraulic channels and the impeller bore.

All shege pafammgrs lead to a variation of the blade forces resuiting in a net
hydraulic force which rotates with the impeller speed. The hydrauiic unbalance
force Fiw can be expressed as follows:

F;mmk.ﬁu'p.g'f‘{’dg'gz

r - fluid density

g~ acceleration due to gravity

H — head per stage

dz — impelier outer diameter

Bz ~ outlet width of the impelier {including shrouds)

knu ~ dimensionless hydraulic unbalance coefiicient:
kou = 0.01 ~ 0.03 (for precision cast impeller)
ko = 0.04 — 0.06 (for sand casting)

Mechanical unbalance: This excitation force is due to the residual mechanical
unbalance of all rotating parts of the rolor and is defined as follows:

F:W = Q'nl'w' 10%3

Fmy — mechanical unbalance force (N)
Q - 180 balance grade (mm/s)

m — mass of rotating part (kg)

w — angular velocity of rotor (s-1)

_Fsom the vibration point of view, the hydraulic unbalance force Fnu is far more
important than the mechanical unbalance force Fre. Even for a precision cast
impelier the hydraulic unbalance is approximately one order of magnitude higher
than the mechanical unbalance when the impeller is balanced according to 1SO
Grade 2.5. According to Standard APl 610/8 this balancing grade is required for
pumps with a rotational speed below 3800 min-i.
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When an impeller has already been cast, only the mechanical unbajance can be
further reduced. However, with an improvement in balancing grade no substantial
changes in rotor vibration usually result. In contrast, a hydraulic unbalance cannot
be reduced or altered once the impeller is cast. A hydraulic unbalance can really
be improved only by better quality casting.

Vane passing forces: The origin of these forces is the sudden change in the pres-
sure distribution {(wake) at the impellar outlet when an impeller biade passes a dif-
fuser blade or spiral casing tongue. The frequency of vane passing forces is the
number of impelter blades times the rotating frequency of the shaft.

Rotating stalf forces: These are periodic excitation forces observed especially at
pump part-load operation. The frequency of rotating stall forces is low, normally
near 4,2 times the rotating frequency of the shait,

Al the excitation forces described above are dynamic forces with different excita-
tion frequencies. An example of a frequency spectrum of excitation forces is
shown in Fig. H.2.3, fogether with seli-excitation forces in annular seals (frequency
near 0,8 times shalt rotational frequency).

self-excitation in annular

“rotating stall” at part load,~~ seals
e

e
re
-

3 e
T i hydraulic unbalance
@ e
:? vane pass excitation zafs
[
H
© Y <
2 .
E broad band excitation
o
o
P
s UL
s
i
i PR .
fan frequency

f

shaft rotational frequency

Fig. H.2.3 Frequency spectrum of dynamic radial forces
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H.2.3 Interaction forces

iﬂteracliion forces (hgdrautic reaction forces) are response forces due to rotor
deflection, and occur in the following pump elements (see Fig. H.2.1):

* annular seals of the impefler and balancing piston,
* thrust bearings,

* journal bearings,
* gap between impeller and diffuser.

The main and the most important difference between a radial journal bearing and
an annular seal is that an axial pressure differential {p1 — p2) acts on a seal. This
Iefad:s to‘ an axial flow through the seal gap. The basic flow patterns and pressure
distributions in an annular seal are shown in Fig. H.2.4. When the rotor is displa-
ced from the central position, the axial How through the clearance of the annular
geai produpes &t uneven pressure distribution around the annular seal. The result
isa rgstormg force Fras, which pushes the rotor towards a central position. This
effe_cf is calied the “Lomakin effect”. As a rough approximation, force Fras is pro-
porponai to displacement e and is also proportional to the stiffness coefficient
which has a great influence on the value for critical speed. ’

” : Uipper gap a
gapa R
o]
P o
:,/’} P i A
gaph . & g,
AN
~lowergapb
gap b
LI . T — i 2
Fig. H.2.4 Schematic representation of the Lomakin effect
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The effect of forcas acting in the annular seals of a muiti-stage pump s shown in
Fig. H.2.5. In the region of the first critical speed, the rotor vibration amplitude is
greatly reduced due fo the L.omakin effect in annular seais (impeller wear rings)
described above. As a consequence, the pump can even operate in the range of
natural frequency, as the annular seals and piston greatly affect the pump rotordy-
namic behaviour, due to their stiffness and damping eflects.

e WHtHOUL influence of
annular seals

.

with influence of

annular seais
i o

shaft rotational frequency

vibration amplitude

Fig. H2.5 Predicted shaft vibration amplitude of a three-stage centrifugal pump
showing the effect of annular seals

The flow in the gap also has a tangential component. This is due to the rotation of
the shaft, and possible pre-rotation of the flow in the gap inlet. The result is an
asymmetrical pressure distribution in a circumferential direction, generating a tan-
gential force. This force is the cause of self-exciting vibration in the pump rotor.
The magnitude of this force influences the damping very much and therefore
determines the threshold of safe operation of the pump.

H.3 Rotordynamic behaviour of pumps
H.3.1 Rotordynamic analysis

Due to the rise in the power concentration, especially in mulli-stage pumps,
rotordynamic analysis is essential at the design stage, in order to determine the
natural frequencies, critical speeds, separation margin and damping ratio neces-
sary to ensure safe pump operation. Rotordynamic analysis is carried out by com-
puter programs. The following parameters are the most important for pump
rotordynamic behaviour:

+ geometry of the rotor (shaft span between the bearings, shaft diameter) and
overhang masses on the shaft,

« type of journal bearing and properties of the oll used,

« type, weight and overhang of the coupling,

« geometry of the annular seals and pre-rofation of the fluid at the gaps,

= hydraulic interaction between the impeller and diffuser.
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Typical results of rotordynamic analysis are natural frequencies, damping ratio and
shaft displacement as a function of pump speed. The shafts of horizontal multi-
stage pumps are supporied by two journal bearings and multiple annular ssals and,
due to gravitational load, produce shaft sag at standstill (see Fig. H.3.1}. Each
annular seal has lateral stiffness and acts like a product-lubricated bearing when
the rotor rotates, and lifts the shaft towards the central position, as shown in Fig.
H.3.1. With time, due 10 wear in the elements, the radial clearances in the impelier
wear rings (annular seais) and balancing piston increase and with this the damping
and stiffness characteristics of these elements change. It is obvious that a rotordy-
namic calculation has 1o be performed for new and wormn wear fing conditions.
in rotation
L

| INERERRRNNN N |
LH radial ciearances me.!

e s e

I e A2

T At T T

journal joumnat
bearing at standstill bearing

Fig. H.3.1 Mulii-stage purnp shaft displacement at standstifi and in rotation

Standard AP! 610/8 prescribes the procedure for rotordynamic analysis when
pump rotors are not classically stifl. In the first step, damped natural frequencies
are calculated for new and wom (twice the new radial clearance) annular seals.
Separation margins (the difference between naturat and rotating frequencies) are
defined as shown in a typical Campbell diagram in Fig. H.3.2. In the second step,
the calculated damping factors of the rotor are compared with the values from Fig.
H.3.3. When the separation margin is small (the natural and rotating frequencies
are close to each other), then the minimal required damping factor should be
higher than 0,15. When the separation margin is greater (the essential difference
between naturat and rotating frequencies), then the minimum required damping
factor is decreased. From the above-stated, #t can be concluded that a pump can

operate trouble-free, even at a crifical speed, if the damping vaiue of the rotor is
of the required level,

Some important concluding remarks on rotordynamic analysis, mainly related to
muiti-stage pumps:

* a critical speed below the operating speed exists even for pumps with very stiff shafts,

* new annular seals have high damping, and with the increased radial clearance of the
seals during pumg operation, damping drops heavily,

*itis possible to increase the rotor damping properties by simple design changes 1o the
annular seals as well as to the balancing piston,

* calculation results of the critical speed depend heavily on the coefficients used for inte-
raction forees,
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» the precondition that the critical speed has 1o be outside the range of rotation speed
is not necessary for high reliability if the damping properties of the rotor syslem are
sufficiently high.
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Fig. H.3.2 Typical Campbeil diagram
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H.3.2 Possibilities for improved rotordynamic behaviour in centrifugal pumps

In order 10 move the rotor natural frequencies towards higher values, as well to

improve the pump rotordynamic behaviour, the following measures should be
taken:

« thicker shaft diameter, shorter span between journai bearings, change of shaft
material, design change in the bearing housing,

* reduction of impeller and coupling masses and coupling overhang,

+ change of impeller materiai,

* increase of stiffness and damping effect of the annular seals and of the pision by
introducing special groove geometry,

» improvement in the stiffness of the journal bearings {multi-lobe journal bearings),

« change in the viscosity of the lub oil,

+ modification of the support stiffness for the casing and foundation.

0,40 e e e PPt AN e

0,35
€.30
0,25
0,20

t
0.15 acceptable

damping factor

0,10

.05 unacceptable

0 02 04 08 08 10 12 14 16 18 20

natural frequency / shaft rotational frequency

Fig. H.3.3 Damping factor versus frequency ratio ~-AP! 610/8

It must be pointed out that the impeller labyrinth and also the piston of a multi-
stage pump have a dominant influence on the rotor natural frequencies, damping
ratio, stability threshoid, and leakage iosses, with consequences for pump effi-
ciency and axial thrust. Great attention should be given to the clearance dimen-
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sions in the annular seals, in order to obtain the maximum required availability of
the pump. The following are measures for improving damping properties and
increasing rotor stability:

« introduction of swirl brakes at the entrance to the annuiar seals and piston (see
Fig. H.3.4),

_milled radialslots
Fig. H.3.4 Swirl brakes at the entrance to an annular seal and piston
» gxecution of smaller radial clearances in the annular seals combined with longer

seals, B
+ introduction of cellular-form annular seal and piston casing surtaces (see Fig. H.3.5),

Fig. H.3.5 Cellular-form piston casing

» introduction of very tight casting tolerances for the impeliers, in order o reduce the
hydraulic unbalance (for head per stage over 500 m), _

» carrying-out of a pump rotordynamic analysis at the design stage, taking into con-
sideration alt the dynamic influences of the journal bearings and the interaction
between the impeller and diffuser, as well as the influences of the annular seals.
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H.4 Measuring bearing and shaft vibration
H.4.1 General

In order to ensure the safe operation of pumps and their auxiliary components, the
vibration in the shaft and bearing supports has to be within the range of the requi-
red limits, if the vibration increases with operating time, this is an indication of pos-
sible machanical and/or hydraulic problems in the pump. Measurement of the
shaft vibration in multi-stage pumps with a high power concentration gives a clear
indication of the wear in the annular seals as well as in the piston.

V?bration problems are in most cases the source of operational difficulties in cen-
trifugal pumps, and therefore the diagnostic of the vibration has great practical

significance. The following vibration measurements are the most significant for a
diagnostic:

* Vibration measurement with the help of acceleration fransducers fitted directly to
the bearing casing. This method can be considered only as an indirect indication
of the shaft vibration,

» Direct measurement of the shafl vibration with the help of two non-contacting
transducers, installed on both ends of a multistage pump,

* Impact test in order to determine the structural natural frequencies. This measu-
rement is necessary when the danger exisis of resonance in different pump sta-
tion elements (piping, baseplate, ete.).

To ensure the safe and reliabie operation of the pump and adjacent plant compo-
nents, the vibration in the shaft or bearing casing must be kept within certain limits.
Usually these limiting values are obtained without difficulty by ensuring the good
‘mechanicat condition of the pump and drivers, good inlet flow conditions to the
pump, and an acceptable pump operating mode. If the vibration increases, espe-
cially with operating time, this can indicate some mechanical or hydraulic problems

within the pump itself, and is a very valuable indication of the state of wear in the
rotating paris.

H.4.2 Measurement of vibration

Meajsuremen! on non-rotating pump parts: For all pumps built with anti-friction
bearings, and also pumps with hydrodynamic bearings with a smatler power input,
the vibration in the bearing support is measured in order to judge the running
bghaviour, The vibration consists of many vibration velocities at different frequen-
cies. To evaluate the pump vibration behaviour, a frequency analysis of the vibra-
tion spectrum is very helpful.

in order to define pump vibration behaviour, the measuring instruments (accelero-
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meters) have to be fitted to the bearing housing in three perpendicular directions
{see Fig. H.4.1). Particular attention should be given to ensuring that the vibration
transducer is cotrrectly mounted. Vibration can be expressed as vibration displa-
cement, vibration velocily or vibration acceleration. Detalled recommendations
about measuring inslruments, measuring positions and evaluation of resulls can
be found in the relevant standards, listed in item H.4.3.

Fig. H.4.1 Position of accelerometers on the bearing housing of a double entry pump

Measurement on rotating shafts: In centrifugal pumps with a larger input and
higher power concentration, equipped with hydrodynamic bearings, it is nowadays
commoen practice {0 determine the shaft vibration. Such measurement shows the
relative movement between the shaft and the bearing housing. The posilion of the
two transducers, usually fitted at 90° to each other {see Fig. H.4.2), has to be as
near as possible to the journal bearings. Such a posilion makes it possible to
detect the orbit of the shaft movement.

Vibration measurement makes it possible to judge directly the dynamic behaviouy
of the rotor. The result of the measurement is shaft orbit, as shown schematically
in Fig. H.4.3. The severity of the vibration is usually expressed as shaft vibratory
peak-to-peak displacement Sip-p) max. FOr assessment purposes a distinction must
be drawn between the measured values of individual transducer displacement
(S, Seep) and of shaft orbit (Sw-p) wax). The magnitude of the Squpy max cannot
be calculated from the values Sapp and Sewn. Detailed recommendations about
measuring instruments, signal processing and the evaluation of results can be
found in the relevant standards, listed in item H.4.3.
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Fig. H.4.2 Positioning of transducers for shaft vibration measurements
H.4.3. Standards related to vibration

The following is a list of standards relating to mechanical vibration in rotating
machinery and particularly in centrifugal pumps.

IS0 10816 ~ Mechanicat vibration; evaluation of machine vibration by measure-
ments on non-rofating parts

ISC 7919 -~ Mechanical vibration of non-reciprocating machines: measurements
on rotating shafts and evaluation criteria

150 8805 - Technical specifications for centrifugal pumps, Class |

80 5199 ~ Technical specifications for centrifugal pumps, Class il
180 8908 — Technical specifications for centrifugal pumps, Class Il

APl 610/8 ~ Centrifugal Pumps for Petroleum, Heavy-duty Chemical and Gas
Industry Services

ANSI/HI 1.1-1.5 - Centrifugal pumps
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fransducer B
i

!

t

A | transducer A waveform
y B
transducer A
transducer B waveform
Mg
Sag-p) Sepp) peak-to-peak displacement on transducer A and B
e raxirnum value of shaft displacement from
time-integrated mean position 0
Sip-p) max maximum value of peak-to-peak displacemernt

Fig. H.4.3 Schematic representation of shaft displacement measuring results

H.4.4. Vibration limits

For the vibration limits of centrifugal pumps, severa! different recommendations
exist which are given and explained in the standards listed under item H.4.3. The
values presented below are not the only ones valid for pumps, but they are the
most frequently used.

Bearing housing vibration: Standard 150 10816 defines the vibration limits
usual for rotating machines, but these values are also frequently applied fo pumps.
In Table H.4.1 the limiting values of vibration velocity are shown for different
machine groups (classes) and for typical evaluation zones.
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vibration velocity  Ciass1 Cilassll.. Class lli - Clasg iV
fimits RO
r.m.s. (mm/s) **

Evaluation

wones
A good 0.7 1.1 1.8 2.8
8 usable 1.8 2.8 4.5 7.1
C still admissibie 4.5 7.1 1.2 18
D inadmissible > 4.5 > 7.1 >11.2 > 18

"} detailed description of evaiuation zones is in 150 10816-1
**) s, means “root-mean-square” value, more details in 1ISO 10816-1

Class | - small machine sets with power input up to 15 KW
Class Il — medium size units with power input up 1o 300 kW
Class HI - large units on rigid foundations

Class IV — large units on flexible supported foundations

Table H.4.1 Limiting vatues of bearing housing vibration velocity — ISO 10816-1

15
g
0 allowable operating region {determined by pump producer)
g relerred opeérating region {70 - 120%
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{ypical vibration characteristic aliowable
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Fig. H.4.4 Pump operating ranges and vibration velocity limits for overhung and
between-bearing pumps — APl 610/8

Stanciafd APl 610/8 defines different fimiting values for horizontal shaft as well as
for vertical suspended pumps, and two limiting values for vibration velocity with
regard to the pump flow operating regime. The lower limiting value of vibration
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velocity is valid for the preferred operating region {0,7 — 1,2 Q/Qow). For the allo-
wable operating regime, which is defined by the pump manufacturer, the higher
limiting value for vibration velocity is valid (see Fig. H.4.4 and Tabie F1.4.2).

overhung and

between-bearing 3.0 3.9
pumps

vertically suspended 50 6.5
pumps

Table H.4.2 Limiting values for bearing housing vibration velocity - APL 610/8

Shaft vibration: Standard 1S0Q 7919 defines the limits of vibratory shaft displace-
ment for different machine groups. The values for coupied industriai machines
{including centrifugal pumps) are shown in Fig. H.4.5. The limiling vaives of maxi-
murm relative shaft displacement are for typical quality zones given as a function
of the pump running speed.

Standard AP1 610/8 defines the different limiting values for horizontal shaft as well
as for vertical shaft pumps. Beside this, two different fimits are defined with regard
to pump How operating regimes. Within the preferred operating region (0.7 - 1,2
Q/Qoat) the imiting vaiues are lower than in the allowable aperating region (see
Table H.4.3).

overhung and between
bearing pumps

vertically suspended pumps

N — pump rotational speed {1/min)

Table H.4.3 Limiting values for relative shaft displacement - AP 610/8

The tiriting values for vibration according to Standard AP1 610/8 (pumps for petro-
leum, heavy-duty chemical and gas industry services) are more severe than in
Standard 1SO 7919-3. According to practical experience in operating centritugal
purmps, the limiting values from Standard 18O 7919-3 are satisfactory for general
pump applications.
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Fig. H4.5 Limiting values of relative shaft displacement in centrifugal pumps — 1SO 7919-3

Fgr centrifugal pumps with hydrodynamic bearings the recommendations of shaft
‘dns;)laceqie_n't relative to bearing gap, shown in Table H.4.4, are simple and help-
ful. The ilimiting values given are generally valid for centrifugal pumps running in
steady-state conditions, within the allowable operating region. The values given
are not applicable for varying operating regimes.

Sepmac{Q-d) 00 assessm
<0.35 limiting value for “good” behaviour
in allowable pump operating region
0.7 valuge for alarm setling
0.9 value for shut-down setting
Sppmax - maximum value of peak-to-peak shaft displacement
b - inside diameter of hydrodynamic bearing
d - diameter of the shaft or shaft sleeve

Table H.4.4 Recommana‘ed values for the assessment of shaft vibration in cen-
trifugal pumps with hydrodynamic bearings
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I. MONITORING, DIAGNOSTIC
AND EARLY FAILURE DETECTION

1.1 General

The requiremenis for high reliability in pumps can only be reached wher: the sta-
tus and condition of the pump and its vital elements are continuously monitored.
This is especially important for pumps operating in power generation systems, and
the oil, chemical and process industries. When a pump is monitored, maintenance
can be planned and the risk of unplanned stops with high downtime costs (loss of
production) can be very much reduced. A comparison of approaches with or
without punp monitoring, and its effect on maintenance planning, different cost
parameters and pump avaitability is shown schematically in Fig. 1.1.1.

-maintenance  risk of  availabilty
‘costs  unplanned - -

£ o ot breakdown
operate until none medium high low
failure
calendar- none high meadium medium
driven
mainenance
condition- high ow fow very high

maintenance

Fig. 1.1.1 Monitoring possibiiities and their influence on pump cosl parameters and
availabifity

By using actual measured values and their deviation from the predicied operatio-
nal data, the pump operator is in a position to avoid abnormal pump operation and
consequently unexpected breakdowns during operation, When using more sophi-
sticated monitoring methods, the measuring signals are fed inte a computer dia-
gnostic system, which is supported by statistical data and past experience (the
chronological development of the measured values prior to breakdown). An inte-
grated monitoring and diagnostic system can be used as a system for the early
detection of fallure, in conjunction with a contro! system for alarms and emergency
pump shutdown,

The additional costs for a monitoring and diagnostic system are in most cases
covered in a short time due to the reduced downtime costs {see alsc chapter O).
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1.2 Monitoring of large and high-speed pumps

Frs_ ia;ge pump installations like boiler feed pumps, water transport pumps, and
Injection pumps, where the efficiency and availability demands are very high, a

permane.ntly installed monitoring system is normatly used. A typical disposition of
sensors is shown in Fig. 121,

suction discharge

f

radial bearing

Tb.’i

Fig. 1.2.1 Typical disposition of sensors for large and high-speed pumps

Monitoring sensors are divided into two groups;

Senso{rs which define the operating parameters of the system as well as the pump
operating point (performance monitoring):

* suction and discharge pressures: ps, pd

* pump flow rate: Q

= fiuid temperature: T

* speed of rotation: n

* power input: P

* flow rate in balancing device {piston leakage}): Qoo

Sen§or§ which detect pump shaft vibration and bearing conditions {(condition
monitoring):

* shaft lateral vibration: SLV
* phase reference: FR

. shaﬂ_ axial vibration and shaft axial position: SAV, SAFP
* bearing temperatures: Tos, Teo, Tos

158

I Moniloring, diagnostic and early failure delection

h}_% ; thrust
bearing
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The analysis of the measuring values is important in order lo detect changes in the
system parameters, and consequently the position of the pump operating point,
possibie dangers of cavitation, reduced pump efficiency, and the condition of inter-
nal pump elements (wear rings and piston radial clearances), etc. The laterai shaft
vibration system consists of two sensorg SLV, mounted radially (with an angle of
90° between thern) close to the radial bearings, and a phase reference probe FR.
With such a system it is possible to detect the lateral shatt vibration and also the
shaft orbit. Actual data can be compared with values from different standards {see
chapter H). The observed trends in the measured parameters are then used for
planning mairtenance.

1.3 Monitoring of process pumps

In process systems different operating problems occur 10 those in power genera-
tion or oilfwater transpor systems. On the other hand process pumps are smaller
and have a lower power input, and lemporary abnormal operating conditions do
not cause the destruction of pump elements; however, they can reduce conside-
rably the pump lifetime, and have a negative influence on the process isslf.
Typical abnormal operating conditions (failures) in process pumps, and their pos-
sible detection, are shown in Table i.3.1.

Each process has its own specific congditions which can cause abnormal pump
operation, and these have o be detected. A process pump is rarely eguipped with
all the sensors shown in Fig. 1.3.1, bul only with those which detect possible {ailu-
res in the specific process. In combination with the appropriate diagnostic system,
three or four sensors are sometimes enough 10 estabilish an effective failure detec-
tion system,

discharge

}

suclion ..

B

P

LG

Fig. 1.3.1 Typical disposition of sensors for process pumps
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failures T -.possible detection
“sensor designation (see F
dry running » flow rate interruption: Q
» discharge pressure collapse: pg
» reduction of power consumption: P
e » increased fluid temperature: T o
impeller channel blockage » increased vibration: V

« discharge pressure and/or flow rate reduction: ps, Q

ncreased gas content « discharge pressure and/or flow rate reduction: pg, Q
In pumping liquid = reduction of power consumption: P
cavitation * suction pressure reduction: ps

 incregased vibration: V
» discharge pressure and/or flow rate reduction: pq, Q
» increased vibration: V
* increased vibration: V
» discharge pressure and/or flow rate reduction: pg, Q
» leakage detection: LD

bearing damage
impeller damage
{abrasion, corrosion)
shait seal damage

Table 13,1 Typical failures in process pumps and their possible defection

From the pump-operator point of view, as few monitoring sensors as possible
should be instalied. Lately extensive efforts have been directed towards the deve-
lopment of combined monitoring sensors, in order to simplify failure detection in a
pump and to reduce the costs for installed sensors and monitoring systems.

Pumps with integrated monitoring and fallure detection systems are called intelli-
gent pumps,

1.4 Diagnostic based on vibration analysis

The measured values of pump casing or shaft vibration can be effectively used for
a machine diagnostic. Based on the analysis of the measuring signals obtained by
the vibration monitoring system, the causes for a changed pump operating beha-
viour can be identified. The vibration frequency spectrum is required for such an
analysis (see example on Fig. 1.4.1). An assessment of the most probable causes
of changed pump vibration is shown in Table 1.4.1.
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bearing housing vibration
)
R

0 1 2 3 4 5 6 7 8 9 10

frequency ratio fis

peak at'frequency
~ 0.2 Ih

Fig.i4.1 Example of a pump vibration frequency spectrum indicating various
vibration phenomena

. unsteady flow {recirculation) at part-load,
« rofating stall phenomena

2 peaks at frequencies + shaft misalignment,
0,5.1sh, 2, fsn, (3. fsn)  jpose coupling or bearing,
« motor vibration transmitted i the pump
3 peak al frequency » rotor instability due to large clearances
{0,5-0,9) . fsn in the annular seals, ‘
« iow loaded or worn journal bearing
4 peak at shaft rotating » residual unbalance (hydrauiic or mechanical),
frequency fsn = hent shatt,
{synchranous vibration) lateral critical speed, _
« bearing housing or pump casing
structural resonance
5 peaks at blade « unfavourable impelier/difuser biade numbers
passing frequencies « insufficient radial gap beiwee{i impeller
zo . fsh, 2 .22 fsh, ... and diffuser blades {spiral casing tongue)
{z2=5) -
8 broadband vibration « cavitation in the pump elements

at high frequencies

Table I.4.1 Description of the most probable causes for vibration in pumps
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J. PUMP INTAKE AND SUCTION
PIPING DESIGN

J.1. Open sump intakes

Intake structures should be designed to ensure that pumps achieve their optimal
hydraulic performance. The main objective when designing suction sumps is 1o
generate a smooth water flow and to avoid as much as possible an uneven flow
anq stagnant water zones. A good sump design avoids adverse phenomena like
swirling flows, submerged vortexes or air-entraining voriexes. Velocity distribution
at the impeller entry must be as uniform as possible; if not, local flow separation
may oceur, resulting in a disturbed hydraulic and mechanical behaviour in the
pump.

A swirling flow may produce the following effects:

. sw;rE rotaiign Er} the same direction as impeller rotation lowers the purmp head,
* swirl rotation in the opposite direction to the impeller rotation increases the
pump head, and a danger of overload exists,

* when the swirl intensity is not stable, a fluctuation in pump flow rate and head
should be expected.

An air-enfraining vortex can cause the following adverse effects:

* pump flow rate and head decrease,

* excitation of vibration and noise caused by hydraulically unbalanced impelier
- operation,

* increased radial force on the impaller,

* increased risk of cavitation erosion on the impelier blades,
* wear in submerged shaft bearings.

The negative impact of swirling flow and vortexes on pump performance depends
on the pump specific speed and size, as well as other specific design features of
the pump., !n general, large pumps and axial-flow pumps (high specific speed} are
more sensitive than small pumps or radial-flow pumps (low specific speed).

in this chapter several guidelines regarding minimum water level in the sump (or
pump submergence) are stated. It has to be taken into account that these water
ievels are recommended based on trouble-free flow conditions in the pump sump,
and have.no connection with the minimum water level defined on the basis of
pump pav;tatic)n requirements. The minimum water level based on NPSHav must
be defined separately (see chapter C.3). The higher water lavel of the two above-
mentioned values has to be maintained during pump operation.
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J4.1.1. Individual instailation

The basic recommended layout for rectangular intake and wet pit pumps is shown
in Fig. J.1.1.a. The pump is positioned near the rear wail of the intake channel.
Additionally a waliffloor splitter is installed to prevent swirling flow and vortex for-
mation. Corner fillets are introduced in order to reduce flow separation and possi-
ble vortex development in corner areas. The recommended instaliation dimen-
sions with pump submergence can be taken from diagram Fig. J.1.4,

A solution with an additional curtain wall is recommended when pump submer-
gence is not sufficient (Fig. J.1.1.b). Curtain walls control the How near the water
surface and prevent the formation of air-entraining vortexes. With this modification
the required minimum pump submergence Scw can be lower than with the solution
shown in Fig. J.1.1.a.

For large intake sumps when the pump cannot be positicned near a rear wall, a
solution with a baffle cylinder is often applied. A baffle cylinder with short radial ribs
ensures symmetrical inflow conditions to the pump impelier, and avoids possible
vortex formation (Fig. J.1.1.c). When applying this solution the required minimum
submergence Sec can be lower than with the solution shown in Fig. J.1.1.a., but a
certain increase of inlet hydraulic losses can be expected.

J.1.2. Mutltiple parallel installation

If multiple pumps are installed in a single intake structure (see Fig. J.1.2), dividing
walls placed between the pumps resull in more favourable How conditions,
Dividing walls are obligatory when installing pumps with flow rates higher than 0,3
ma/s. When instaliing a through-fiow fravelling screen or trash rack the minimum
recommended distance o the pump has to be considered, Care must be laken to
ensure that clogging of the screen does not generate a large nor-uniformity in the
pump approach flow. The approach flow conditions can be disturbed when the wall
and floor inclination angles are not within the values recommendesd in Fig. J.1.2.
The basic recommendations for caleulating the dimensions of a rectangular inta-
ke in a multiple parallel pump installation are the same as for an individual pump
installation, and are shown in Fig. J.1.4. Additionally, a general design recom-
mendation for suction bell diameter I can be taken into consideration: D ~ 1,401
when D1 is the impeller eye diameter.

The design of sump intakes for vertical wet pit pumps is in many cases a com-
promise between the structural constraints or possibilities, and the hydraulic requi-
rements. To avoid any possible problem during the operation of the pumping sta-
Hon it is worthwhile, as early as at the design stage, following as much as possi-
ble the recommendations for sump intake design. A comparison of some recom-
mended and non-recommended designs is shown in Fig. J.1.3.
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walt
splitter
o w 1 4 curtain
I . wall \\
o) O g 3
8 o @
§..21 Yoo
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j - Q
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floor . /
sphiter 3 Cw:?ég

radial
b

a) design with wall/fioor splitter

b} design with additional curtain wall
c) design with baffle cylinder

Fig. J.1.1 Design possibilities for an individual pump installation
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Fig. J.1.2 Parallel pump installation with a rectanguiar intake channet

An abrupt change in the size of the inlet pipe or the inflow to the sump from one
side only is not recommended (Fig. J.1.3.a2). A recommended solution which
ensures a straight inine flow with low velocity to all pumps is shown in Fig.
J.1.3.a1.

The placing of a number of pumps around the sides of a sump is not recommen-
ded (Fig. J.1.3.b2). Separation of the pumps by walls is obligatory when the pump
flow rate is higher than 0,3 m3/s (Fig. J.1.3.b1).

Abrupt changes in flow channel size (width} are not desirable (Fig. J.1.3.02). The
wall inclination angte _ should be as small as possible, preferably not more than
10 degrees (Fig. J.1.3.c1).
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recommended designs non-recommended designs 70000
W 40000
‘ 1
@ k 20000
Q[ €
@ = 10000
s £
o §
example a2 g
S 4000
e
@ "‘““"““I 2000
@@ 1000 /
""""""" example b2 0.2 0.4 1 2 4 10 20 30
LY .| example bl recommended sump dimensions (m)
., Fig. J.1.4 Recommended dimensions for rectangular intake
b " {;} To Fig. J.1.4.:
Ty = A - distance from the trash rack or intake structure entrance to the rear wall (minimum)
B - distance from the rear wall to the pump axis {(maximum)
O € — distance between the floor and the suction bell (average)
€10 G} D — suction beli diameter (average)

S - submergence depih {minimum)
W~ pump bay channet width (minimum)
" Y - distance from the pump axis to the bay entry or screen (rHnimum)

example c1 example c2

J.1.3 Multiple pump installation - recommended and non-recommended designs 2. Can-type intakes
Gan-type intakes are normally provided for verical turbine pumps. it is necessary
tp-design the can intake s0 that the inflow velocity profile at the suction bell is uni-
torm. An asymmetrical velocity profile may result in hydraulic disturbances, such
as: swirling, submerged vortexes and cavitation, which may result in psrformance
degradation and accelerated pump wear. Care must be taken regarding the design
t:components that can affect the pump hydraulic perforrance. These include
suction barrels, turning elbows and vortex suppressors.

!n diagram Fig. J.1.4 guidelines are given for the basic dimensions of rectangular
!ntake sumps, and are valid both for individual pump and multiple parailel pump .
installations. The values in the diagram refer to an average of different pump types;
and cover the entire range of specific speeds and are based on the rated pum;;
flow rates. They are not absolute, but typicat values, and are subject to variation,
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J.2.1. Open bottom can intakes

R‘ecommended installation possibilities for open bottom can intakes are shown in
Fig. J.2.1 These recommendations are to be applied when the pump flow rate is
iower than 0,3 m3¥/s. In the case of higher flow rates a model test is required.

Bve
g 2"

J. Pump intake and suction piping design
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. intet
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vertical 4 vel '\\\LQE@X
turbine g g SUPRIessor
pump & a
turning e . Lz‘;{npelier h =
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recommendations:
- turming elbow velocily: v, < 15 mis
- header velocity: v, < 25 m/s

recormmymnendalions:

- riser velocity: v, < 18 my's

- header velocity: v, < 18 m/s

a) design with tumning etbow b} design with pump installation
in vertical riser

Fig. J.2.1 Open bottom can intakes

The configuration shown in Fig. J.2.1.a is particularly effective when liquid eleva-
tion (pump submergence) is limited. A flow through a horizontal header with a velo-
city vh of up to 2,5 m's can be effectively directed into a vertical turbine pump by
the use of a turning elbow. To ensure a more uniform velocity distribution at the
pump suction bell, the installation of turning vanes in the elbow is recommended.
The inlet diameter of the turning elbow should be sized to fimit the inflow velocity
vie 10 1,5 my/s. Caution is necessary when using this intake configuration in liquids

containing trash or incrustations (such as barnacles) that can stick to the turning
vanes.
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In cases with lower header velocities and higher liquid elevations, the simpiified
solution shown in Fig. J.2.1.b is effective as well. A vortex suppressor that is an
integral part of the pump is necessary 1o break up abnormal flow patterns ahead
of the pump suction bell. The installation must allow the pump 1o hang centred in
the vertical riser pipe. For this installation the header velocily v is limited {0 1,8
m/s and the velocity in the riser pipe vr is limited to 1.5 /s,

The minimum water level shown in the Fig. J.2.1 is considered as the minimum
tevel in steady-state pump operating conditions. When the pump is started the
rninimum liquid level will reduce momentarily, until the sieady-state condition is
achieved. When sizing the pipes, it has 1o be taken into account that the draw-
down of the liquid level below the recommended minimum level should be lirmited
to a period of less than 3 seconds during pump start-up.

J.2.2, Closed bottom can intakes

The most typical can pump configurations are ciosed bottom carn intakes as shown
in Fig. J.2.2. Care must be taken to ensure the centring of the pump to the can.
This is important to avoid & rotational flow being generated with & non-uniform
velocity distribution around the pump and in the suction bell. Flow-straightening
vanes are required for pump flow rates higher than 0,2 m3/s. A pair of vanes should
be centred in the inlet 10 the barrel, and extended on one side to above the nor-
rnal liquid level and on the other side o the bottom of the barrel. A ¢ross-rib should
be provided under the pump suction bell.

Because of the limited volume of the can, surging of the liquid level within the can
may be a problem when operating with a partiaily filled can. The intake piping must
be large enough o limit draw-down below the recommended minimum liquid level
to a pericd of less than 3 seconds during pump start-up.

J.3. Wet pits for solid-bearing liquids

Special care must be taken when designing wet pits for solid-bearing liquids such
as waslewater, industrial discharges, storm or canal drainage, combined waste-
water, raw water supplies, elc. These liquids contain solids that may float or sett-
le in the wet pit. When organic solids are accumulated in the pit and not removed,
they may become septic, causing odours, increasing corrosion and releasing
hazardous gases.

The main principle for wet pit design is to minimise the horizomal surfaces which are not
under the influence of the pump suction. Thereby all solids are directed 10 a tocation
where they may be removed by the pump. Vertical and steeply sloping walls should be
provided for the transition from the upstream conduits or channels to the pump inlets.
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Fig. J.2.2 Closed bottom can intake i Dvc

- A recommended circular wet pit design with two submersible sewage pumps is
shown in Fig. J.3.1. The bottor of the pit has sloping surfaces arcund the pumps,
and the horizontal floor area is minimised as much as possible. Pumps are instal-
ted in the sump by means of a guide hoop. Sealing between the pump and the
discharge bend is achieved by the pump weight. The use of accessories in the
installation should be limited, due to the possibility of the collection or entrapmant
of solids. The minimum water level should be defined by the pump manufacturer,

taking into consideration the formation of air-entraining vortexes and the motor
cooling requirements.

The instafiation of submersible sewage pumps in a confined wall wet pit is shown in
Fig. J.3.2. These wet pit designs are frequently applied when pumps with axial infiow
and outflow are used. Each pump is installed separately into a confined pocket to iso-
fate it from possible fiow disturbance. The horizontal surface area on the pit bottom,
where solids can seftle, is minimised. A cone under each suction bell and an anti-rota-
tion wal splitter should be installed when the pump flow rate exceeds 0,2 m@/s.
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guide hoop

submérsible
purnp

Fig. J.3.1 Circuiar wet pit with sloping walls

A regular cleaning procedure for removal of the solids from a wet pit is obligatory.
This can be achieved by operating the pumps selectively, 50 as 1o lower the level
in the wet pit unti! the pump loses priming. Both seltied and floating solids are
removed and pumped into the discharge pipe. Pumping under these severe con-
ditions will cause noise, vibration and high loads on the impeller, and should be
limited 1o brief periods, Pumps for such applications shouid be designed 1o with-
stand abrasion and corrosion, and also severe conditions during the pit cleaning
procedure.
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Fig. J3.2 Wet pit with confined walls

J.4. Pump suction piping

The proper design of suction piping is vital in order to ensure the uniformity of the
flow delivered to the pump. A disturbed inflow causes deterioration in the pump
perfgrmapge and may shorten pump life because of vibration and cavitation. The
sucttqn Piping should be designed so that it is simple, with gradual transitions i
there is a change in pipe size. Transitions resuiting in a flow deceleration near the
pump entry should not be applied.
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J.4.1. Common intakes for suction piping

The effects of disturbed flow conditions at the beginning of the suction piping (at
the intet bell) tend to diminish with distance. Short suction piping is less effective
in reducing disturbances before the flow reaches the pump. Good flow conditions
exist at the inlet bell if the velocity in the inlet bell v and submergence 8 are within
recammended values. Common infake designs for suction piping with reference
submergence data are shown in Fig. J.4.1, For dimensions B, C and W the values
from Fig. J.1.4 are recommended. The method of calculating the minimum recom-
mended submergence S is:

S/D=10+23.Fw

Fro=v/{g.D)s

S — minimum recommended submergence
D — inlet bell diameter

Fro — Froude number at inlet bell
v - fiuid velocity in inlet bell

@ w
B )
OW ....... ot
D
B
Ql S
Y example ©
example a example b

Fig. J.4.1 Common intakes for suction piping

-acceptable velocity - -
“Urange(mfs)
06svs27

08svs24

1.25vE2

Tahle J.4.1 Recommended and acceplable velocities in the inet bell
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Recommended and accepiable velocities in the inlet bell for different flow rates are

shown in Table .J.4.1. The velocity in the suction piping should be constant, or
increasing as the flow approaches the pump.,

J.4.2. Suction tank intakes with vortex breakers

In the process installation, a suction pipe may be taken off the side or bottom of a
process or suction tank. General ruies, such as a symmetrical inflow without
obstacles in the tank and rounded comners at the suction pipe entry, must be
applied to produce a sound intake design. An adequate submergence, as recom-
mended under item J.4.1, should be provided to avoid vortexing and possible alr
{or other tank gases) entering the suction pipe. The air or gases drawn in may col-
lect in the piping and cause degradation in the pump performance. If the recom-
mengded submergence cannot be obtained, the installation of an anti-vortex devi-

ce in the suction tank is required. Some common types of such devices are shown
in Fig. J.4.2.

4D

T

o -

I

o

example e

Fig. J.4.2 Anti-vortex devices for suction tanks
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J.4.3. Suction pipe configuration

The general rule for suction pipe sizing is that the suction pipe velocity should not

exceed the velacity in the suction nozzle. Pipe velocity may need to be reduce_d

further to satisfy pump NPSH requirements, and to reduce suction pipe hydraulic

insses. There should be no flow-disturbing fittings (such as partially open valves,

tees, short radius elbows, efc.) closer than five suction pipe diameters from the

pump (Fig. J.4.3.a}.
flow-disturbing
fitting

l short radius

.

R/D 2 2 — long radius elbow

> 8D

B0 < 2 ~ ghor radivs elbow

L»5D  forlong radius elbow
L>8D for shott radius slbow

b) suction piping near a pump — double suction pumps

Fig. J.4.3 Recommended suction piping configurations
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lfong radius elbows and pipe reducers are not considered to be flow-disturbing fit-
tings. For double suction pumps the elbow in the suction pipe should be positio-
ned so that the elbow plane is perpendicutar to the pump shaft axis (Fig. J.4.3.a}.
When this cannot be done, and the elbow plane is parallel to the pump axis, a suf-
ficiently long straight pipe should be installed between the elbow and the pump
suction flange (Fig. J.4.3.b). This is to improve or eliminate non-symmetrical and
fluctuating flow patterns at the etbow exit, which could otherwise cause the inlet
condilions on both impelier haives to be different.

J.5. Model study of intake structures
J.5.1 Need for mode! study

A properly conducted physical mode! study is a reliable method of identifying unac-
ceptapie ‘ﬂow patierns at the pump inlet for given sump or piping designs.
Considering the costs of a model study, an evaluation is needed to determine if it

is required. A model test of the intake structure should be conducted with ong or
more of the foliowing features:

* sump of piging geometry that deviates from standard or already proven designs,

. ponwumfofm or non-symmetric approach flow to the pump suction,

* intakes with pump flow rate greater than 2,5 m3/s or total pump station flow rate
greater than 6 m3/s,

* pumps with open bottom can intakes and flow rates greater than 0,3 m3fs per
pump,

» wheﬂ proper pump operation is critical, and when pump repairs, the reconstruc-
tion of a poor intake design and the impact of inadequate pump performance, all

- together would cost more than ten times the cost of a model study.

A modgl study of the intake structure should be conducted by a hydraulic fabora-
tory using personnel that has experience in modelling pump intakes. During a
mode! study the adverse hydraulic conditions that can affect pump performance
should be detected. In the next phase, remedial measures to alleviate such adver-
se flow conditions should he identified. A typical hydraulic model study does not
investigate the flow patterns induced by the pump itself. The objective of a mode!

siudy fs to ensure that the final sump or piping design generates favourabie flow
conditions at the pump entry.

+.5.2. Hydraulic similarity

Models invotying a free surface are operated using a Froude similarity, since the
flow process |s. contfoliad by gravity and inertial forces. The Froude number, repre-
senting the ratio of inertial and gravitational forces, is defined as follows:
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Fr=v/{g.LP®

Fr — Froude number

v — average axial velocity (such as in the suction bell)

g — acceleration due to gravity

L — characteristic length {such as bell diameter or submergence)

The same parameters for velocity and length must be used for both model and
prototype when determining the Froude number. For a similarity of flow patierns,
the Froude nurber shouid be equal for model and prototype (index m denoting
model and index p denoting prototype):

Frm = Ffp

Based on the similarity law stated above, the velocity and flow rale ratios are defi-
ned as follows:

vm [ vp = (Lm / Lp}0®
Qm/ Qo = (Lm [/ Lp)25

When madelling a pump intake to study the potential formation of vortexes, it is
important to select a reasonably large geometric scale so as 10 minimise scale
effects for viscous and surface tensions, and to aliow visual cbservation of the flow
patterns. No specific geometric scale ratio is recommended, but from the point of
view of practicality and accurate measurement the minimum dimensions of the
model should be as follows: pump bay width > 300 mm, minimum liguid depth
>150 mm, pump throat or suction diameter > 80 mm.

J.5.3. Instrumentation and measuring technigues

The following instrumentation and measuring techniques are normally applied in
model iests of intake structures:

Flow rate: Qutflow from each simuiated pump should be measured with a flowmeter.

Liquid level: Liguid surface etevation should be measured with any type of liquid
level indicator.

Free surface vortexes: Vortex type and intensity are identified in the model by
visual observation with the help of dye and artificial debris. Photographic or video
documentation of vortexes is recommended.

Sub-surface vortexes: Sub-surface vortexes may be visible with the help of dye
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injection near the vortex core, Photographic or video documentation is recom-
mended.

Swirl in the suction pipe: The intensity of fiow rotation should be measured using
a swirl meter located downstream from the suction bell. The revolutions of the swirl
meter propeler per unit time are used 10 calculate a swirl angle in the suction pipe.

Velocity profiles: Velocity traverses along at least two perpendicular axes, at the
throat of the model suction bell or in the plane of the pump suction in a piping
systern, should be obtained for the final design using a pitot static tube or other
suitable instrument.

The accuracy of each individual measuring instrument in an intake modsl study
should be + 2 % or better,

J4.5.4. Acceplance criteria

The acceptance criteria for the hydraulic model test of the final design should be
the following:

* Only low-intensity clear surface vortexes may be acceptable. Any severe surfa-
ce vortexes or vortexes pulling trash or air bubbles from the surface are not
acceptable. Sub-surface vortexes are not acceptable, except for low-intensity
sub-surface swirl.

» The average swirl angie indicated by the swirl meter rotation must be less than
5 degrees.

* The time-averaged velocities at the measuring points in the pump suction bell
should not deviate more than 10% from the cross-gsectional area average velo-

- City.

* in the case of double suction pumps, the acceptable difference of flow at the
pump suction flange, to each side of the pump impeller, is 3% of total flow.

178

K. Pumping special fiquids

K. PUMPING SPECIAL LIQUIDS

K.1. Pumping viscous liquids
.1.1. Definition of viscosily

Real fluids are viscous fiuids in which friction exists between t_ha movirg fl}}iq parti.—
cles. Fluid resistance against a tangential or angutar defcrmats{)apf the Etg:d i5 _deﬂ-
ned as fluid viscosity. The following are the most common definitions of viscosity:

Dynamic viscosity:

« symbol
» units: Pass = N-s/ m?,
centipoise: 1 ¢P = 103 Pas

Kinemafic viscosity:
» symbol, definition: v=n/p

cunits: m? /s,
centisioke: 1 ¢St=106m?/s

p - fuid density (kg/m?)

In the USA another definition of kinematic viscosity is oflen used: SSQ (Say_bo?d
Seconds Universal). SSU is defined as the efflux time for a given quantity of Hguid
from the viscosity meter. The conversion is:

100 88U =20,5 . 108 m#/s

K.1.2. Description of a Newtonian fluid

When a plate moves against a stationary wall and the space in between is filled
with viscous fluid, a certain force must be applied to produce plate movement (see
Fig. K.1.1}.

The following retationships are valid:
F=A-n-(dc/dy)
T=F/A=n-(dc/dy)

F — frictional force

A — friction surface

h — dynarmic viscosity

1 — shear stress

¢ ~ fluid velocity
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¥ — coordinate perpendicular {o the wall
de/dy - shear rate

In cases where in the above-stated equation for shear stress t, the dynamic visco-
sity his a constant value, such types of fluid are called Newtonian fluids(n=const.).
Other types of fluids {non-Newionian fiuids), have a dynamic viscosity which
changes with the ratio de/dy (n = const), as shown in Fig.K.1.2,

1 — Newtonian fluid

Y1 2.3, 4 — non-Newtonian fluids
wl 2 — pseudo plastic
&1 3. Bingham plastic
Wi 4 — dilatant 3
&
®
L
[+;]
2
1
4

stationary wall

shear rate - do/dy

FigK.12 GShear stress versus shear rate
for severaf fiuids (qualitative)

Fig. K.1.1 Schematic representation of the
flow conditions between statio-
nary wal and moving plale

K.1.3. Effects of fluid viscosity on pump characteristics

When pumping viscous fluids which have a visgosity sufficiently above the value
for cold water, additionat fosses take piace which also affect the pump characteri-

stics. The following are the most important factors which influence pump charac-
teristics:

Hydraulic losses: With increased viscosity of the fluid, the hydrauiic losses in all
rotating and stationary pump flow channels also increase. This results in an addi-
tional head drop, which is more pronounced at increased pump flow rates (higher
internal velocities). Pump designs with a higher percentage of hydraulic losses
{low specific speed pumps, pumps with lower hydraulic efficiency}, are more sen-
sitive to an increased viscosity of the pumping fluid,

Disc friction losses: These losses also increase with increased fluid viscosity,
and the consequence is higher pump power consumption.
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The influence on pump characteristics is higher in low specific speed pumps,

where the ratio of disc friction losses with regard to the total pump internal losses
is the highest.

Boundary layer thickness: Viscous fluids have thicker boundary layers, and due
to this the “net channel width” is reduced. in the pump characteristics it is shown
as a shift in optimum flow rate towards lower vaiues.

Fluid density: Fluid density influences the pump power consumption, as shown
in equation for Pvis in the continuation of this section.

Bue to the influences described above, the pump characteristics will show the fol-
lowing general alterations when pumping viscous fluids: power consumption will
increase, flow and head will decrease. A performance correction chart is given in
Fig. K.1.3. This correction chart is based on average test results for single-stage
pumps with discharge flange diameters of 50 — 200 mm. The tests were performed
with petroleum oils having different viscosities.

Viscous fluid pump characteristics can be determined with the help of the correc-
tion factors from diagram Fig. K.1.3 and according io the following procedure:

Flow rate: (. = Cy Q.

Head: H,, =¢, H,

Efficiency:  This = Oy " T,

Power consumption: oy, = (Q - Ho P 8)IM,

Cq , Gy » Gy — correction coefficients from Fig. K.1.3
pis - density of viscous fluid

g — acceleration due to gravity

index "vis" — related to viscous fluid

index “w" - related to cold water

The pump performance correction described above is limited to Newtonian fluids
only, and is valid for open and closed radial pump impellers when running at a suf-
ficiently high NFSHav (at cavitation-free conditions — no head/efficiency drop due
to cavitation}. When accurate details of the influence of a viscous fluid on pump
characteristics are required, a pump performance iest with the actual fluid should

be conducted. This Is possibie in closed test loops and requires special arrange-
ments.
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K.1.4. instructions for determining viscous fluid pump characteristics

Pump manufacturers normally give the pump characteristics for cold water.
Viscous fluid pump characteristics are calculated as shown in the example below,
using the procedure and correction factors from section K14

Nominal pump data for cold water (for best efficiency point):

anc:mx 180 mé/h

MHwopt= 100 m
Twmax = 0,80
Pwopt = 61,3 kW

Viscous fluid data:

* viscosity: vvis = 250 ¢S5t = 250 . 10-6 m?/s
» density:  pwis = 850 kg/m3

Qw [ Qwopt 06 0.8 1,0 1.2
Hw / Hwopt 1,12 1,09 1,0 0,88

Tw / Tpwomax 0,925 0,875 1,0 0,975
Pw / Pwont 0,726 0,894 1,0 1,083

Co 0,96 0,96 (.06 0,96

Cy 0,96 0,95 0,93 0,90

C, 0,67 0,67 0,67 0,67

Qlvis [ Qhwaopt 0.576 0.768 0.96 1.152
Hyis / Fw.opt 1,075 1,038 0.93 0,792
Tivis / Thw,max 0,62 0,653 067 0.653
Puis / Pwopt 0,849 1,037 1.133 1,189

Table K.1.1 Examples of calculations of viscous fluid pump characteristics

Based on the calculation procedure described above, the nominal pump data for
a viscous fluid {best efficiency point) are:

172,8 m3fh
Fvis,opt 93 m
Tjvis,max = 0,536
Pusopt = 69,45 kW

Quvis,opt

[

The comparison of pump characteristics for cold water and a viscous fluid (vigco-
sity 250.10-6 m?/s, densily 850 kg/m3} which serve as an example of a calcuiation,
are in the dimensiontess form shown in Fig. K.1.4.
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Fig. K.1.4 Example of pump characteristics for cold water and a viscous fluid
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K.2 Pumping gas-liquid mixtures

In the process industry especially, there are often cases where non-dissoived
gases are also present in the liquid phase. When such a mixture is transported by
& pump of standard design, the influence of the gas-liquid ratio on the pump cha-
racteristic and the limits of pumping capability have to be considered.

K.2.1. Capabilities of standard pump designs

The most critical phenomenon when pumping gas-liguid mixtures is the separation
of the gas phase from the liquid phase. Even if a homogenous gas-liquid mixture
enters the pump, gas bubbles increase when passing regions of low local static
pressure. These regions are at the impeller blade suction side near the impeiler
inlet. Due fo the big difference in gas and liquid densities, the centrifugal force
effect acts additionally towards the separation of the gas and fiquid phases. The
consequence is the formation of gas pockets at the impsller entry, near to the
blade suction side and around the shaft. In cases of closed impeiler designs, the
gas phase also gathers in the inner portion of the impelier side chambers. With the
increased percentage of gas in the pumped mixture, the impesller side chambers
can be completely filled with gas, which can spread even into the spiral casing.
Such gas pockets in the impeller, the impeller side chambers, and the spiral
casing, represent a certain blockage of the flow channels, and resulis in a reduc-
tion of pump flow rate, head and efficiency. Under certain circumstances the flow
my collapse.

in Fig. K.2.1 an example of pump characteristics with different gas/liquid ratios is
shown. The example shows the characteristics of a single-stage standard pump
design with closed impeiler type, the pump specific speed being ng 26.

Based on the diagram provided and also on other test resuits for standard pumps,
the following conclusions can be detived:

up to a gas content of & = Qgas / Quigem = 0,02 the influence on the pump cha-
racteristic is relatively small and is still acceptable, s

the operating limit of a standard pump is at « = 0,05 - 0,08,

even with a small percentage of non-dissoived gas in the fiquid, a standard pump
cannot operate near Q = 0,

the lowest effect of added gas in the liquid on the pump characteristics s at flow
rates between 0,6 and 1,0 of Qua/cig.op,

- the values given above improve slightly when the pump specific speed is rising.

1

in the case of multi-stage pumps the influence of the gas content on the charac-
teristics is produced by the geomelry of the first stage, In the next stages the volu-
me of gas bubbles is already very much reduced due to increased stalic pressure
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K. Pumping special liquids

and with this, its influence on the characteristics. Therefore a mulfi-stage pump is,
as a general tendency, less sensitive o the gas content.

it has o be taken into account that with an increased gas content in the liquid, the
pump cavitation characteristic NPSH:we is also worsened.
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Fig. K.2.1 Effect of the gas content in a liquid on the pump characterislics
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K.2.2. Possible improvements and special designs

Improvements to standard pump designs with regard to gas conlent sensitivity are
mainly connected with solutions which reduce or postpone the separation of the
gas and liquid phases in the pump. The folliowing are the most common measures.

Open impeller type: Additional internal circuiation detween the impefier blade
pressure and suction sides postpones the formation of gas pockets on the blade
suction side. With an open impeller type the negatlive effect of accumulated gas in
the impeller side chamber is eliminated.

Evacuation of impeller hub area: Gas accumulates in this area of the pump, due
to the centrifugal force effect. When the impeller hub area is connected to an
external evacuation device, the accumulated gas is constanlly removed, thus
improving pumping capability.

Impellers with higher specific speeds: In impsllers with higher specific speeds,
the separation of the two phases is less pronounced, due 10 a reduced centrifugat
force effect and more pronounced recirculation,

A special pump design (two-phase pump) for handling an extremely high gas con-
tent in a fluid is shown in Fig. K.2.2. This is a multi-stage pump provided with
mixed-flow open impsllers which have a low head per stage and low impeller
blade loading {fow pressure difference between pressure and suction sides of the
blade and very gradual increase in pressure from leading to trailing edges).
Between the two impeilers, the diffuser vanes are placed so as to transform part
of the kinetic energy into pressure, and 1o guide the mixture flow into the next
impelier. Such a pump design allows a reduction in the separation of the two pha-
ses, and the pump can operate with a gas/liquid ratio o up to 0,97,

impeliers

flow

direction
——b —

direction - A / ‘7 I
of rotation \ i

diffuser

Fig. K.2.2 Schematic representation of a two-phase pump
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K.3 Pumping solid-bearing fluids (slurries)
K.3.1 General description of low regimes

The pumping of solid-bearing fluids and the transportation of solids by slurry pipe-
lines have a wide variety of industrial applications: agriculture; oll, food, paper and
chemical industries; mining; industrial and municipal waste treatment; efc,
Depending upon the properties of the solids and liquids, and the pipe size and flow

velocity, different flow regimes can develop which are qualitatively represented in
Fig. K.3.1.

The following are the main flow regimes which can develop when pumping solid-
bearing flulds (slurries):

Homogeneous flow {1): in the homogeneous flow regime the solid parlicles are
distributed homogeneously in the fluid. This type of flow develops when the solid
partictes are small and/or the flow velocity high enough.

Heterogeneous flow (2): A solid concentration gradient exists along the vertical
axes of a horizontal pipe in the case of a heterogeneous flow regime. This type of
flow occurs when solid particle size and density increase, and the mean flow velo-
city is not high enough to establish a homogeneous distribution of paricles.

Flow with moving bed {3): When solids contain large particles like coarse coal
or gravel, the particles will travel in the form of a moving bed near the pipe bottom.
This type of flow normally occurs in the transportation of sofids in slurry pipelines.

Flow with stationary bed (4): This type of flow occurs when the flow velocily is
not sufficiently high to keep all the solids in motion. Some solids may be in a hete-

rogeneous flow above the stationary bed of solids. This type of flow should be
avoided in commercial practice.

Hiow with stationary bed (4) ;

J
/ How with

Froving bed

parficie size

flow velocity
Fig. K.3.1 Qualitative representation of flow regimes for solid-bearing fiuids (shirties)
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When pumping solid-bearing fluids the pump performance characteristics, as well
as the pipeline-system characteristics, differ from the performance characteristics
for coid water. Generally the pump head and efficiency decrease and power con-
sumption increases when pumping solid-bearing fluids. More information about
the performance correction is given in sections K.3.2 and K.3.3.

M slugry
description of flow
regimes 1,2, 3, 4 @
inFig. K.3.1 L
/
@ ,p’
©a >
- - “wat
L o ’\_ L WHIET
critical j
speed
oo f—
Q
Fig. K.3.2 Typical example of solid-bearing fluid (slurry) and water pipeline
characteristics

K.3.2. Non-setiling solid-bearing fluids (slurries)

Non-settling solid-bearing fluids {slurries) have the properties of a homogeneous
flow and behave as a Newtonian fluid (see section K.1.2). Due to this, performan-
ce corrections can be done in the same way as for viscous fuids.

Pipeline characteristics: When calculating the pipeline characteristics, the real
values for fluid viscosity and density have to be taken into account. Friction losses
in a pipeline when pumping siurries are higher than for pumping water,

Pump performance characteristics: The same procedure for pump performance
correction should be used as that shown in sections K.1.3 and K.1.4 for viscous
fluids, In order to get a realistic correction it is important to have reliable values for
viscosity and density of the slurry.

¥.3.3. Settling solid-bearing fluids (slurries)

When pumping settfing siurries, all the flow regimes described under item K.3.1
can generally occur. Which type of flow will develop, depends mainly on the fluid
velocity and particle size, According to pipefine and pump parameters, many pre-
cautions have to be considered in order to ensure the trouble-free pumping of sett-
ling slurries.
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Pipeline characteristics: A typical pipeline characteristic for settling slurries is
shown in Fig. K.3.2, and compared 1o the characteristic for water. In the sturry cha-
racteristic {for constant soiid content}, the margins between the different flow regi-
mes are marked. Each flow regime has different coefficients of pressure loss: the
lowest pressure loss coefficient is in a homogeneous flow (the slurry characteristic
in Fig. K.3.2 closest to the water characteristic) and the highest pressure loss coef-
ficient is in a fiow regime with a stationary bed.

Pump performance characteristics: When slurry flows through a pump, the
solid particles {ake different paths in the flow channels from the liquid particles.
This effect is connected to some additional hydraufic losses which, together with
the increased friction losses of the slurry in the pump flow channels, reduce the
pump head and efliciency, Power consumption increases due to the increased
density of the sturry in comparison with the water characleristic. Fig. K.3.3. shows
a schematic representation of the differences in the pump performances for pum-
ping water or siurry. Based on experimental results with pumps of different speci-
fic speeds, a formula is available to calculate the correction factors; these factors
depend mainly on the size and density of the solid particles and on the concen-

tration of solids in the liquid, but aiso on pump specific speed. The procedure for
caiculating is:

Head: ]1.51' = fa . HW e
fH = m_f_f.[ﬁa__g). 1+4£ .gn_‘i_. _22
26 \p P, dees \ 1Y,
X :(ps‘/psj)'(?r

(“\' z(pslmp)/(pb‘mp)
Efficiency: n: = f,f .

f ;; = fﬂ
Power

consumption: P, ={(p,/p. ) P

B

ov — volume concentration of slurry

ds — parlicle size {diameter)

dret = 0,023 mm ~ reference particle size

i, Iy — correction factors

ng — pump specific speed

x — mass concentration of slurry

p — density of "carrier liquid”, normally water
indices: “s" — soiid, “sl" - slurry, *w” ~ water
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Flg. K.3.3 Schematic comparison between pump characteristics for water and siurry

H b 03

pump characteristics
-+ pipefine characleristics

x -~ mass concentration of slurry

e limiting operating point

Q
Fig. K.3.4 Pump and pipeline characieristics for different concentrations of siurry

When pumping shurries, the concentration of solid particies may vary duing the
operation, and consequently the pipeline and pump characteristics as well. An
example of characteristics with different mass concenirations of slurry is shown in
Fig. K.3.4. With the increased concentration, the pump operating point moves from
homogeneous or heterogeneous tliow regimes towards moving bed How regimes
or stationary bed flow regimes. There is also a limiting concentration when pum-
ping is no fonger possible because the pump characteristic has become lower than
the pipeline characteristic.
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K.3.4. Design guidelines and speed limitation

There are many different sturry pump designs which can cover various industrial
applications. Pumps have to resist abrasion {often also corrosicn) and are there-
fore made from hard abrasion-resistant metals, from elastomers or ceramic. In
order to minimise wear the following guidelines for pump design may be helpfuk:

* use metals which are harder than the hardest sturry particles,

* utilise pump elements which combine soft and hard materials In such a way as
to reduce abrasion and provide resilience,

* increase the wall thickness of pump parts in areas of high wear,

+ use hydraulic designs with specific speeds ng < 30 (wastewater < £ 50),

* limit pump operating region to (0,8-1,2).Qopt.

Velocity is one of the most important parameters influencing wear in the pump ele-
ments. The wear rate when handling abrasive solids is generally proportional to
the relative velocity between the slurry and the pump elements, to the power 2-3,
From practical experience some guidelines for impelter tip speed limitation have
been established, and are shown in Table K.3.1.

type of sturry

dirty water,
waste water

slurries up to mass concentration of 25%
and parlicle size jower than 200 mm

shurrigs with higher mass concentration
and larger particle size as stated above

Table K 3.1 Guidelines for speed limitation of slurry pumps

K.4 Pumping hydrocarbons

Operating experience on site has shown that pumps handling hydrocarbons can
operate satisfactory at a lower NPSHa than is required for cold water. These prac-
tical results have also been confirmed by laboratory tests. The main cause of the
differences between cold water and hydrocarbon NPSH values is linked to the dif-
ferences in vapour pressure and density of both fluid types.

When performing pumgp cavitation testing with different fluids, the following can be
observed: at the same value of NPSHay, the volume of vapour bubbles at the
impeller entry is grealer with coid water than with the hydrocarbons. The size
(voiume) of vapour bubbles is directly related to the degree of flow obstruction at
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the impelier entry, and causes a drop in head. With hydrocarbons the volume of
the vapour bubbles is reduced and resuits in the delaying of the head drop, as
shown schematically in Fig. K.4.1 (see also chapier C).

The diagram in Fig. K.4.2 is a compaosite chart of the NPSHwq reductions which
may be expected for hydrocarbon liquids and high-temperature water. The dia-
gram is based on available |aboratory data from tests conducted on the fluids
shown, and plotied as a function of the fluid temperature and frue vapour pressu-
re at that temperature.

When using diagram Fig. K.4.2, the following #imitations have to be taken into
account:

+ the NPSHreq reduction should be limited to 50% of the NPSHuwq of the pump for
cold water,

* the diagram is valid for hydrocarbons free of gas and alir,

» when it is applied to hydrocarbon mixiures, vapour pressure should be determi-
ned for the actual pumping temperature,

* vaiues trom the diagram should not be applied for temperature and/or absolute
pressure transient conditions.

Hﬂ

‘3% ot H

hydrocarbon

© 1 T cold water
ANPSH = NPSH,,, reduction

NPSH

Fig. K4.1 Schematic represeniation of head drop curves for cold water and hydrocar-
bons
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L. CORROSION AND MATERIAL
SELECTION

L.1. General

Corrosion is described as the reaction of a material with its environment, causing
measurable changes in the material used, and possibly teading to corrgsion dama-
ge. This so-called “impairment” of the function of the pump elements can therefo-
re reduce not only the life, but also the performance of the pump. For an econo-
mical pump installation, the most important requirements are the life expectancy
and the required performance. The operational life gives the expected total num-
ber of running hours for all the pump elements, before they have to be replaced.
The life is related primarily to the design of the pump and the resistance of the
material used, with regard to cavitation, corrosion and erosion, or a combination
of all three, under operating conditions. It is therefore essential to selec! the most
economical material that is adequately resistant to the fluid characteristics and the
velocity effect in the different parts of the pump, as the latier also influences the
life cycle costs (LCC).

The following factors ensure a long operational life for the pump:

* neutrality of the pumped fluid at amblent temperature,

* necessary safety margin over the NPSHau,

* continuous operation of the pump, in the vicinity of the best efficiency point,
* absence of abrasive pariicles in the fluid.

If the properties of the fiuid differ from neutral, the pump designer has 1o choose
the best possible material with the help of an expert in metallurgical corrosion in
order to obtain the expected life.

Different standards define the chemical properties of the materials used for pump
elements, and give recommendations for the choice of materials for different fluids
and velocities.

L.2. Factors influencing corrosion

The most important parameters influencing the corrosion resistance of the mate-
rials used are as follows:

*» chemical properties of the fluid,

* temperature of the fluid,
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« static mechanical stresses inciuding the influence of flow rate variation,

» cavitation phenomena due to bubble implosion on the surface of the material,

» metatiurgical composition of the material, including heat treatment as well as wel-
ding influences,

+ influence of the erosive and corrosive matter in the fluid.

Different aspects of corrosion must be distinguished:

« Liniform corrosion, where the rate of corrosion is concentrated on all the metal
surfaces of the pump (the so-called rusting process). Usually this kind of corro-
sion is not very critical because it can be properly considered during the design
phase (for example by increasing the thickness of the pump components) and #
can be monitored during the life of the pump, so that overhauling and replace-
ment of damaged parts can be planned.Local corrosion on lightly stressed parts,
such as pitting, crevice corrosion, and galvanic and intergranular forms of corro-
sion (see section L.4).

» {_ocal corrosion on parts with an evident mechanical stress concentration, such
as erosion corrosion and cavitation corrosion {surface phenomena) or stress
corrosion cracking and corrosion fafigue (subsurface phenomena). This form of
corfosion acts either on the material surface, when it has a great influence on
the values of corrosion fatigue strength (see Table L.2.1), or produces local
destruction of the material due to cavitation or erosion attacks.

The last two types of corrosion are often undetectable, and destruction of the
aftacked pump elements can occur suddenly. in table L.2.1 the decrease in the
fatigue strength, resulting from corrosion attack, is shown for a specific material.

-for 107 — 10% load cycles
1 constant fatigue strength
for higher load cycles
~ 0.9 with cavering layer constant fatigue strength
formation for higher load cycles
~ 0,4 faligue cracking due to  falling fatigue strength for

_ corosion attack
Material: forged material for pump shafts, Ni — Cu alloy

increased load cycles

Table L.2.1 Alternaling fatigue strengths of smooth forged material

The corrosive properties of a pumped fiuld can vary during operation, when the pro-
cess requires changes in the temperature, concentration of entrained solids or
amounts of gas, Such varations can produce different forms of corrosion, depending
on the very specific fluid properties and the type of material used for the pump parts.
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L.3. Corrosive properties of the liquid being pumped

Non-water-based fluids:

This group includes all typical organic substances like oil, petroi etc. These fluids
usually have no corrosive effect at all on metals. A corrosion attack can be expec-
ted only when these fluids contain some water,

Water-based fluids;

These liquids usually contain some salts and also gases. Depending on the sour-
ce, distinction must be made between the following three types:

« natural water {groundwater, surface water, sea water),

» treated water (demineralised, degassed water),

« special chemical and salt solutions (cooling brines, fluids from industrial sectors}),

Depending on the source, natural water contains different substances in the form
of salis, free acids, and aiso gases, and depending on their quantity, corrosion
attacks take place on the materials. As the solubility level of these substances in
water also depends on the temperature, this factor has an important influence on
material loss due to corrosion. Natural water contains additicnally a varying quan-
tity of calcium carbonate. The concentration of this substance, responsible for
water hardness, is defined in degrees of carbonate hardness by internationally
used concentration units.

9

e Ha T
positive Langelier index
B food

pH vaiue

8.5 > ] S
‘ﬁ\\\ i hardness precipitation
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at 17°¢

negative Langelier index

6z 06 10 14 1B 22 26 | [mmol]

2 4 6 & 1 12 1w e d
carbonate hardness (German})

19d {German hardness) = 10 mg Ca0 / kg

Fig.L.3.1. Simplified illustration of calcium-carbon dioxide equifibrium

Diagram Fig. L.3.1. defines the water quality, according to German hardness. The
carbonate hardness is an important criterion for the selection of materials. As the

197



L. Cerrosion and material selection

formation of a protective layer Is heavily dependent on the pH value of the natural
water, the decision when to use unalloyed or low-alioyed steel (Cr content below
13%;) is taken on the basis of the degree of hardness. Fig. L.3.1. shows the

aggressive and also non-aggressive areas for a water temperature of 17°C and for
different hardnesses as a function of pH values.

The corrosion behaviour of most metals is determined 1o a great extent by the pH
value of the pumped fluid. i the fluids contain salts and/or gases, the pH value falls
below the neutral value of 7.5, into the acid region. Corrosion attacks become very
intensive and can be dangercus for all pump elements. The corrosion danger
increases additionally with the rising velocity of the fluid in the pump. Special atten-
tion must be given when pumping sea water, as this fluid contains about 3% of dis-
solved salts. The corrosion aggressivity depends also on the water temperature,

For fluids with unknown chemical properties it is recommended to carry out a che-
mical analysis, in order to prevent unacceptable corrosicn attacks. This is espe-
cially important for injection water, used for crude oil production. This water is a
product of the ol wells and is obtained after the separation of gases and crude oil
from the mixture. This water can be very aggressive, especially when containing

a high amount of hydrogen sulphide HzS (few hundred ppm) and also a high
amount of chiorides.

L.4. Types of corrosion

For the right choice of pump materiat for a given fluid, the corrosion properties
have 1o be evalualed, as in many cases they are unknown. In order to choose the
optimum material, it is advisable to test the material under most static conditions,
in different fluids. The resulfs of these tests only give information about local cor-
rosion, whereas its effects in conjunction with the fluid velocity are unknown,

However, for acid fluids especiatly, the influence of water velocity is very important
for the optimum choice of material,

L.4.1. Inhomogeneities in a material: galvanic corrosion

This type of corrosion is defined as electro-chermical corrosion, whan metals with
different nobilities are in electrical contact through the fluid, which acts as an elec-
trolyte. The galvanic corrasion results in the rapid destruction of one of the mate-
rials, creating a corrosion protection of the other material. Therefore special atten-
tion must be given to the nobilities of the materials under consideration. The ratio
of areas of the materials also has a large effect on the galvanic corrosion. The
degradation is even more pronounced when the less noble material has a large
contact area with the noble material.

in order to minimise galvanic corrosion, the following recommendations should be
considered.
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+ the elimination of combinations of materials, when the area of the less noble
material is small,

« the insulation of materials with different nobilities,

» the selection of combinations for materials which are in contact, with as close as
possible a nobility In the galvanic corrosion series.

An approximate series of materials and afloys, beginning with the lowest nobility
are: aluminiumn, cast iron, chromium steel, austenitic nickel and nickel-copper—cast
iron alloys, chromium-nicke! staintess steel, nickel-based alloys, bronzes.
Detailed recommendations on combinations of metais which should be avoided in
different contact areas are given in Standard ANSIKHI 8.1-9.5.

bronze ek
wearing ring A — impeiler

galvanic corrosion when
pumping seawatsr

i ne

Fig.L.4.1 Schematic representation of galvanic corrosion in a pumg

L.4.2, Pitting corrosion

Small cavities, randomly distributed over a surface, are typical for this type of cor-
rosion attack. The result of the attack is local perforation of the surface of the metal
used, and it can have very dangerous consequences. With the formation of a
small corrosion anode, the passive layer is eliminaled. in the cavity the fuid rea-
ches a very low pH value, activated additionally by chiorides. If the fluid is in a sta-
gnant condition (pump at standstiil}, the danger of pitting corrosion is additionally
increased, as no fresh oxygen is transported 10 the surfaces by the fluid. An addi-
tional increase in the corrosion attack can be caused by a rise in temperature of
the fluld. Austenitic steels are especially sensitive 1o this type of corrosion. By
adding a percentage of Mo to the material, corrosion resistance can be improved

considerably. 2
Ct” w ( cr
H' Ci”

Melt

Fig.L.4.2 Schemalic representation of pitting corrosion
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L.4.3. Crevice corrosion

The formation of this type of corrosion is similar to pitling corrosion. Crevice cor-
rosion can be explained as a local destruction of the corrosion-resistant protective
fayer in the crevices, resulting from a scarcity of oxygen and a reduction in the pH
value,

A pronounced danger exists when a pump is out of operation and the delivery of
oxygen is cut off, thus preventing the formation of a protective layer. The danger
of the formation of crevice corrosion can be greatly reduced by an improved
design, eliminating as far as possible all unnecessary crevices, for instance bet-
ween the shaft and the protecting shaft bush, Regularly starting the pump, which
supplies fresh water and therefore also oxygen to the crevices, helps to reduce the
danger of a corrosion attack, Intense crevice corrosion aftacks are observed in
stainless steels which have a relatively low content of Cr and Mo, when the pum-
ped fluid includes a high coptent of chlorides, combined with a high temperature,

protective |+
layer

"ycrevice

Fig.L.4.3 Schematic representation of crevice corrosion
L.4.4. Intergranular corrosion

Intergranular corrosion is a special form of local corrosive atiack. The reason is the
precipitation of Cr carbides, which produces a shortage of Cr in the grain bounda-
ries of the material. Based on this, the sensifivity to corrosion rises. The reason
lies in the difference in the potentials between the boundary and the inside of the
crystal. Even if the loss of material is small, this form of corrosion leads to disinte-
gration. High-alloyed austenitic Cr-Ni steels are very susceptible to this type of cor-
rosion and the mechanical properties of such materials can be greatly reduced.
Cast material of the same composition is less sensitive to this type of corrosion
than forged material. Heat treatment (including local heating during welding pro-
cesses), can affect the formation of intergranular corrosion. The susceptibility of
austenitic stainless steels can be very much influenced by their carbon content.
Steels with a carbon content of C < 0,03% are resistant {0 stress corrosion. An
increased Ni content and optimised heat treatment avoid the cracking of such
materials. Modemn stainless steels containing Ni, Cr, Mo with additions of Cu and
N, have shown an excellent corrosion resistance and high strength.
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Fig.L.4.4 Schematic represeniation of stress corrosion

L.4.5. Corrosion caused by Interaction with cavitation

if high local stress is produced on the surface of the material, due to vapour bub-
ble collapse resuiting from cavitation in a corrosive fluid, the rate of metal destruc-
fion is accelerated. The corrosion protection layer is destroyed by the cavitation,
and therefore the corrosion process proceeds very rapidly, In Table L 4.1 a com-
parison of combined corrosion—cavitation material loss is shown for different types
of water. It is obvious that, due to the increase in HzS content, the rate of damage
rises very fast. Oniy by using higher-alioyed materials, with a Cr content higher
than 12%, can the damage rate be reduced. The loss of materal due to the inle-
raction is additionally influenced by rising flow velocities. This is especiaily impor-
tant for impellers, if the NPSH available cannot be increased.

walar characteristic relative-material loss perunittime

distifted water e 1

sea water according to DIN 1,2
sea waler with 0.1 ppm H2S 2,3
sea water with 10 ppm H2S 3.1
sea water with 50 ppm H28 3.8

Material: G-CuAl10Ni (2.0975.01)

Table L.4.1  Comparison of material ioss due to cavitation
corrosion interaction for different water characteristics

L.4.6. Uniform corrosion and the influence of flow velocity

Pratically all the wetted surfaces of pump glements are subject to refatively high
fluid velocities. The corrosion deposits, which act as a protective layer, are influen-
ced by the chemicai composition and velocity of the fluid. The selection of mate-
rials should therefore be based on the velocity-corrosion resistance of the mate-
rial used. Laboratory tests which determine the different types of local corrosion for
corrosive fluids, are static. When a pump is working ouiside the BEP, the angles
of fiuid flow become larger than the geometrical ones. Separation occurs, including
the creation of vortexes in this zone. The erosion-corrosion attack intensifies.

The erosion—corrosion process of material loss can be divided into three phases,
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Phase 1: Every corrosion-resistant material with a Cr content larger than 12%
creates a protective covering layer in a corrosive fluld, according to Fig. L.4.5 (a

and b}. Tnis phase is controlled by diffusion and loss of material, caused by trans-
porting oxygen to the material.

Phase 2: This phase is chemically controlled. in this phase a passivation layer is
built up as a result of a chemical reaction with the material, In this phase the layer
protects the original material, and the “wash away” of the protective layer is com-
pensated by building up again with a “fresh” layer.

Phase 3; With the increased velocity of the fluid, the covering layer is locally
destroyed and creates unevenness. The latter produces local higher velocities and
separations with a rising “wash away” effect of the material. When the “wash
away" is greater than the newly buiit up "fresh” layer, passivation no longer takes
place and it cannot protect the original bare material. A full attack on the unpro-
tected base material occurs: Fig. L.4.5 (c and d).

b.) flow

healed surface  activated
surface

Fig. L.4.5 Flow-influenced uniform corrosion {chronological representation of the
destruction of the passivation layer}

In the case of high fluid velocities, meaning a high manometric head per stage,
erosion—Ccorrosion plays a very important role. For each material there is a imiting
velocity, which should nof be exceeded. This limit is clearly influenced by the che-
mical properties of the pumped fluid, as well as by the composition of the mate-
rials used. This limit can only be delermined experimentally on the basis of sam-
ples running under the same conditions (velocities and fluids) as in the pump
plant. Fig. L.4.6 shows test results for the losses of different materials, as a func-
tion of the velocity for given fluid properties. The resistance to erosion—corrosion
rises with a higher Cr content in the stainless stesl. Based on these, the most eco-
nomical choice of malerial can be made by the designer, with the help of experi-
mentally obtained corrosion rates.
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Fig. 1.4.6 Erosion—corrosion rates of different steels as a function of velocity,
Medium: injection water, 60°C, 270 000 mg/ dissolved salts, pH 4,5

L.5. Selection of materials for a pump

The physical and chemical characteristics of the materials seiecied for the pump
parts must be carefully considered in order to cheose the optimuim solution. H
reliable performance data for the materials are not known, test samples of the
same materials should be exposed to the pumped fluid, and selection based on
the corrosion atiack.

L.5.1 Optimising the life cycle cosis

The cost of a pump by itself is a compromise betweern the initial and maintenance
costs. The right choice of material has an important influence on the life cycle
costs {LCC), as the latter greatly influence the operating, service and repair costs.
In many cases, due 1o a change in operational requirements, the material of the
pump parts must be upgraded in order to obtain the desired life expectation. This
is especially true when the chemical properties of the pumped fluid or the opera-
tional requirements {temperature, range of operation) have to be changed.
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L.5.2. Influence of the fluid properties on corrosion fatigue.

When pumping fluids with corrosive properties, the durability of the pump parts
that are subjected 1o cyclic stresses, such as shaft or impetier, has to be conside-
red very carefully. This is especially true when the alternating fatigue strength,
based on experimental results, is constantiy falling as a function of the number of
cycles. For pump shafls, materials must be used whose experimentally defined
gndurance values on “wetted samples” are sufficiently high. This is especially
importart when pumping sea water or formation water. The relative alternating fati-
gue strength on smooth samples of shaft material in different media is shown in
Table L.2.1. The negative effect of notches (caused by threads, keyways, shoul-

defs on the shafts), which further reduce the alternating fatigue strength, must be
pointed out,

1..5.3. Influence of material properties on pitting resistance equivalent (PRE)

Pitting resistance equivalent (PRE) is an empirical relationship which describes
the expegted susceplibility to, or resistance against, pitting and cravice corrosion
(see sections L.4.2 and { 4.3). This relationship is only applicable to stainless
steeis with a Cr content larger then 12%. By using stainless steels, the ability to
Create a stable passivation corrosion layer is ensured, and resistance to pitting

qnd crevice corrosion rises. The PRE relationship is valid only for stainless mate-
rials such as:

* manensitic Cr- steels,

* ferritic Cr-steels,

* austenitic Cr — steels,

* duplex steels with ferritic-austenitic structure.

The relationship is as follows:

PRE=1¥% Cr+33*% Mo+16*% N

it’can be seen from the above relationship, that the corrosion resistance {PRE) is
dictated primarily by raising the content of Cr, Mo and N. The PRE should be at
i&fasi 25 for low-aggressivity fluids {i.e, sea water at ~ 20°C) and at least 33 for
htgh—aggressivity fluids {i.e. sea water at higher temperatures, formation water,
fluids for desulphurisation plants with a relatively high content of chiorides). In
Table 1..5.2, the values for different duplex stainless steels are given, with their

qompositions and PRE values. These duplex steels are especially resistant to pit-
ting and crevice corrosion type.
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L.5.4. Choice of materials for important pump elements

L.5.4.1. Pump shaft

Pump shafts are subjected to cyclic stresses, and therefore the endurance
strength must be considered when selecting the material. The following criteria
must be taken in account:

* gndurance limit in conjunction with the characteristics of the fluid,

« notch sensitivity of the material,

» corrosion resistances, especially PRE.

The endurance strength in a high load cycle is vital in the case of pumping sea
water, formation water or similar highly corrosive fluids. Only by considering ali the
existing loads on the shaft, can life expectation, combined with high availability, be
achieved. Recommendations for the selection of shaft materials for different fiuids
are given in Tables L.5.2 and L.8.3.

L.5.4.2. Impellers

The pump impeller in particular is susceptible to all types of corrosion. The folio-

wing critetia for pump impellers and diffusers should be considered:

+ alternating fatigue strength for high load cycles, due to the stafic and dynamic
forces acting on the impeller,

= corrosion resistance 1o ait forms of corrosion,

« cavitation resistance,

* aprasive wear resistance, because of solids in the fluid,

* machining properties of the casting,

* Cosis,

When pumping fluids with higher temperatures {»120°C}, attention must be paid
to the material combination of the shaft and impeller. In multi-stage pumps espe-
cially, attention must be given to the different rates of thermal expansion of the
materials. By neglecting this influence, unacceptable stresses in the shoulders of
the impellers are possible, and clearances can occur between the shaft and the
impeller, with the consequence of mechanical unbatance. Fluids with a certain
content of solids, and pumping under cavitation conditions, cause damage fo the
impeller, the diffuser tips and the surfaces. Tha casting of these elements must be
performed so as to enable the end-user o repair these pants by welding during the
operational life of the pump. In such cases, the limit fo the carbon content {C < 3%)
in the caslings must be strictly followed in order to avoid intergranular corrosion
(see section 1..4.5).
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L.5.4.3. Casing

The velocities in the volute, as well as in the side walls of the spiral casing, are
lower than those in the impeller or diffuser passages. Due to different pump ope-
rating regimes, the appreach flow angle to the casing tongue varies very much,
resulting in flow separation. This effect can produce corrosion damage. The form
of the tongue must be executed very carefully. The right distance betwaen the ton-
gue and the impeller outiet must be chosen correctly.

In selecting the material for the casing, the following points should be considered:

+ Strength of the material: The spiral of a pump is a “pressure tank” that is subjec-
ted to different loads, such as transient thermal conditions turing the warm up of
the pump, and hydraulic shocks (water hammer).

» Corrosion and abrasive wear resistance: Standards prescribe during the design
stage a well-defined additional wall thickness in order to ensure safe operation
during the lifetime,

* Casling and machining properties: Special attention must be given to the casing
waits i the pumped lquid also contains abrasive particles. Relatively high velo-
cittes exist in the side chambers, combined with local fow separation. The
cas}ng walls shouid therefore be reinforced by separate walls with a higher cor-
rosion—-erosion resistance. H necessary the original spiral walls can also be clad-

ged with hard surface coatings in order to prevent unacceptable material losses.
» Costs.

L.5.4.4. Wearing rings

Wearing rings are @ combination of a stationary ring fixed in the casing, and a rota-
ting ring on the impeiler. The primary function of these elements is to minimise the
leakage losses and to ensure a good rotordynamic behaviour. The design should
ensure the smallest possible gap clearances between both rings during the ope-
rational life of the pump. The resuiting velocities in the gaps are high and depend

on the stage head of the pump. The following muss be considered when selecting
the material for the wearing rings:

« galling properties,

* corrosion and abrasion resistance,
* casting and machining properties,
* COSts.

In the wearing ring design and execution, the following should be considered:

* proper dimensioning of the gap in order to eliminate the touching of both rings
during transient conditions,

* choice of material in order 1o prevent any gaivanic corrosion,

. at‘tentéon to the ;ixing of both rings if the expansion coefficients of both materials
differ and transient conditions exist during pump operation,
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= easy replacement of both rings,

+ the entrance shape to the gap musi be carefully executed in order to prevemnt
separation at the entrance {especially important when the fluid contains solids),

» the surfaces of the stationary parts should have a serrated or honaycomb form
in order to optimise the pressure iosses in the gap. These execulions have
advantages in comparison with plain surfaces, with regard o gailling. The
influence of honeycomb wearing ring forms on rotordynamics is described in
chapter H.3.2.

Special attention must be given to the galiing resistance of both materiais. As the

resistance of different material combinations is often not known, the choice of

materials shouid be based on experimental data or on experience. Generally the
foliowing can be siated:

« galling resistance is very dependent on the material combination,

» the higher the hardness of material, the betier the galling property,

« the hardness difference betwaen both materials should be larger than 50 HB,

= the gailing resistance of the ring material combination is influenced by the tou-
ching velocity of the rotating ring against the stationary ring,

« hard surface coatings, executed by thermo spray or plasma flame spray process
{ceramics or carbides) have a good galling resistance. But if must be ensured
that the coated surface is very weil bonded o the base material. This require-
ment is important in order 1o resist thermal shocks. Surface coating can only be
executed on plain surfaces.

The ranking of materials from the galling danger point of view, is based on expe-
rience {starting with the highest galling resistance):

* bronzes,

* austenitic grey iron,

» hardened steeis with hardness higher than ~ 300 HEB,

» sieels with hardness below ~ 240 HB,

L.5.5. Materials frequently used for the wetted parts of pumps

The choice of material depends heavily on the cost implications, with two possible

extremes:

= low-cost pumps, like standard pumps, having a relatively shorl life and often
resuliing in high running costs,

* high-cost pumps with special materials, in order fo obtain & long life combined
with relatively fow running costs.

A compromise must be reached between the two exiremes, depending very much
on the requirements and guarantees proposed by the client, in conjunction with the
life cycle costs (LCC). An overview of the possible materials to be used for the wet-
ted parts of the pump elements is shown in Tables L.5.1 and L.5.2. No iimilations
due to uniform corrosion or velocity influence on the corrosion rate are given in the
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above-mgntionacﬁ tables. When special operating conditions and guarantees have
to be fuifilied (e.g. cavitation erosion rates) in conjunction with the requirement for

optimal LCC, a special pump design in combination with higher quality materials
must be chosen.

Table L.5.3. shows the recommendations for the most economical choice of mate-
rials for some well-defined fluids, and for the most important elements of a centri-
fugal pump. Standard pump designs have clearly-defined pressure and tempera-
ture ranges, speed limits and fluid characteristics, and are frequently made of the
materials shown in Tables 1..5.1. and L.5.2.

Some remarks on the selection of materials for different types of water, with regard
to corrosion:

plean hon-aggressive water: In most cases the whole pump is executed in cast
iron or with an iron casing combined with bronze internals,

Sea water (corrosive medium without H28): Sea water has about 75% salt con-
tent in the form of sodium chioride, consequently the pH value is usually between
7,5 and 8,5. Cast iron is only to be used for the casing at very low flow vejocities.
Unalloyed steels should not be used. Ni-resist can be used for the pumyp parts, but
only up to flow velogities of about 20 m/s. Sn-bronze or Al-bronze with a high resi-
stance to pitting corrosion can be used up to about 30 m/s.

Sea water with HzS content: Cast Cr steels with a higher Cr content should not
be used, as they are susceptible to local corrosion attacks, and the PRE is lower
than 20. For sea water with elevated temperatures, materials with a higher PRE
should be used, such as austenitic Cr-Ni steels with a PRE > 25, For sea water
vyim a high content of chiorides and HzS, and with low pH values, austenitic-ferri-
tic duplex stesls with a PRE 2 33 should be used {see also Table L.5.2).
Recommendations for other fluids are given in Table L.5.3.
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cast GG 25 0.6025 A 48 Class 40

fron
cast GGG 40 0.7040 A5K36 Grade 60-40-18
ron
cast GGG 50 0.7050 A 536 Grade 60-45-12
iron
austen. cast GGL-NICr20 2 0.6660 A 436 Type 2
iron, Ni-resist
cast GS-C25 10619 A 216 Grade WCB
stee]
cast GS-17 CriMoV & 11 1.7706 A 356 Grade 9
sieel .
steel- CK 45 1.1191 A 108 Girade 1045
_hon gast AEBTH
Cr stesl- X20Cri3 1.4021 A 276 Type 420
cast G-X5CNi134 1.4313 AT43 Grade CA-6NM
Cr steel o ATET
cast G-X5CrNiMo 16 5 1.4405 A 743 Grade CA-6NM
Cr steel
CrNi steel- X2CrNi18 8 1.4306 A278 Type 304 L
non cast
cast G-X6CNi 189 1.4308 A 35t Grade CF8
_CINi steel . A 741
CriNi steel- X 2 CrNiMoN 18 12 1.4408 A 276 Type 316 LN
non cast
cast G-X 6 CrNiMo 1.4408 A 351 Grade CFaM
_CrNi steel 18.10 A 743
cast G-X 7 CrNiMoNb 1.4581 A 351 Grade
CrNi steet 18 10 CF-10MC
duplex steel- XB8CrNiMo 27 58 1.4460
non cast
duplex steel- X2CrNiMoN 225 14462 A 276 Grade XM-26
non cast
cast G-X3CrNIMON 26 6 3 1.4468 AT743 Grade CD-4M
duplex stee|
cast G-X 7NiCrMoCuNb  1.4500 A 351 Grade CN-7TM
NICrMo steel 25 20 A 743
cast G-Cu8Sn 10 2.1050.01 B 427 € 90700
Sn bronze
cast G-CuAl 10 Ni 2.0975.01 B 148 C 95800
Al bronze

Table 1..5.1 Designaltions of frequently used materials for pump parts
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.material:nr.
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EN-10027-2.- : K SR I
0.6025 230 impeller, wear ring,
cover
0.7040 250 casing,
impeller
0.7050 320 casing,
impeller
0.6660 210 casing,
impeller
1.0619 245 casing
1.7706 440 casing
1.1191 310 shaft,
wear ring
1.4021 1214 450 shaft,
wear ring
1.4313 1214 540 casing, impeller,
diffuser
1.4405 17 -23 540 casing
1.4306 17 - 20 205 shaft
1.4308 17 - 20 175 casing,
impelier
1.4406 23-33 280 shaft
1.4408 24 - 28 175 casing, impslier,
wear ring
1.45881 24 - 27 185 casing, impeller,
wear nng
1.4460 30-34 450 shaft,
wear ring
1.4462 30— 35 450 shaft
1.4468 32 - 36 450 casing, impetler,
diffuser
1.4500 27 - 33 185 casing, impeiler,
wear ring
2.1050.01 130 casing, impeller,
diffuser
2.0875.01 270 impeller,
diffuser

Table L.5.2 Recommendations for materials for different pump parts
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- o materialar wear ring casing impelier shaft
- DINITOOT diffuser
EN10027-2
clean water 0.6025 0.6025 0.6025 1.1191
0.7040 0.6025 2.1080.01
sea water without HaS 2.1050.01 0.6025 2.1050.01  1.4306
0.7040 O 7040
salf waler
(small amount of Cl} 2.1050.01 0.6025 2.1050.01 1.4306
pH ~ 75185
water from underground, 1.4460 1.4500 1.4500 1.4460
formation water for
injecion pH > 50
boiler feed {Oz free) 1.4313 1.4313 1.4313 1.4306
T£180°C
condensate water, 2.1050.01 0.6025 2.1050.01 1.1191
softened and
demineralised
sewage water 2.1050.01 0.7040 0.8025 11181
0.6025 1.0619 2108001 -
hydrocarbons, fuel, 1.1191 0.7040 0.6026 1.1191
lubricant, paraffin, 0.6025 1.0619 2.1050.01
propane (cold)
crude oit (hot} 1.06189 1.0619 1.0619 1.1191

Table L.5.3 Material selection table for the most economical execution of cenlri-
fugal pumps (single-stage with spiral casing; multi-stage with diffuser)
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M. QUALITY ASSURANCE

M.1 General

The Quality Assurance Policy of the whole Termomeccanica Group is underlined
in the following Management Commitment:
"The Quality Assurance System of the Termomeecanica Group has been sstablis-
ﬁed with the aim of directing ali the Companies of the Group to implement speci-
fic QA programs in compliance with the present Management Commitment . in
order to maintain the highest competitivenass on the market, the Managemaent of
the Termomeccanica Group is fully aware of the necessity to continuously impro-
ve the performance of the products as well as of the services and the organisatio-
nal structure.

Followéng on from this commitment, the Quality Assurance programs of the

Companies shalf adhere to the foliowing basic guidelines:

* The Companies shali recognise QUALITY to be the main target of their activities.

» Efforts to assure total Customer satisfaction in terms of performance and refiabi-
lity shall be a permanent key factor in all the Companies’ processes.

* The fundamentals for continuous improvement shall be strictly applied by all
employees; each of them is responsible for acting in agreement with such fun-
damentals,

* The Company shall promote a cuiture change in people towards the criteria of
“Certified Quality Programs”.

The Quality Assurance Programs of Termomeccanica Group as well as the ones

of the Companies shall comply with ISO 8001 or IS0 9002.“

M.2. Quality Assurance of TM.P s.p.A.- Termomeccanica Pompe

The Quality Assurance Program of TM.P. 5.p.A has been designed in compliance
v_va'th the requirements of Standard UN! EN SO 9001, 1994 edition, and was certi-
fied by Lloyd’s Register at the beginning of 1996, Through yearly audits the same
organisation confirms the validily of the system. The rules of the Quality Assurance
Systemn are described in the following documents:

« Company Quality Manual,

* Procedures,

* Operating Instructions.,

All the act‘ivitées and processes of the company are governed by the above docu-
ments which also define the relevant responsibifities.

Major topics in the Quality Assurance Program:
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Design and Engineering

For each specific job the design and engineering process are defined and planned
in & suitable document, issued by the Project Engineer appointed for the work; this
document is reviewed by the Quality Engineer and the Project Manager. From this
document the Project Engineer identifies the various stages of the design process,
and makes sure that ali input data and technical requirements are fully identified
and availabie, including quality and safety requirements. In addition, the persons
responsible for the different processes are assigned, the internal and external
interface organisations are specified, warning points are highlighted and design
verifications or validations planned where necessary. For very large and/or critical
projects the company management can require the job to be governed by a spe-
cific Quality Plan.

Quality Plan

The Quality Plan is a document prepared by the Project Manager in cooperation
with the QA Manager with the aim of defining the working team, responsibilities,
and procedures to be applied in a particular project, in order to conform the stan-
dards of the Quality Assurance Program o the special requirements of the con-
tract.

Quality Control Plan
The Quality Control Plan is the document listing the destructive and non-gdestruc-

tive examinations to be carried out during manufacturing on the main parts of the
pump as well as on sub-assemblies {rotor, pressure boundaries, etc.} and the fuily
assembled unit, with reference to the applicable technical specifications and
acceptance criteria. Hold points, witnessed tests and quality certificate issues are
specified on this document.

Three different quality jevels can be apptied, depending on the severily of the ope-
rating conditions, on critical matters of the design, and on contractual require-
ments.

A sample of a Quality Control Plan is shown in Fig.M.2.1.

Procurement and Logistics
Procurement and logistics are governed by procedures and working ingtructions
which ensure a proper supply management system {supptiers' qualification
records, vendor rating, etc.}, including handling, storage, traceability, packing and
transportation of materials.

in compliance with the applicabie Quality Control Plans, manyfacturing, assem-
bling and testing are carried out in the workshop through detatled work-sheets,
which specify methods and machining tocls to be used, measurements and instru-
mentation, and records and certificates 1o be made availabie.

The calibration of instruments is carried out according to specific instructions, and
certified by adequate documents issued, at regular intervais, by the Quality
Control Department.
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N. Testing
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Fig. M.2.1 Example of a Quality Control Plan
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N.1. Hydrostatic tests

The aim of a hydrostatic test is 1o check that a pump will not leak or fail structu-
raliy when subjected to hydrostatic pressure. Each part of the pump which con-
tains fluid should be abie to withstand the test pressure. Several standards exist
which define test parameters and procedure,

According to AP 610/8 and ANSI/HI 1.6/94 the test should be conducted on either
the assembled pump or on the pressure-containing parts. This means that double-
casing pumps, horizontal multi-stage pumps, and other designs of pumps may be
segmentally tested with different pressures. The gaskets used during the hydro-
static testing of an assembled pressure casing must be of the same design as
those 1o be supplied with the pump. Provision should be made to vent all the air in
the tops of the items.

The test pressure prescribed by AP is 150% of the maximum aliowable pressure
for which the part is designed, when operating at the maximum allowable tempe-
rature. According to ANSI/HI 1.6/94 the greater of the two pressures should be
taken for hydrostatic tests: 150% of the maximum allowed working pressure {same
as AP)) or 125% of the pressure which would occur with a closed discharge valve.
In all cases suction pressure must be taken into account. if the part tested has fo
operate at a temperature at which the strength of the material is below s strength
at room temperaturs, the hydrostatic test pressure must be multiplied by a factor
cbtained by dividing the allowable working stress for the malerial af room tempe-
rature by that at operating temperature.

The test pressure should be maintained for a sufficient period of time 1o permit
complete examination of the parts under pressure. The hydrostatic test will be con-
sidered satistactory when no leaks or structural failures are ohserved for & mini-
mum of:

* 30 min - API

« 3 min (pumps under 75 kW} or 10 min (pumps over 75 kW) - ANSIHI

N.2. Performance and NPSH tests

N.2.1. General

Performance and NPSH tests deal with the pump only, and not with the complete
pump unit. Normally they are performed for one of the following purposes:
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* research and development,
* acceptance tests - checking of contractual guarantees,

They can be divided in the following way:

Model tesis

Test rigs for model testing usually have a high measuring accuracy. Models are
tested for the following purposes:

* development of new designs; a comparison of the performances of several
modets is possible,
* with model acceptance tests the pump purchaser gets an assurance that gua-
rantees are being met; they can replace shop and field tests
Model acceptance tests are practical, because they precede the final design of the
prototype; .they_ provide an advance assurance of performance and make altera-
tions possible in time for incorporation in the prototype unit, The model shouid
have::‘ a complete geometric similarity to the prototype in all wetted parns between
the intake and discharge sections of the pump. Model tests are performed with
clean cold water. If the real fluid pumped by the prototype (actual) pump is diffe-
rent, correction of the characteristics is needed (see sections N.2.5 and section K}.
To get ga}tsfactow results, the minimum model impelier outlet diameter is D2 = 300
mm, minimum Re number related to Dz Re = 3.108, and the ratio between the pro-
totype and model Re numbers should be less than 15. In high head pumps (Hst 2
600 m), cavitation bubble patterns for the suction stage can also be determined in
model tests. From the cavitation bubbie length obtained by visual observation an
impeller lifetime guarantee can be given {see section C}.

Shop tests

T_h'ese are performed in the pump manutacturer’s taboratory under controlled con-
ditions and are usually assumed to be the most accurate tests. They are also cal-
led laboratory or factory acceptance tests. According to different standards, the
pump may be tested at a lower or higher speed if the test cannot be run at the
rated speed, due to power limitations, electrical frequency or other reasons.
f‘%egargimg guarantees for vibration (bearings or shaft), a shop test can give cnly
indicative results, as the latter are influenced by the rigidity of the fixing of the
pump to the elastic foundation of the test bed. See also section H.

Field tests are performed on site during normal operation. The accuracy and relia-
bnisty of fleid-te;siing depend on the instrumentation used and the instaltation.
D_u_npg the design phase of the installation it is important to consider also the pos-
sibifities for pump testing. The suction and delivery pipelines should be of sufficient
length to create adequate conditions for static pressufe measurements,
Nowadays many pumping stations are already equipped with flowmeters. If
mutually agreed, field tests can be used as acceptance tests.

Field tests are often performed periodically to asses the pump’s condition as a
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function of operating time in order to discover the effects of wear or of a change in
the system characteristic. It is important that tests are always carried out by the

same instruments and according to the same procedure.
in order to simplify understanding batween the pump manufacturer and the pur-

chaser, and fo reduce the extent of the part of the agreement concerning testing,

the test procedures are written down in different Standards. Requirements or

recommendations about the following topics are contained in varicus Standards:

= erminology and definitions

« test arrangements (closed and open test rigs for performance and NPSH tests efc.)

» test conditions {fluid and temperature — usually clean cold water, rofational
speed, stability of operation — permissible fluctuations in readings etc.)

* instruments and permissible measuring uncertainties,

= calculation of test resulls to the guaraniee conditions

» verification of guarantees

» test report

Standards usually define three quality classes regarding acceptance criteria and

measuring accuracy:

* Pracision Class — high level mainly used for research, development and scienti-
fic work in laboratories, usually not used as an acceptance test code, exceplions
are very big pumps (over 10 MW), where Engineering Grade 1 is 100 inaccurate

* Engineering Grade 1-middle level, acceptance tests for pumps between 0.5 and 10 MW

* Engineering Grade 2 — low level: standard pumps manufaciured in series; type
testing

The Standards for centrifugal pump acceptance lests of Grades 1 and 2 are, for
example:

* 150 9906

* ANSI/HI 1.6 and 2.6 (Vertical pump tests)

* DIN 1944

Modetl acceptance tests are usually carried out according to special Standards,
where tolerances regarding the geometric similarity between model and prototype
are also defined (for example JIS B 8327 or IEC 497). Model pump performance
and NPSH characteristics are often accepted according to one Standard (for
example IS0 9906), while geometry control is carried out according to another (for
example {EC 4897),

N.2.2. Testing arrangements

Testing arrangements can be basically divided into closed and open systems, A
typical closed system test rig for performance and NPSH lests is in Fig. N.2.1. The
pump being tested sucks water from a suction tank, which should be volumetrically
large enough, through a suction pipe of a minimum length of 7 D. In order {o obtain
a swirl-free flow into the pump, and symmetrical velocity and uniform static pres-
sure distribution, one or more flow straighteners shouid be installed. The instru-
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ment for measuring the suction pressure should be suitable for measuring the
complete range of suction pressures, whether positive or negative. On the dis-
charge side an instrument is installed for measuring the discharge pressure. A
flowmeter is installed in the discharge pipe. The required iength of straight pipe in
front of the flowmeter depends on the flowmeter, and should be long enough, and
usually a flow straightener is required additionally. A control valve or similar devi-
ce should be installed to change the tested pump operating point. NPSH testing is
provided by lowering of raising the suction pressure. Connections from the suction
tank to the vacuum pump, or to compressed air (or gas, usually nitrogen) are fit-
ted for changing the suction pressure. The NPSH range for closed systems is unli-
mited. During the testing of an NPSH below 4 m there is a danger that air coming
out of the water could influence the results, It is advisable to run the test rig at a
low NPSH for about one hour before beginning the test. Any dissolved air has to
ba sucked out by means of a vacuum pump.

prassure
/& .. suction tank gauge

damging
1oE | fow device
aimosphere R distributor
CaMpessor thermometer
=D 22D
veoum - | tested m
pump o o
e * - pump
™ i

.
e

heating or
“cooling coil
L. _ - J
\ T P
control C
Vaive flowmeter flow

straightener
auxiliary pump, if additional pressure is required
(testing until H = 0, or four quadrant test)

Figure N.2.1 Closed system test rig

H the test rig is an open system, the pump suction pressure is decreased either by
lowering the water level in the suction sump or by throttiing on the suction side
{Fig. N.2.2). The highest NPSH level is limited to about 8 m and the lowest to
about 2 m. In the case of throttiing by a valve on the suction side, the valve should
be executed without pressure recuperation in order io prevent cavitation.
Otherwise the danger would exist of the air in the valve dissolving due to under-
pressure, which could influence the NPSH values measured.
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An 180 Standard prescribes the distance between pump suction and discharge
flanges and pressure tappings: it should be 2 pipe diameters for Grade 1;1 for
Grade 2, pressure tappings may be located an the flanges themselves, i the ks_r;e-
tic part of the total head is not too high. To minimise the influence of asymmetrical
flow conditions, instruments for pressure measuremen! should be connected 10
the pipe through four tappings for Grade 1, while for Grade 2 one pressure fapping
is enough (Fig. N.2.3). _
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a) varying of water level b} throttling

Figure N.2.2 Open system test rig - varying of suction pressure

3 - to pressure gauge
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l=25d
r < d/t0
a) four tappings b} one tapping c) pressure tapping
{grade 1} {grade 2) geometry

Figure N.2.3 Pressure tappings
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Standard ANSI/Hl 2.6 describes the tesling of vertical centrifugal pumps.
Protolype pumps are usually tested in an open system test rig {Fig. N.2.4).
Industrial praclice is to permit the testing of the bowl assembly for hydraulic per-
formance, since test pit depth limitations, discharge head, physical constraints like
elbows, etc. make the testing of complete pumps impractical. It is important, espe-
cially for pumps operating at high fiow rates and low heads, that the test inlet con-
ditions are as similar 1o actual operating conditions as possible. In order o prevent
disturbances due to a return flow to the sump, the recommendations from section
J.1. {pump intakes) should be followed. It is important that the outlet of the dis-
charge pipe is always under the water level. When test facility limitations do not
permit fuil stage testing, it is permissible to perform reduced stage tests. The clo-
sed loop test rigs are used when model rather than prototype testing is performed.

i acceptance tests are being performed according to a particular Standard, the
selection of measuring instruments is given in it. i mutually agreed by both par-
ties, it is also possible to introduce other measuring instruments and procedures,
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Figure N.2.4 Vertical pump testing
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N.2.3. Measuring accuracy, permissible reading fluctuations and
performance tolerances

ENJSO Standar s . 9908(1999) 5198 (1987)

Accuracy grade Grade 2 Grade 1 Precision
class

Permissible ampiitude of fluctuations

as a percentage of mean value:

« flow rate, total head, torque, power 6% + 3% + 3%

» speed of rofation + 2% + 1% + 1%

Permissible values of overall

measurement uncertainties:

« flow rate Q + 3.5% x 2.0% + 1.5%

» speed of rotation n + 2.0% + 0.5% + 0.2%

* torque M +3.0% + 1.4% -

* pumyp total head H +5.5% + 1.5% + 1%

* giriver power input Pr x 5.6% + 1.5% -

* purmnp power input P {computed + 5.5% + 1.5% + 1%

from torque M and speed
of rotation n}
» pump powser input P {computed 1+ 4.0% + 2.0% + 1.3%
fromn driver power Pg and motor
efficiency mymo)
*» pump efficiency 1y (computed +8.1% * 2.9% + 2.25%
from Q, H, Mandn)
» pump efficiency h {computed
from Q, H, Py and fjmet} + 68.4% + 3.2% + 2.25%
Tolerance factors™:

= flow rate —to + 8% +4.5% -
* pump total head ~ + 5% = 3% -
* pump sfficiency - iy - 5% - 3% -
* NPSHreq - tnpstieq @ greater between + 6% or + 3% or

+ 0.30 m + 0,156 m -

* To simplify the verification of guaranteed values, tolerance factors are introdu-
ced. in tolerance factors the overall measuring and manufacturing uncertainties
are incorporated (see section N.2.4).

Table N.2.1 Measuring accuracy, permissible reading fluctuations and
performance tolerances according to EN 150 Standards
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ANSIHI Standard. .

Accuracy grade

Permissible amplitude of fluctuations
as a perceniage of mean value:

* {low rate, differenttal head, suction + 2%
head, discharge head, pump power input
* speead of rotation + 0.3%

Permissible values of overall
measurement uncerainties:

« flow rate Q + 1.5% {1% for vertical pumps)
* speed of rotation n *0.3%
« differential head H £ 1.0%
» discharge head HY +0.5%
* suction head HS * 0.5%

* pump power input P % 1.5% (0.75% for vertical pumps)

Head tolerances at rated capacity:

* H < 60 m, < 680 mah + 8%, -0 + 5%, - 3%

*H < 60 m, Q> 680 mih + 5%, -0 + 5%, - 3%

*50m<MH <115 m, any Q + 5%, -0 + 5%, - 3%

*H> 115 m, any Q +3%, -0 + 5%, -0

* minimum efficiency ne* mmioo
}20/ ?}; w32

Flow rate tolerances at rated head:

«flow rate +10%, - 0 + 5%, -5%

» minimum efficiency ne _ e
120/n, - 0.2

* nip is the contract pump or unit efficiency for Grade A, and the published nomi-
nal efficiency for Grade B

For vertical pumps only Grade A performance tolerances {head or flow rate and
efficiency) are valid.

Table N.2.2 Measuring accuracy, permissible reading fluctuations and perfor-
mance tolerances according to ANSI/HI Standards
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610/8
Rated point Shut-off
Performance tolerances:
*H<150m + 5%, -2% +10%, -10%
*150m<H<300m + 3%, 2% +8%, 8%
*H>300m + 2%, 2% +5%, -3%
Rated power + 4% -

Rated NPSHreq + 0% -

EHiciency is not a rating value
and is for information only

According to Standard AP! 610/8, performance and NPSH tests should be con-
ducted in accordance with the Hydraulic Institute {H1) Standards.

Table N.2.3 Performance lolerances according fo Standard AP 610/8

N.2.4, Fulfiiment of guarantee

According to Standard EN 150 9908, the test results should be converted 1o the
specified speed {see section N.2.5.).

A tolerance cross with the horizonta! line #to.Qs and the vertical fine +tu.Ha is
drawn through the guarantee point Qg Ha (Figure N.2.5.). The guarantees of the
head and flow rate are met if the Q-H curve culs, or at least touches, the vertical
and/or horizontal line.

The efficiency should be derived from the measured Q-H curve where it is inter-
sected by a straight line passing through the specified duty point Qg He and the
zero of the Q and H axes, and from where a vertical line intersects the Q-1 curve.

The guaraniee condition on efficiency is within tolerances if the efficiency value at
this point of intersection is higher or at least equal to 116.(1-tx).

The NPSH guarantee is met if one of the following formulas is valid:
. (NPSHrsq)G + InPgHreq. (NPSH{O{;}G z (NPSHreq)maasuted
* (NPSHreg)G + (0.15 m, respectively 0.3 m} 2 (NPSHreq)ineasured

For performance tolerances see section N.2.3.
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e

o .
é A /-

Figure N.2.5 Verification of guarantee on fiow rate, head and efficiency according
to Standard EN 150 9906

Qe Q

Agccording o Standards ANSI/HI and AP, guarantees are fulfilled if at rated capacity
the pump head, power and efficiency are within prescribed tolerances, or at rated
flow rate the head, power and efficiency are within tolerances (see section N.2.3).

N.2.5. Conversion of test results

Pump characteristics are generally measured under conditions more or less diffe-
rent from those on which the guarantee is based. In order to determine whether
the guarantee would have been fulfilied if the tests had been conducted under the
guarantee conditions, it is necessary to convert the vaiues measured under diffe-
rent conditions to those measured under guarantee conditions.

EN 180 9906 states that, unless specified in the contract, tests may be carried out
at a speed of rotation within the range of 50% to 120% of the specified speed, in
order to establish the flow rate, pump total head and power input. However, it
should pe noted that when departing by more than 20% from the specified speed
of rotation, the efficiency may be affected. For NPSH tests, the speed of rotation
should lie within the range of 80% to 120% of the specified speed of rotation.
The measured data (index 1) can be converted o specified speed of rotation
{index 2) and density by means of the following equations:
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Prototype pump acceptance test Model pump acceptance lest

3
=0 #| =0 x| T Di

&0 [”1} @re (Hl) [Dn]

2 : 2

H,=H, *{El) H,=H* (”"} # ({)2]
" . a, b,

3 3 5
n [ a o, P

X 2 o2
NPSH, = NPSH, * &1 NPSH, = NPSH, * M|l By

: 1, g2
11, = 7, or ace. to efficiency correction 71, or acc. to efficiency correction

formula formula

Exponent x =2 may be used, if the speed of rotation is within acceptable limits and
the physical state of the liquid at the impeller inlet is such that no gas separation
can affect the operation of the pump. I the pump operates near its cavitation limits,
or the deviation of the test speed from the specified speed is 100 high, values for
exponent x of between 1,3 and 2 have been observed, and an agreement between
the two parties is needed to establish the conversion formula (EN 158G 8906},

Efficiency correction formulas

Because of differing percentages of hydraulic, volumetric and mechanicai josses

in the total pump efficiency, due to different conditions in the test and during ope-

ration, It may be agreed in the contract that the efficiency can be converted accor-

ding to one of the correction formulas for hydrodynamic machines, for the fallowing

reasons:

» the deviations in speed of rotation during the est are greater than allowed in the
standards

» the viscosities of the liquids pumped in the test and in operation are different
because of different fluid temperatures or different fluids

» the acceptance tests are performed on model pumps, so pump and prototype
diameters are different. The efficiency of the model will not be exactly equal 1o
that of the prototype. For example, the relative surface roughness is different
(different hydraulic efficiency), the running clearances and bearing sizes are
usuaity not modelied (different volumetric and mechanical losses).

All the efficiency correction formulas are applied solely for the besl efficiency point.
The following are used most often:

BN

Y b

ANSIHL 7, =1-(1- ni)*(m%] *{WL}

v

i), y=0,05100,1; w=01t0026
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The formula considers variations in temperature of the liquid pumped during tests
and in operation, causing changes in viscosity {coefficient y), and the different dia-
meters for the mode! and prototype pumps (coefficient w). The selection of coeffi-
cients y and w should be mutually agreed between the pump manufacturer and
the purchaser, and should be based on all available test data of a similar nature,
usually according fo the pump manufacturer's experience.

0.37 wo7 \Y!
Karassik: 15, = 1, * {ng + ((1 —m,)* (.."L) * (KLJ }
#

e 4
This formula is not convenient for model tests, it is often used when guarantees
for the prototype pump cannot be tested at full speed and operating temperature,
due to test rig limitations. The increased efficiency is caicuiated on the basis of the
measured total efficiency obtained at different speeds and temperatures, and also

includes improvements for different losses which are not influenced by the Re
number,

[) .4 .2 9.2
Hutton: 1, =h~(1-7)%[ 03407+ 20| #/ B | %2
D, y v,

The Hutton formula deals with internal efficiency (see section A), because it is
based on the reduction of the josses related to the Re number only — hydraulic and
volumetric losses. The efficiency improvement does not include changes in
mechanical losses, which should be evaluated separately, and total efficiency
should be corrected accordingly.

N.3. Optional tests

If sp@cﬁied, additional tests can be carried out during model, shop or field tests. The
details must be mutually agreed by the pump manufacturer and the purchaser,

« Comptete unit test: the pump and driver train, complete with ail auxiliaries that
make up the unit, should be tested together.

= Three quadrant characteristics; these are needed for water hammer calculation,
and are usually performed during model testing.

water pumps.

* Sound level {est (see saction G)

« Axial thrusl (see section F): the axial thrust should be measured on all model
pumgps which are the basis for prototype pumps, It is also recommended to mea-
sure the axial thrust in prototype pumps during shop tests. A guarantee is often
given for special versions of bigger pumps for the direction and maximal amount
of the axial thrust. The measurement must demonstrate the fulfilling of the gua-
rantees. It is usually performed on a test stand at the same fime as the perfor-
mance test, but field-lesting is also possible.

* Radial thrust (see section F)

* Vibration in bearing housing or shaft (see section H) and bearing temperature.
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O. LIFE CYCLE COSTS

0.1 Introduction

in most pumping systems, aithough the pump rapresents one of the instalied com-
ponents which has relatively low investment costs, it influences decisively the
availability and economy of the whole system. It is therefore understandable that
in the future the end-user will pay greater attention to the machine, although a
pump is characterised as a technically mature product.

More attention will be given in future to reducing the life cycle costs (LCC), which
represent the total cost in the whole lifetime of the pump. The question of the rele-
vant cost elements of the L.CC of the pumping system must therefore be clarified,
and the main influencing factors must be stated, as considerations of the LCcC
have a great influsnce on the total business process. This influences not only the
philosophy on the user side, but also on the side of the pump manufacturer, as well
as decisions in the procurement process. Today procurement decisions are mostly
based on the initial investment costs, which often represents only about 10-20%
of the total LCC. In future, in order o oblain the optimal pumping systemn, initial
investment costs will no longer be decisive. Life cycle costs (LCC) will became the
deciding factor.

This guide, produced by the Hydraulic Institute and Europump, gives a complete
model for estimating the total costs for the lite cycle of a pumping system {L.CC},
including all the imporiant pump parameters, as well as those for the associated
auxitiary equipment.

itis 1o be expected that users will pay more attention to the guidelines for deter-

mining the LCC. However, the application of LCC requires a very radical rethinking
by all the participants who influence the planning of pumping sysiems. Not only
engineers and purchasers, but also end-user managess are responsible for pro-
duction, maintenance and repair. The optimisation of the pumping systerm from the
LCC point of view means not only minimising the pressure losses in the piping
system, and maximising the efficiency in order to save energy COsts, but alse
making the best choice of pump design, which would require a minimum naed for
spare parts service, and also require the shortest repair times.

During the procurement phase, the LCC can be optimised by comparing the indi-
vidual cost elements for different atternatives with well-defined operating data for
the pumping system. Based on these results, it is possible o decide on the opti-
mum type of centrifugal pump and associated equipment to be purchased. As
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O. Life cycle costs

direct relationships do not exist between the different elements of the LCC that

influence tﬁe economy of the pumping system, the contribution of each element to
the reduction in the total cost has 10 be considered.

0.2 Elements of LCC and their definitions

0.2.1 Calculation of life cycie costs

Based on the study by Europump and the Hydraulic Instifute, the following cost
elements determine the life cycle costs - LCC:

LOC=C +C+C,+C,+C, +C, +C, +C,

LCC elements are also shown graphically in Fig. 0.2.1.
Ca

Co

Figure 0.2.1 Elements of LCC
C.2.2 Description of LCC elements

Cic - Initial investment costs of the pump, pumping system, piping and
auxiliary services

Thei tayout of the pumping system is one of the most important factors of the ini-
t:_ai investment costs Ci. For installations with a long pipe length especially, the
pipe, valve and fitting diameters are of decisive importance, since they have a big
influence on _Ehe material costs. The smaller the pipe diameter, the higher the
pump power input must be, due to higher pressure losses. This results in higher
energy {:on_sumptson, and therefore leads to higher energy costs Ce. An example
o? the ciustflbution of the energy costs Ce and the initial investments costs Ci for
different pipeline diameters D is shown schematically in Fig. 0.2.2,
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Fig. 0.2.2 Comparison of initial investment costs Cic and energy costs Ce for dif-
farent pipeline diameters D

An additional important factor is the correct choice of material for ait the equip-
ment, depending on the properties of the pumped fiuid. This can be of decisive
importance for the wear rates of the pump elements, due to possible corrosive or
abrasive attacks by the fluid.

The initial Investment costs Cic must also involve all the auxiliary services. This is
especially important when scarce resources are invoived.

Cin - Instaliation costs including the costs of space required for the pumping
station

The possibility of dividing the pumping work among several pumps allows not only
the optimisation of the energy costs Ce, but also of the space requirements for the
station and the necessary excavation costs. Another parameter which influences
the installation costs Ci is pump rotational speed (see example in Fig.0.2.3). With
a rising pump speed n the pump submergence, and with this the requirements
regarding NPSHav, also increase. Increased submergence means deeper excava-
fion for the pumping station and consequently higher installation costs Cw. On the
other hand, raising the pump speed means a smaller pumg, and thus reduced ini-
tal investment costs Cic for pumps and motors, The choice of pump speed n is
directly connected with pump specific speed ng and defines the pump's basic
hydraulic design. Each pump type has a region of ng which is optimal from the effi-
clency point of view. In this region the energy consumption, and with this the
energy costs Ce, are minimal. Quiside this region the energy costs are higher (see
Fig. 0.2.3).

in addition, installation costs Cin must aiso include the use of special tools, as weli
as the necessary equipment for instailing and repairing the pump and its auxiliary
elements.
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Figure 0.2.3 Comparisqn of installation costs Cin, initial investment costs Cic and
energy costs Ce for pumping stations with different requirements of NPSHay

Ce - Predicted energy costs for the pumping system operation

The' energy c;)sts Ce, which also include the costs for possible driver control and
a_uxxlfary serv;ces_, are usyally one of the larger cost elements. They have a deci-
sive importance if the pumps are operating for more than 2000 hours per annum,

”{he energy costs are especially relevant when they are of the same magnitude or
higher than the initial investment costs: Ce > Cie.

The energy-saving potentials of different pump types and their applications also
have to pe taken info account when determining the LCC. A high energy-saving
potential is presented especially by large pumps with continuous operation: pumps
fgr power plants, water or oil transport, well pumps and cooling system pumps for
different processes. An energy-saving potential also exists in small purnps, such
as housfe!}oid pumps, even if the power input is low. However, a large number of
pumps is involved and consequently absolute energy saving is again large. On the
contrary, the energy-saving potential is small for pumps with intermittent operation

such as pumps in sewage and drainage systems. ,
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When the pumping station flow rate varies considerably over time, the influence of
the number of pumps in operation has a large effect on the energy consumption.
By dividing the total flow over several pumps, the optimum number of pumps in
operation can be determined. in stuch cases the possibility of an additional speed
controf for the pump drive is often refevant and has to be investigated in order to
see whether there is an economic justification. By varying the above-mentioned
parameters, a final result can be found for the minimum value of the LCC.

important etements influencing the energy costs Ce are: running time per year,
speciiic cost of the energy, head losses in the piping, and pump and driver effi-
ciencies. When analysing costs it also has to be taken into account that the energy
costs Ce are ciosely linked to the initial investment costs Ci and installation costs
Ci, as shown in Figs. 0.2.2 and 0.2.3. The optimal solution can be feund by a
systematic variation of the parameters until the minimum vatue for the LCC is rea-
ched,

Co - Operating labour costs

These costs are the iabour costs under normal system supervision, and are basi-
cally refated to the operation of the whole pumping system, and can be strongly
influenced by the complexity of the system. Large reductions in cosis can be
obtained with a fully automated system. Such a system requires reduced supervi-
sion, and normally includes the measurement of pressure, temperature, power
consumption, flow, and also in many cases pump vibration. Changes in these data
alert the operator and give him the possibility of taking corrective measures. Such
autornatic supervision increases the initial investment costs Ci, but also reduces
decisively the operating costs Ce.

Cm - Routine and preventive maintenance costs, including predicted repairs

Maintenance and repair costs can often be of the same order as the enargy costs.
These costs are dominated by expenditure on labour and overheads. It is obvious
that the pump design, inciuding its auxiliary slements, very much influences the
maintenance costs Cm, The maintenance costs can be reduced by programming
in advance the period of annual shutdown, or carrying out overhauls during a
changeover of the processes.

As shown in Fig. 0.2.4 for the three maintenance philosophies, maintenance
planning by the end-user decisively influences the maintenance costs Cm in the
whole pump life cycle.

Different possibilities for carrying out maintenance should be investigated during
the planning phase, in order to minimise expenditure. 1t is obvious that different
maintenance philosophies lead to diffierent maintenance costs Cm; but on the other
hand they also influence the initial investment costs Ci, due to the cosls of instru-
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ments and monitoring systems. However, with a higher degree of maintenance,
the MTBF {mean tirne between failures) can be drastically reduced. The trends in
the wear in different elements of the pump, extrapolated on the basis of past expe-
rience, will make it possible to decide on the most economical time for senvicing.
thus avoiding unforeseen breakdowns.

requirements ‘maintenance . 7
B ~philosophy -y
operate untit » uncertain availability
failure » only for redundant systems
= high repair costs
maintenance calendar-driven * preventive maintenance

plan ™ haintenance . bfad operation / downtirme ratic
* high maintenance costs
monitoring condition-based * predictive availability

* low machine downtime due to
diagnostic information

system ™ maintenance

Fig. 0.2.4 Influence of maintenance philosophies on different cost parameters
and availability

Cs - Downtime costs as a result of production loss

Unexpected downtime costs, including loss of production, can have a very signifi-
cant influence on the LCC. This is especially the case, where the costs of the lost
energy production (valid for pumps in power plants, and pumping stations for oil
and gas) are unacceptably high. For such cases, a back-up pumping system is
naeded with additional pumps installed in parallel to the pumps in operation. The

initial investment costs Cis then become higher, but the downtime costs Cm are
lower.

Unexpected breakdowns (failures) of a pump or its slements cannct generally be
predicted. Based on stalistics, the pump manufacturer can estimate the MTBF
{mean time between failures) for different types of pump, as well as for the strate-
gic elements of the latier, iike seals, bearings, etc. it must be pointed out that the
level of failure (breakdown), depends heavily on the phase in which the pump ope-
rates within its lfetime (see Fig. 0.2.5). in phase |, representing the commissioning
phase, the level of failure is high. in phase I, the disturbances in the pump system
are practically independent of the running time. They are mostly due to the pump
design quality, and should be very low. In phase ill, the failure rate has a rising ten-
dency, and is a consequence of wear in the different elements of the pump.
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phase | phase I phase 1l

failure rate

time in operation

phase . start-up {ailures
phase ii: time-independant failures
phase ill: wear-induced failures

Fig. 0.2.5 Operating phases during pump lifefime

Cew - Environmental costs

These costs include the disposal of auxiliary equipment and also of contaminated
liquids, the latter varying significantly with the nature of the pumped fluid. In one;
to reduce the amount of ecologically dangerous contamination, some precautions
can be foreseen in the planning stage. However, these measures are connected
to a rise in the initial investment costs Cie, ultimately influgncing the 1L.CC.

Cua - Decommissioning costs, also including local
environmental needs

When the true totat costs of the whole pumping system have 10 be determined,
these costs must be estimated, and the LCC compared for the various alternati-
ves. Usually the results of such investigations show that there is no large diffe-
rence in LCC between the different alternative pumping systems.
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P. GENERAL TABLES

P General lables

quantity S unit “ouantity gt o
name symbol name symbol
length melre m force newton N
mass kilogram kg torque newion-metre Nm
time sacond 5 snergy joule o
etectric current _ampere A power watt W
temperature kelvin K pressure pascal Pa
area square melre  m2 density Ka/rms
volume cubic metre m3 kinematic 2
velocity mis Viscosity mes
acceteration mis2 frequency hertz Hz
rotational speed 1/s

Table P11 SI units

quantity .unit -

length foot 1k 1f=0,3048 m
area square foot 1 1.2 = 0092903 m2
volume cubic foot 1f@ 1 ft3 = 0,0283169 m3

: US gallon Tgal (US) 1gal (US)=3,7851

LK, galion 1gal UKy 1gal(UK)=4,5461

velocity foot per second 1is 1.fts = D.3048 m/s
acceleration_ foot per square second 1 /s 1 ft/sz = 0,3048 mys?
mass pound i 11b = £,453502 kg
force pound force 1 bf 1 bt = 4,44822 N
energy. foot pound § il 1 ftth =1.35582 J
pressuwre  pound per square inch 1 I/in2 1 Ibfin? = 689476 N/m?
density pound per cubic foot 1 ib/Mts 1 I/ = 16,0185 ka/m®
lemperature degree fahrenheit 1°F F=0/5°C 432
Rower . foot pound per second 11t fbrs 18 ib/s = 1.35582 W
kinematic square foot per second 1 fi2/s 1 #t2/s = 0,092903 ma/s

viscosity

Table P2 Conversion of units
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T p p Cp 1
{°C) {bar} (ka/m?) (kdikg.K)  (10¢ kg/m.s} (10% m?/s)
0,01 0.006112 909.8 4,217 1750 1.5
19 Q012271 2997 4,193 1300 130
20 0023368 8998.3 4.182 1000 1.00
30 0,042417 985.7 4,179 197 0.800
40 0073749 902.3 4,179 651 0.656
50 2.12334 988,0 4.181 544 0.551
[11] 0.19%19 883.2 4,185 463 0.471
70 0,31161 Q777 4,190 400 0,409
80 0.47359 971.6 4,197 351 0.361
20 Q.70108 965.2 4.205 311 0,322
100 10132 958.1 4,218 278 0,291
110 1.4326 8507 4,229 252 0.265
120 1.9854 9429 4,245 230 0.244
130 27012 934.6 4,263 211 0.226
140 36136 8258 4,258 195 021
150 4.7597 916.8 4,310 83 Q.197
160 6.1804 907.3 4,339 169 0,186
170 7.9202 897.3 4,371 159 077
180 10,003 886.9 4,408 149 2.168
180 12.552 876.0 4,449 141 0,181
200 15,551 864.7 4,497 134 0,155
210 19,080 8528 4,551 127 0,149
220 23,201 £40.3 4,614 122 0.145
230 27.979 827.3 4,686 116 0,149
240 33480 8136 4770 111 0,136
250 39,776 7983 4.869 107 0,134
260 46,940 7839 4,986 103 0,131
270 55 051 767.8 5126 99,4 0,129
280 84,191 750.5 5.296 96,1 0,128
290 74,448 732.1 5507 93.0 0,187
300 85,917 712.2 5773 80,1 0,127
310 89,697 680.6 6,120 86,5 0,125
320 112,80 666.9 6,586 83,0 0,124
330 128,65 640.5 7.248 79.4 0,124
340 146,08 6103 },270 754 0,124
350 165,37 574.5 10,08 709 0123
360 186,74 5283 14,99 65,3 0,124
370 210,63 4483 53,92 560 0,125
374,15 221,20 31585 oo 45,0 0,143

Table P.3 Characteristic values of waler in saturation state
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gasoline mineral 20 0,88-0,96

lubricating ol acetone CaHsO 0,883 0,868 0,840 0,812 0,791 0,756
- aviation 15 072 naphthalene 19 0.76 ethyl alcohol  CaHeO 0,806 0,789 0,763 0,716 0,649
- light 15 0,68-0,72 | paraffin o 20 0,90-1,02 formic acid ~ CHz02 1,220 1,184
- normai 15 0,72-0,74 petroleum 15 0,79-0,82 aniline Cet7N 1.039 1.022 0,996 0,951
- heavy 15 0,75 vegetable oil 15 0,80-0,97
- premium 15 0,75-0,78 crude oil 20 0,7-1,04 ethyl chioride CzHsCl 0.919 0,892 0,846
beer i5 1,02-1,04 - arabian 0,85 ! ethylene Catae 0,525 0,482 0,482 (346
dieset fuel 15 0,82-0,84 - iranian 0,835 ethylene glycol CeHeOr 1,128 112
gas oll 15 085089 | -kuwail 0.87 benzene  CsHs 0879 0,847 0,793 0,731
goar of 12 0.92 - tibyan 0.83 chlorobenzene CsHsCl 1,128 1,106 1,074 1,019 0,960
tuel oil - fornanian 0,854
-:?;(:;a light 12 2:22:3:2? si"i;’z;‘zzi;;?ia” p” (i)gg?f diethylether  CaHiO 0,816 0,780 0,764 0,736 0,714 0,676 0,611 0,518
- medium 15 0,92-0,99 tar 5 122124 acetic acid CeHaOe 1,048 1,018 0,960 0,896
- heavy 15 0,95-1 00 tar oil : glycerol CaHaOs 1,273 1,267 1,212 1,209
- from residual oil 20 0,89-0,98 - lignite 20 0,88-0,92 iscbutene CaHro ,611 0,584 0,659 0,520
hydraulic oit 20 0.875 - bituminous coal 20 0,9-1.1 hexane Cethiz 0,742 0,721 0,700 0,678 0,669 0,631 0,580 0,520
kerosene 15 0,78-0,82 wine 15 0,99-1,0
maching oil sugar solution methyl alcohol CHsO 0,810 0,792 0,765 0,714 0,850
-~ light 15 0,88-0,90 10% 20 1,04 propane CaHa 0,619 0,590 0,560 0,528 0,501 0,450
- medium 15 0,91-0,835 20% 20 1,08 propylens CaHs 0,580 0,550 0,478
seawater 15 1,02-1,03 30% 20 1,18 toluene Crbis 0,885 0,868 6,838 0,793 0,737
milk 15 1,02-1,05 40% 20 1,28 water H=0 0,999 0,998 0,988 0,958

Tabie P.5 Density of pure liquids as a function of temperature

Table P4 Density of various liquids ;
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coefficient.of linear

specific heat

material denslty modulus of -
sl s “elasticity
“kgfm? “Nmmz

aluminium 2,7 64000 660
antimony 6,62 77400 630
berylium 1,82 287140 1280
bismuth a8 34127 271
brass 8,4 88260 900
bronze

~-CuSn8 8.8 106000 ~ 875

-CuAl10FeBENi S 7.6 118000 ~ 1060
cagmium 8,65 62270 321
chromium 7.2 186330 1880
cobalt 8.9 208685 1495
copper £,96 122580 1083
gold 19,3 77470 1063
iron {cast - GG 25) 7.2 ~ 110000 1300
fron {pure) 7,87 211330 1539
lead 11,34 15680 327
fithium (.53 11470 186
magnesium 1.74 44280 850
mercury 13,55 - - 389
molybdenum 10,2 329800 2625
monet metal 858 155300 1320
nickel 8.9 193000 1455
nighium 8,57 156900 2415
platinum 2145 169850 1776
red brass 8.7 93160 960
sifver 10,47 80020 960
sodium 0.97 8920 S8
sieel

-Ck 35 7,85 202000 1500

- 10 Cr Mo 910 7.76 211000 1500

= 13.Cr Mo 4-4 7.88 213000 1480
lantalym 16.6 184560 3000
tin 7.30 53940 232
Htanium 4,54 103170 1800
tungsten 19,3 407270 3410
vanadium 6,0 147100 1735
zink 7.14 92182 419
zirconium 8,5 68350 1850

Tabie P.7a Physical properiies of metals
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_expansion -
105K kd/kg.K

aluminium 203 24 0,83
antimony 21 10 0,21
berylium 160 12 2.18
bismuth 8,3 12,4 0,14
brass 92 18 0,39
hronze

-CusSns ~ 45 20 0.4

-CuAMl10Fe5Ni b 37 19 0,38
cadmium 92 30,8 0,23
chromium 67 6,2 0,46
cabalt 69 12,3 0,41
copper 384 16,2 0,39
gold 314 14.2 0,13
iron {cast - GG 25} 48 9.0 0,64
iron {pure) 50 49 0,46
lead 35 28 G113
Jithium 71 58 3,31
magnesium 159 24,5 1,05
mercury 8 61 2.14
molybdenum 146 5 0,26
monel metal 25 i4 0,50
nickel g2 13,3 0,44
nichium - 7 0,27
platinum 71 8,9 0,13
red brass 58 17 -
silver 418 19,7 023
sodium 134 72 1,24
steel

-Ck 35 51 12 0,48

- 10 Cr Mo 9-10 44 12,6 0.46

- 13 Cr Mo 4-4 44 12,5 0,46
tantalum 54 6.6 0,156
tin 67 205 0,23
fitanium 17 10,8 0,53
fungsten 201 4.5 013
vanadium - 85 0,50
zink 113 29.8 0,38
zirconium - 10 10,22

Table P7b Physical properties of metais
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Nomenciature

NOMENCLATURE

A area, minimal rolling contact bearing ioad factor
B length (hydrodynamic radial bearing)

BEP best efficiency point

B2 impelier outlet width including shrouds

C rated bearing dynamic load

CNL. cavitation noise level

D diameter

Do hub diameter

1 eye diameter

Er erosion rate

E erosion {depth)

F foree, thrust

Fr Froude number

Fa min minimal required rolling contact bearing axial load
Fas axial force acting on mechanical seal

Foor corrosion factor

Frat material factor

Fa axial thrust

Fg radial thrust

} sound intensity

J moment of inertia

k. tength

LCC life cycle cosls

Leav cavity jength

L sound intensity level

Lp sound pressure level (SPL)

Lw sound power levet

Lion rated rolling contact bearing lifetime (millions of hours)
M torque

N pump rotational speed

NPSH net positive suction head

P powet, power losses, eguivalent dynamic rolling contact bearing load
PC = P/A = 4 PlrD:? power concentration

PRE pitting resistance equivalent

R radius

Re Reynolds number

R tensile strength

S submergence, reiative shaft displacement

Sk racial clearance (wear ring, piston)

So Sommerteld number

T temperature

Q flow rate, volumetric losses, 1SO balance grade
v volume

é factor of radial force (rolling contact bearing calculation)
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specific energy, factor of axial force {roiling contact bearing calculation)

Nomenclature

¥
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=
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WU R PS8 DN <CTRWR

> =g

sound vetocity

absolute veiocity, sound velocity in air, correction coefficient
specific heat of the fluid

diameter, thickness

eccentricity (hydrodynamic radial bearing)

frequency, friction coefficient

acceleration due 1o gravity

gap ‘
constant , coefficient, hydraulic joad factor (mechanical seal)
radial thrust coefficient

radial thrust coefficient at Q=0

mass, number of diametrical nodes defining pressure pattern
speed of rotation

specific speed (European)

specific speed (American}

suction specific speed

pressure, exponant of the roling contact bearing lifetime equation
radius

width (stuffing ring)

time, folerance factor

peripherat velocity

velocily

relative velocity, coefficient in efficiency correction formuia
relative velocity at impeller throat

mass concentration of slurry

coefficient in efficiency correction formula

elevation from the reference plane, number of blades

absolute flow angle, gas content in the fluid

angle, relative fiow angle

compressibility coefficient

kinematic viscosity, order number of impelter or diffuser periodicity
relative eccentricity

efficiency, pump total efficiency, dynamic viscosity

casing angle, cyiindrical coordinates

pressure drop coefficient

Ludolf number

density

density of fluid

density of saturated steam

shear stress

angular speed

head coefficient, relative gap {hydrodynamic radial bearing)

difference



Nomenclature

Indices

a auxiiiary, admissible

av available

b barometiic

bd balancing device

bs back shroud

c casing

ch channel

oV control valve

ct casing throat

d pressure (discharge) side, disc, decommissioning
des design

dp disc/piston

dyn dynamic

<] exit, energy

env enwvironmental

f friction

fs front shroud

g gasket

gas gas

geo geodetic

gr combined motor/pump unit

h hydraulic, horizonal

i internal, incidence, implosion, impuise, inner
ic iscentropic compression, initial investment
imp impeller

in installation

[ feft

lig liquid

loss fosses

m meridional, mechanical, model, mean, maintenance
max maximal

min minimal

mot motor

mis mechanical unbalance

n noise, pump rotational speed

ne non-cavitating

0 auter, operation

opt at optimal duty point (at maximal efficiency)
p piston, pro

p-p peak to peak

pip pipeling

r right, reaction, riser
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Nomenciature
ret reference
req required
8 suction side, screw, spring, seal, solid
sb stuffing box
sh shaft
sl slurry
sr sealing ring
st static, stage
synh synchronous
sys system
t tightening
te turning elbow
ir transition
th theoretical {finite number of blades)
t peripheral component of velocity, useful
v volumetric
VG vertical can
vis viscosity
vp vapour pressure
W water

c..a%:(}’am—no DL -DOUWETT I IONOQOT
o

3%

acceleration, axial, bearing A
blade, bearing B
diameter, excitation
guarantee

head

leakage

motor

nominal

pump

flow rate

reference, radial
temperature

star circuit

delta circuit
efficiency

atQ=0atn=0

impeler inlet, first

impefler outlet, impeller, second
between two stages

at reduced impeller outlet

diftuser inlet or volute tongue, diffuser
at 3% head drop



Graphical symbols

Graphical symbols:

MDI(}M valve

i] control vaive,

throttling device

R = check valve

——  pump,

pumping unit

heat exchanges,
element symbolising
pressure loss

w’ open tank

- closed tank
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